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Abstract

Fuel efficiency is the main IC engine attribute, with the compression ring-bore contact
consuming nearly 5% of the fuel energy. Analyses are often idealised, such as isothermal
condition and smooth surfaces, the former being particularly contrary to practice. An analytic
solution to the average flow model is presented for this contact with a new analytical thermal
model. The generated contact temperatures, particularly at the inlet result in thinner films
than the idealised analyses. For the simulated city driving condition the power loss is mainly
due to viscous shear under cold engine condition, whilst for a hot engine boundary friction
dominates.
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Nomenclature

: Apparent contact area

A
A : Asperity contact area
A,

: Hydrodynamic contact area

b : Ring face-width

B : Damping coefficient

c, - Lubricant specific heat at constant pressure
Cy : Specific heat for the bore/liner material

C,, : Specific heat for the ring’s material

d : Ring radial width (thickness)
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: Reduced (effective) elastic modulus of the contacting pair

- Total friction

: Ring elastic force

: Gas force acting behind the ring

: Boundary friction

> Viscous friction

: Incomplete circular ring’s free end gap (pre-fitment)

: Film thickness

> Minimum film thickness

. Heat transfer coefficient of boundary layer
: Rough surface film thickness

: Thermal conductivity of the lubricant

: Thermal conductivity of the bore/liner

: Thermal conductivity of the ring

: Ring length or bore perimeter
: Connecting rod length

: Entrance length for a fully developed velocity profile
: Entrance length for a fully developed temperature profile

: Lubricant mass flow rate
- Iteration number

: Nusselt number

: Pressure

: Average pressure

: Cavitation vaporisation pressure
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P, : Ring elastic pressure due to fitment
P, : Gas pressure acting behind the ring
p,,  : Inlet pressure

P - Outlet pressure

Pe  :Peclet number
0 : Heat flow rate
Q : Conductive heat flow rate through the liner
Q, :Conductive heat flow rate through the ring

Q. :Convective heat flow rate

r : Crank-pin radius

I : Nominal bore radius

R' : Ring radius

R, : Convective thermal resistance for the lubricant flow through the conjunction
R : Conductive thermal resistance for the lubricant layer

R, : Convective thermal resistance of the boundary layer (between film and surface)
Re  :Reynolds number

S : Profile of the ring face-width

t : Time

U : Speed of entraining motion

Vv : Variance ratios of rough surfaces

W,  :Load share of asperities

X : Direction along the ring face-width (direction of entraining motion)

X, : Film rupture boundary

Greek symbols
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a, : Pressure viscosity coefficient of lubricant
p : Thermal expansion coefficient of lubricant
: Transferred heat portion
6,0, :Roughness amplitude on the bore and ring surfaces
AU  : Sliding velocity
A6  : Temperature rise
A0,,,A0,, Flash temperature rise of the contacting surfaces
£ . Limit of convergence

®, : Contact factor

@1, P @y, - Friction flow factors

@, : Shear flow factor

®, : Pressure flow factor

y : Surface roughness orientation parameter

o - Lubricant dynamic viscosity at atmospheric pressure and ambient temperature
e : Lubricant effective dynamic viscosity at temperature ¢, and pressure p

K : Average asperity tip radius

A - Stribeck oil film parameter

1% . Lubricant kinematic viscosity

6, . Inlet lubricant temperature

0, : Effective lubricant contact temperature

6,,,0., - Initial surface temperatures of the bore/liner and ring

g : Load balance parameter

0 : Lubricant density

Pa» Ps, - Borelliner and ring density
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0,,0, :Roughness Ra or Rk of liner and ring

o : Root mean square roughness of contiguous surfaces
c : Boundary shear strength of surfaces

T : Average shear stress

7, : Eyring shear stress of the lubricant

@ : Engine speed

4 : Asperity density per unit contact area

7 : Crank angle

Abbreviations

BDC : Bottom Dead Centre

BHP : Brake Horse Power

IC . Internal Combustion

TEHD : Thermo-Elastohydrodynamic

TDC : Top Dead Centre

1- Introduction

The parasitic losses of piston compression ring-bore contact accounts for nearly 5% of input
fuel energy [1]. For such a small, but crucial component, this level of parasitic losses is rather
alarming. With ever increasing cost and scarcity of fossil fuels much attention is directed to
reducing these parasitic losses. A fundamental understanding of the transient nature of ring-
bore contact is regarded as a prelude to its refinement. This conjunction is amongst the most
complex problems on the account of the transient nature of contact kinematics, variable ring-
bore conformance [2,3] and ring modal behaviour [4,5], all of which yield fairly thin films,
often subject to mixed regime of lubrication [6-9].

There have been many studies of the compression ring-bore conjunction with increasing
levels of practical detail and emphasis put on specific aspects, as noted above. They include
transient hydrodynamic/elastohydrodynamic analysis by Dowson et al [10] for an assumed
fully conformed ring-bore conjunction. This condition is ideal and does not usually occur.
Hence, it was later extended to include ring-bore conformability analysis as well as including
a more representative mixed regime of lubrication by Ma et al [6]. Further studies include
solutions using the average flow model, proposed by Patir and Cheng [11] to include the
effect of distributed roughness on lubricant flow and friction [12]. This approach leads to
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more accurate evaluation of friction in rough wet surfaces. Another important issue is the
inclusion of lubricant starvation prior to reversal due to a reduced rate of lubricant
entrainment as well as lubricant cavitation, during the ring reversal [13].

Some studies have included the effect of ring-bore conformability to account for bore out-of-
roundness, as well as asperity interactions for thin films during ring reversal [8,14]. Inclusion
of these practical features has led to predictions of isothermal transient analyses which have
been compared with experimental motored rigs of Furuhama and Sasaki [15] with good
agreement [7,9]. However, under the usual fired engine condition the generated heat affects
the lubricant viscosity and significantly alters the conditions observed using laboratory
motored engines. Ghosh and Gupta [16] observed significant differences in load-carrying
capacity, film thickness and rolling traction at high sliding speeds, when taking into account
heat generated in the contact. For a thermal-elastohydrodynamic (TEHD) analysis, combined
solution of Reynolds and energy equations is usually required. Such an approach has been
reported by Almqvist and Larsson [17]. For good ring-bore conformance, Mishra et al [9],
Chong et al [13] and Spencer et al [18] show that there is negligible localised ring
deformation and there is no significant piezo-viscous action of the lubricant. Therefore, the
prevailing conditions are either hydrodynamic or mixed regime of lubrication. This provides
the opportunity to undertake one dimensional analytical solution of Reynolds equation, based
on the Patir and Cheng [11] average flow model through rough surfaces [12].

The current analysis uses such an approach, also including the effect of asperity friction,
based on the approach of Greenwood and Tripp [19]. Additionally, the current analysis
includes a novel analytical thermal balance and partitioning model to determine the effective
lubricant temperature in transit through the contact, and thus its effective viscosity. The heat
flow to the surfaces determines their flash temperature, which in turn adjusts the lubricant
inlet temperature for the subsequent instance of contact. This overall analytical approach has
not hitherto been reported in literature.

2- Theory
2.1- Hydrodynamic conjunction

Ma et al [6], Akalin and Newaz [7] and Mishra et al [8,9] have shown that the generated
pressures in the partially conforming compression ring-bore contact are insufficient to cause
any localised contact deformation. However, in parts of the engine cycle often the thickness
of film is insufficient to guard against some direct surface interactions. Therefore, the film
thickness may be described in terms of the gap between the two rough contiguous surfaces as
(Patir and Cheng [11] and Akalin and Newaz [7]):

he (X,t) = hy () +S(X) + &, + 5, 1)
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where, h; is the local gap as shown in Figure 1, h, is the minimum film thickness (clearance)
and s(x) is the profile of the ring along its face-width. 6, and o, are the roughness

amplitudes on the contiguous surfaces; the ring and the bore. Equation (1) assumes idealised
peripheral conformance of the ring to the bore surface, thus a one dimensional transient
analysis of the contact is sought. Haddad and Tian [20] show that this condition yields results
which are representative of a more complex two dimensional contact analysis for thin rings,
yielding large perimeter-to-ring thickness ratio (of the order of 30). The profile of the ring
face-width, s(x) is asymmetrical unlike the usually assumed parabola. It was measured and

fitted with a polynomial of order 6 which is reported in Rahmani et al [21].

Reynolds equation for piston compression ring-bore contact with no side leakage of the
lubricant becomes:

1(&%} U,+U, o oh, )

dx | 127, dx

2 ox ot

A 4

Figure 1: Film thickness shape in a rough contact

The roughness amplitudes are assumed to follow Gaussian distributions with mean of zero
and standard deviations o, and o,. Noting that the equivalent solid would be represented by
the root mean square of the composite surface roughness, then: ¢ =+/o} + o> . Replacing for

h, in equation (1), letting speed of entraining motion as: U = (U, +U,)/2 and contact factor
@, =dh; /dh, then [11]:

d (ph®dp dh AU deg dh
il B0 o' Sh e o Up — Z= 7 - 3
dx[ 12 dxj ’7"( ax 72 ax ot ®)
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where, the sliding velocity is AU =|U1—U2|. Note that the piezo-viscous action of the

lubricant due to relatively low hydrodynamic pressures is ignored as: ¢, p <<1 [6,8].

Assuming no relative motions of the ring such as ring flutter or twist with respect to the
piston, then the ring sliding speed is [22]:

AU = I’a)(Sinl/l—FéSin 21//j 4)

Equation (3) is known as the average flow model, based on Reynolds equation. ¢, is the
pressure-induced flow factor and ¢, the shear flow factor in the direction of entraining

motion x (along the axis of the cylinder). These are functions of the Stribeck oil film ratio:
A=h/o (Appendix A). The average pressure is obtained as [7]:

ﬁ=6AUneJl+1277eJ2%h+ClJ3+02 (%)
where
J :f IR I :I'—de J zjidx (6)
' _9 ¢xh3 , ? _E (oxhs 1 ’ _E ¢xh3
2 2 2
and
X dh X
I, = _[Q’c &dx’ I, = J-¢ch (7)

Heat is generated in the ring-bore conjunction by viscous shear of the lubricant as well as by
the boundary friction produced by the contacting surface asperities.

The effective viscosity of the lubricant at the effective (average) lubricant temperature is
found, using the Vogel [23] equation:

700.81

In7n, =In(0.158) + 8
77, = In(0.158) 6,- 203 (8)

The average temperature in the contact is then obtained as:

0, =6,+A0 9)

Thus, the temperature rise A@ must be obtained through thermal analysis in the contact.
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2.2- Boundary conditions

The inlet boundary condition is set at the edge of the ring at pressure p,,. This position

represents a drowned or fully flooded inlet. In practice, starvation of the contact may also
occur. A fully flooded inlet is therefore assumed, extending to the edge of the ring face-width

at x=-b/2. The coordinate system is set so that U remains always positive. Therefore, in
the upstroke sense of the piston, p, is the combustion chamber pressure and in the down-

stroke, p,, is the crank-case pressure. Thus:
b
P =P atx:—z (10)

It is assumed that the ring rests on its lower and upper retaining groove lands in the up-stroke
and down-stroke motions respectively [24].

Swift [25]-Stieber [26] exit boundary is assumed at the outlet from the conjunction, thus:
p=p,, OI—p=0atx:xC (11)
dx

where, p, is the cavitation pressure at the oil film rupture position x_. found by equation (12).

If the value of x_ >b/2, then no cavitation occurs and p=p,, at x="b/2.

The Swift-Stieber boundary condition only predicts the film rupture point and does not
address the lubricant film reformation which occurs beyond it as shown by the more complex
JFO (Jakobsson and Floberg [27] and Olsson [28]) boundary conditions. Implementation of
the JFO boundary is based on a set of boundary conditions for a partial film for Couette
continuity alone which precludes an analytical solution as described here. Furthermore, a
detailed study by Arcoumanis et al [29] has shown best fit results to the experimental
findings are obtained with the Swift-Stieber exit boundary condition. Therefore, using the
boundary conditions in equation (11), it can be seen that: C, = p,,, and using the outlet

boundary conditions two expressions are obtained for C, whose equality yields:

oh
( pc - Pi ) _GUeAU‘ch _127753‘]2c E

‘]3

:—GUE{AU(IR+0 SC)+22—hI2C} (12)
X

C

where the integrals | and J have as their upper limits: x = x_. Therefore, the solution to (12)

yields the value of x. .

It should be noted that lubricant film reformation clearly occurs continually as measured by
Lee et al [30], otherwise the flow through the ring-pack would cease, which is clearly not the

9
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case. The film reformation leads to lubricant flow reforming and the pressure reaching the
prevailing outlet pressure, such as the inter-rings’ pressure. Therefore, the limitations of
Swift-Stieber outlet conditions are acknowledged.

2.3- Friction under mixed hydrodynamic regime of lubrication

The average hydrodynamic shear stress is [31]:

— h(dp) nAU
T =*py E(EJ_T(% + ;) (13)

in which the plus sign is used for the ring and the negative sign for the liner.

However, there are also resistive forces originating from the local pressures acting on the
sides of the asperity-pairs in oblique contact. The associated stress distribution can be
represented as follows [31]:

dp_ 2p,AU Vo

Vi, €12 (14)

7, =V, (¢fph - hT)

where, the variance ratio is: V, =57 /o” .

Therefore, the total shear/resistive force acting on the rough surfaces becomes:

(7 +7,)dx (15)

where, | =27zr,. Usually in calculating the total horizontal force acting on either of the

contacting surfaces, the terms associated with the pressure gradient are neglected as the
corresponding terms are much smaller than the terms associated with the sliding velocity.
However, in the current analyses these terms are also included in calculating the friction force
for the sake of completeness.

The regime of lubrication is mixed in the ring-bore conjunction at least in some parts of the
engine cycle, such as at the piston reversals at the top and bottom dead centres. Therefore, the
generated pressures in the conjunction are partly due to hydrodynamic film and partly
because of contact of opposing asperities as:

0.0 =22 x(evo ) [ ZEF (1 o

K 2

where ko is the roughness parameter, E is the equivalent plane strain elastic modulus of
the counterfaces and the Gaussian statistical function is of the form [19] with j=5/2:

10
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0

Fj(/l):ij'(s—/i)jefs%ds (17)

27 o
Therefore, the total contact load is:
W =W, +W, = [ pdA, + [ p,dA (18)

where, W, is the share of load carried by the asperities and W, is the hydrodynamic reaction.

The incremental proportion of the contact area occupied by a film of lubricant is
dA, =dA-dA, in which the total asperity tip area in contact between the two surfaces at any

given apparent elemental contact area dA =ldx is:
dA, = 7% (ko) Fy(A)dA (19)
The function F,(4) is found from equation (17), where j=2.

Thus, the boundary friction is obtained as:
f, =7, [dA +oW, (20)

where, it is assumed that a thin adsorbed layer of lubricant resides at the asperity summits and
acts in accord with non-Newtonian Eyring shear stress z,,. The boundary shear strength of the

surfaces contributes to friction, given by ¢. For surfaces with a ferrous-based oxide layer:
¢ =0.17 [32].

Thus, the overall friction is obtained as:
f=1f,+f, (21)
2.4- Thermal analysis

An analytical method based on a control volume approach is used to calculate an average
temperature for the lubricant in the contact as well as the rise in surface temperatures of the
bounding contact surfaces. Within the contact, the rate of heat generation through friction is
obtained as:

Q=fAU (22)

Some of this heat is conducted through the bounding contacting surfaces; the liner Q, and the

ring Q,. The remainder is carried away by the lubricant (convection), Q,,. Hence (see Figure
2):

11
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Q = Ql + Qz + ch (23)

Any heat conducted through small asperity pair contact interface is neglected, because
asperity area of contact is less than 1% of the contact area as noted by Greenwood and Tripp
[19].

Qinletay

Oin —> B,

Qinletck

o ==

Q
2
R
Q1

A

b

Figure 2: Thermal flow within the contact

The heat removal rate due to lubricant mass flow rate is:
ch = me (ee - 00) (24)

where, the mass flow rate is obtained as [11]:
3 —
= pl {—@d—pwm +%a¢s} (25)
X

At any instant of time, corresponding to a crank angle position, representing a small interval
of time, equality of inlet and outlet flows is maintain. This is an outcome of the instantaneous
quasi-static equilibrium at any given crank angle as indicated by equation (18). However, the
flow rate is subject to change between subsequent crank angle positions.

There is a convection thermal flux at the inlet nib to the conjunction from the solid
boundaries to the entrant lubricant supply at a lower temperature &,,. This raises the inlet

lubricant to 6, from its assumed bulk flow temperature as [33]:

— eslul + HSZU 2

60
U, +U,

(26)
The initial temperature of the ring 6., is not known. Therefore, if one assumes the ring to be

stationary and the liner to undergo relative motion, it is clear that: g, = 6, at the inlet due to

the convective thermal flux. This is measured from the engine liner surface and input into the
model at any given crank-angle location.

12
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In the current analysis, the mass flow rate through the minimum gap has been considered as
the representative flow through the compression ring-bore conjunction.

The lubricant density varies with temperature [34]:
p=p[1-B8(6.-6,)] (27)

where, g is the thermal expansion coefficient for the lubricant. It is usually considered to be
around 6.4x10™ K™ [34, 35]. 6, is the inlet temperature of the lubricant, which is that of the
liner/bore and &, is the effective (average) temperature of the lubricant in the contact, and c,
is the specific heat of the lubricant at constant pressure.

The heat carried away by the flow of lubricant is usually small compared with that conducted
through the bounding surfaces. The dimensionless Peclet number is defined as [36]:

2
Pe = (Uho ]/[LJ (27)
b Jo o
The Peclet number is quite small in the case of ring-bore conjunction, particularly for the case
of the engine considered in the current analysis. This is because the film thickness h, is quite

thin. Hence, for all intent and purposes Q,, can be ignored. However, for sake of generality
convection heat flow is retained.

It is reasonable to assume that the heat is generated at the centre of the lubricant film. Olver
and Spikes [33] assume the same and refer to some experimental evidence from traction tests.
Then, the heat flowing to the bounding surfaces has to overcome a number of thermal
resistive barriers (Figure 3). These are the resistances due to (i)- the lubricant film thickness;
R,, (ii)- the convective heat transfer through the boundary layer; R, and (iii)- a rise in the

solid surface flash temperature; R, , where:

L szﬁ and R, =—" (28)

where, h, is the heat transfer coefficient of the thin boundary layer and k; is the thermal
conductivity of the solid surface and h; /2 is the characteristic length.

To obtain the convective heat transfer coefficient, h;, the laminar flow of lubricant through
the conjunction is considered to be analogous to fluid flow through a tube with fully
developed velocity and temperature profiles, where L, and L, are defined as entrance

lengths required for fully developed velocity and temperature profiles to take hold [37]:

13
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L,, =0.0565h, Re where, the Reynolds number, Re _ Ay (29)
e
779Cp

and L., =0.053h,RePr where, the Prandtl number, Pr = (30)

Since the condition (31) below holds in the case of current analyses:

Lo <<land Lo <<1 (31)
b b

then, the Nusselt number becomes [37]:

Nu =" _ 4 36 (32)
k

|
from which the heat transfer coefficient can be determined.

The thermal resistive barriers in equation (28) are represented as the required thermal power
slopes per K, thus have the units WK™ . Hence S, is a characteristic length. The

temperature of the bore surface is assumed to rise as the contact progresses. The
characteristic length S, is therefore a function of thermal diffusivity of the surface

k./paCq and the average contact transit time 2b/AU . Hence using the solution given by
Sharif et al [38]:

2k b
Su= " (33)
PsCyAU
The ring surface is always in contact with the heat source throughout its motion. Therefore,
viewed as unwrapped, it can be assumed that the ring rectangular surface area is supplied

with a steady heat flow at any crank angle. As a result, the characteristic length for the ring,
S;, would be [39]:

_1 2-—1b 2--1'133 22%
sfz_—A{m sinh (Tjﬂb sinh (B}E[' +b° —(* +1%) }} (34)

T

14
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Figure 3: Heat transfer within the contact
Therefore, the heat conducted through to each surface (Figure 2) becomes:

. A,
R; Ri +R, + Ry

A0 Ag-0-0

si?

iel?2 (35)

where, i =1 is for the liner/bore surface and i =2 is for the ring surface and 6,; are the initial
temperatures of the surfaces.

Now replacing for in the heat balance equation (23):

Q= R

i e

2 — . —
: (‘96 95! ) + ee ‘90 (36)
=

where, the thermal conductive flow barrier in lubricant flow; R, =]/mcp . Thus, the average
(effective) lubricant temperature is obtained as:

(QR, +6,)[T.,R +R. 2RO,
[T.R+ Rezzl R
i=1

e

J,jel2andi= (37)

This effective temperature is used to determine the effective viscosity of the lubricant;
equations (8) and (9).

Once, the effective lubricant temperature 6, is obtained from equation (37), the temperature
of the bounding solids is found through heat partitioning method (figure 3). To predict the
surface temperatures, it is necessary to obtain the heat transferred to them; Q,, i €1,2. This is

a relatively simple method with the current analytical approach. The proportion of generated
heat transferred to the liner surface is denoted by y,, whilst that conveyed to the moving ring

15
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surface is y, and that convected by the lubricant flow through the contact is:

2: =1-(x +x,). Hence:

zi:%:g—g,iel,Z (38)

and:

2 ch He — 00

? 21: Q QR
Hence, using (38) and (39), the rises on surface temperatures are obtained as:
86 =[] 20=210_0,) (40)
P~ kA AN = R e Ui

3- Method of Solution
The following procedure is used:

Step 1: At any crank-angle an outward force, adhering the ring to the bore surface, is
calculated as:

F=F+F, (41)
where, the gas force is assumed to act behind the inner rim of the ring:

F, = p,bl (42)
The ring tension force:

F, = p.bl (43)
where, the elastic pressure [40]:

gEl
= 44
Pe 37zbr04 (44)

16
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where g is the end gap of the incomplete circular ring prior to fitment, and for a ring of

. 1
rectangular cross-section: | =Ebd3'

Step 2: With an initial guess of 7, =7, for viscosity and h, for minimum film thickness the

pressure distribution is obtained from equation (5) using the boundary conditions in (10) and
(11) and by determining the film rupture point from (12) with contact kinematics given by
equation (4).

Step 3: The Stribeck oil film parameter, A(x) is obtained and thus p,(x). This leads to the
solution of equation (18) and the contact reaction W.

Step 4: The contact reaction is assumed to equilibrate the applied load from step 1; equation
(41). Thus, the following convergence criterion is applied at any crank-angle, v :

<g (45)

W-F
F

where, in the current study ¢ =10 |f the convergence criterion is satisfied the crank angle

is advanced, otherwise the nominal clearance N is adjusted and the steps 2 through 4 are
repeated:

hy =(1+B3J)hy™ (46)

where, B is a damping coefficient, with the value of 0.005 in the current analysis. n is an
) _ g W-F
iteration counter, and max /W Eb {W, F} :

Step 5: Friction is calculated using equations (15), (20) and (21). The power loss is now

obtained using: P = fAU | For an isothermal solution the analysis advances to step 1 for the
next crank angle.

Step 6: The generated heat is obtained using equation (22). Heat convected by flow of
lubricant is obtained using equations (24) and (25). Conducted heat through the bounding
solids is obtained from equation (35).

Step 7: The effective (average) temperature of the lubricant in the contact is calculated, using
equation (37) and the effective lubricant viscosity and density are obtained from equations (8)
and (26) respectively. The steps 1 through 4 are repeated. When the convergence criterion is
satisfied, the crank angle ¥ is advanced by one degree and the entire procedure is repeated
until all the 4-strokes in the engine cycle are completed and reached to a periodic state.

17
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4- Results and Discussion

The analysis carried out here corresponds to a typical cylinder of a V12 engine with an output
power of 510 BHP. Tables 1-4 provide all the necessary data for the current analyses.

Table 1: Engine data

Parameter Value Unit
Crank-pin radius, r 39.75 mm
Connecting rod length, ¢ 138.1 mm
Bore nominal radius, r, 44.52 mm
Ring face-width, b 1.15 mm
Ring thickness, d 35 mm
Ring free end gap, g 105 mm
Table 2: Ring and liner mechanical/thermal properties
Parameter Value Unit
Liner material Grey cast iron -
Young’s modulus of _elasticity for liner 92.30 GPa
material
Liner Poisson’s ratio 0.211 -
Density for liner material 7200 Kgm™
Thermal conductivity for liner material 55 wm'K™?
Specific heat capacity for liner material 460 Jkg'K™?
Ring material Steel SAE 9254 -
Young’s modulus of .elasticity for ring 203 GPa
material
Ring’s Poisson’s ratio 0.3 -
Ring coating material Chromium Nitride (CrN) -
Young’s modulus of elasticity for CrN 400 GPa
Poisson’s ratio for CrN 0.2 -
Thermal conductivity of CrN 12.134 wm'K?
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Table 3: Lubricant properties

Parameter Value Unit
Lubricant density 849.7@ 15 [OC]’ 8338 @40 Kgm™
[°C]

Kinematic viscosity 59.99.@ 40 [[EC]:i 9590 @ 100 x10° m?%s™*
Thermal conductivity 0.225 @ 120 [°C] wm'K™?
Specific heat capacity 2360 @ 120 [°C] Jkg'K?

Thermal expansion coefficient 6.5x10™ K?
Table 4: Ring and liner surface topography
Parameter Value Unit
Ra for liner 0.26 pum
Ra for ring 0.235 pHm
Roughness parameter ((ko) 0.04 -
Measure of asperity gradient (6/x) 0.001 -

Figure 4 shows (a)- the combustion pressure variation and (b)- piston sliding speed for engine
speeds of 2000 and 6000 rpm respectively, as well as (c)- the measured liner wall temperature
from the top dead centre, repeated for all the engine strokes. This is considered as the inlet
temperature to the conjunction, the assumption being that any free surface oil prior to the
contact inlet is at the same temperature as that of the liner surface. These and Tables 1-4

constitute the input to the analyses carried out in this paper.
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Figure 4: Input conditions to the analyses

Figure 5 shows the predicted minimum film thickness under isothermal (this corresponds to
the analysis representing engine cold start conditions) and thermal conditions at the engine
speed of 6000 rpm. The figure also includes the demarcation boundaries in accordance with
Stribeck’s proposition and based on the minimum clearance; 1 =h,/o. These are at: 1 =1

(between boundary and mixed regimes of lubrication) and A =4 (between mixed and fluid
film lubrication). Therefore, the predicted films in the interval 1< A <4 correspond to the
mixed regime of lubrication. Thus, under isothermal condition, hydrodynamic regime of
lubrication prevails for all the engine cycle except at the TDC reversal in progression from
compression to the power stroke (crank angle of 0°) and every 720° thereafter. However,
with thermal effects taken into account, the film thickness is considerably reduced and the
ring-bore conjunction resides in mixed and boundary regimes of lubrication for a significant
proportion of the engine cycle. Therefore, the assertion of significant differences between
isothermal and thermal analyses by Gosh and Gupta [16] is justified, but not often noted in
much of the reported studies.
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Figure 5: Predicted film thickness at the engine speed of 6000 rpm

It is instructive to note the effect of differences in Figure 5 upon friction and power-loss.
Figure 6(a) shows the total friction (boundary and viscous contributions) for both isothermal
and thermal analyses. Note that the isothermal analysis is representative of cold start-up
condition, where the viscosity used in the analysis corresponds to lubricant temperature of
40°C . The main contribution to friction under isothermal condition is through viscous shear
of lubricant in all parts of the engine cycle except at the TDC in transition from compression

to the power stroke (+5°around TDC at the crank angle of 0°). The slope of friction rise rate
does not follow the usual service parameter 7,AU /h as is the case elsewhere. The slope is

sharper on the account of asperity interactions. Elsewhere friction follows the sliding speed (a
characteristic of viscous friction). In the case of thermal results, mixed regime of lubrication
prevails in most of the engine cycle, thus friction rise or fall rate tends to follow the sliding

speed with some deviation due to asperity interactions. In the vicinity of the TDC at 0° and

BDC at 180° crank angle position (corresponding to transition from power to exhaust stroke)
the regime of lubrication is momentarily boundary due to cessation of lubricant entraining
motion. Friction, therefore, is manifested by a sharp spike there. The important point to note
is that friction in general is lower in the thermal case and its main contribution is concentrated
at dead centre reversals. This shows that for piston-bore system lubricant of lower viscosity is
preferred. However, this ideal cannot be accommodated because the same engine oil flows
through the higher load intensity contacts such as the cam-follower pair, where high loads
necessitate use of lubricants which have sufficient load carrying capacity; i.e. high viscosity.
This has been one of the main paradoxes in the development of engine oils for some time.

However, the concentration of main frictional contribution at the dead centres has provided
the opportunity for surface modification such as laser texturing in the vicinity of reversal
points. Readers can refer to [41-43] as representative examples.
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Figure 6: Friction and power loss through an engine cycle at 6000 rpm

The power loss in an engine cycle is shown in Figure 6(b). The same differences in
characteristics can be noted as those observed from Figure 6(a) as the power loss is the
function of friction and the sliding velocity. The key point to note is that power loss is
considerably reduced after steady state condition is reached through thermal balance. In this
sense the isothermal analysis may be envisaged as the worst conditions experienced before a
thermal balance is reached, such as in cold start up. The two analyses are, therefore, the two
ends of a spectrum of performance with transitory losses, commencing from a cold start up
towards steady state thermal balance. This transition is clearly a function of driving cycle and
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style. Changes in driving speed alters the sliding velocity and the combustion process, hence
the power loss and thus the all-important fuel efficiency.

Figure 7 shows the contribution from boundary friction to the total friction under engine
speeds for both the isothermal and thermal analyses cases. The results in Figures 7(a) and (b)
show that in both cases, the contribution from boundary friction is significantly increased
when thermal conditions are taken into account.
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engine cycle: (a)- at 2000 rpm and (b)- at 6000 rpm
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At the higher speed of 6000 rpm, there is virtually no contribution from the asperity
interactions when isothermal condition is assumed (Figure 7(b)). In general, it can be seen
that at higher speeds the contribution from the asperity friction is reduced because a larger
volume of lubricant is entrained into the contact with the assumed fully flooded inlet.
Additionally, at the reversals there is greater contribution from squeeze film effect.

Changes in film thickness and the corresponding power loss for engine speeds of 2000 and
6000 rpm are shown in Figure 8. The higher speed corresponds to motorway driving under
steady state condition, whilst the lower speed is representative of steady city driving. As
expected the film thickness is reduced at the lower engine speed (Figure 8(a)).
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Figure 8: Lubricant film thickness and power loss under different driving conditions

The main contribution to cyclic power loss occurs at the TDC and the crank angle of 0°
(Figure 8(b)). Elsewhere there is a rise in viscous friction at the higher speed, even with lower
effective viscosity caused by a higher oil temperature rise (Figure 9). Therefore, the power
loss is higher at the higher engine speed on the account of increased viscous friction at mid
strokes and the increased sliding speed. An important point to note is that the transient
temperature rise of the lubricant through the contact (short interval) is small compared with
the surface temperature of the bounding solids when a thermal balance is reached. The
temperature rise of a few degrees (Figure 9) is less than 5% of the surface temperature
(Figure 4(c)). Hence, the effective viscosity of the lubricant is predetermined by the surface
temperatures of the solids at the conjunction inlet. Therefore, for viscous friction the
determining factor is the ratio AU /h.
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Figure 9: Lubricant temperature rise at different engine speeds

Therefore, instantaneous thermal balance plays an important role in the tribology of
compression ring-liner/bore conjunction. This depends on a host of parameters which are
more influential than the transitory heat generation within the contact itself due to friction.
Firstly, the combination of engine cooling and heat generated by combustion determines the
surface temperature of the liner/bore. As shown in Figure 1(b) the surface temperature of the
liner far exceeds any rise in the contact temperature induced by friction (Figure 9). Thus, the
temperature of the lubricant entering the contact is altered significantly from that of the bulk
engine oil temperature at the nib of the contact through surface heat convection. Within the
contact the temperature of the lubricant rises slightly above that of the faster moving surface
(ring in this case, see Figure 10). The ring temperature remains higher than that of the liner
because the film of lubricant clings to it and also on account of its poorer heat conductivity.
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Figure 10: Temperature transience through contact transition in an engine cycle at
6000rpm

The liner temperature hardly rises as it conducts most of the heat away from the conjunction
(Figure 11) and through to the coolant channels in the inter-bore space. Since, the heat
generated in the contact is transitory; in line with the contact transition time, the steady state
liner temperature is that governed by the balance of cooling and the temperature of
combustion gasses. Therefore, the regime of lubrication is effectively determined by the
engine block heat balance and the surface materials of the bounding solids and their
topography as well as engine speed rather than the lubricant viscosity. The same is not true
when the engine is cold, where lubricant rheology is the determining factor. These findings
have been known or surmised experientially, but not confirmed through fundamental analyses.
This represents the major contribution of the current fundamental study.
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5- Conclusions

The current analysis shows that thermal effects should be included in the study of ring-bore
contact. The running surface temperatures of the contiguous solids are mainly influenced by
the thermal balance between combustion gasses and the temperature of the coolant running
through the inter-bore channels. Thermal balance is required between the surfaces and the
heat generated through contact friction. Therefore, a detailed heat flow model is required,
such as the one outlined in the current analysis. Friction generated heat is as the result of
combined viscous shear of the lubricant film and the interaction of the ubiquitous asperities
on the counterfaces. Therefore, a realistic model should encompass boundary interactions.

The predictions confirm shear thinning of the lubricant film under thermal mixed
hydrodynamic regime of lubrication, whilst showing reduced power loss even with a
considerable thinning of the lubricant film compared with an isothermal analysis. This is
because the power loss due to viscous friction under isothermal condition throughout the
engine cycle is actually larger than the losses of a thinner film with quite similar effective
viscosity due to the small rise in lubricant temperature in the short contact transition time.
Hence, isothermal analyses may be regarded as the cold engine condition and useful to
predict the worst case scenario.

There are certain shortcomings in the current analysis. One is the use of one dimensional
assumption along the ring face-width. This assumes good conformance of a thin ring to the
bore surface, implying a right circular cylindrical bore, which is idealised. In practice the
bore is out of round and ring-bore conformance is partial, leading to a non-symmetric ring-
bore circumferential pressure distribution. Thus, a two dimensional analysis would be
required. Another simplifying assumption concerns no relative motion between the ring and
the piston, when within its retaining groove. In practice the ring flutters in the axial direction
as well undergoing inertial motion and modal deformation in the radial direction. The former
affects friction and contact kinematics, whilst the latter prohibits the assumption of
instantaneous assumed load balance, which is underlying to the current analysis. Extending
the current work to remove these implied assumptions constitutes the future direction of the
current research.
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Appendix A:
The flow factors used are described below:

The pressure flow factor ¢, is calculated using an empirical relationship, shown by Patir and
Cheng [11] as:

@, =1-0.9e"* 1>05and y =1 (A1)

where y is the ratio of correlation lengths in the x and y directions of the contact solids as

described in [11]. It distinguishes between the various patterns of surface roughness. If an
isotropic roughness is assumed, as in the current case, then clearly: y =1.

The shear flow factor is calculated using another empirical relationship stated as [31]:

-0.922+0.0522
_[1.8992°% (v, -V, el ) a<5, =1 a2
1.126(V, -V, )e ,A>5, =1
0'.2
Where V, and V, are the variance ratios V, = —,i€1,2
o
The contact factor for a partially lubricated conjunction is given as [44]:
?, :1[1+ erf (1)] (A.3)
2
The shear stress factors; ¢, ¢, and ¢, are given in [31] as:
P =1-1.4e7°%* | 1>0.75, y =1 (A.4)
2311\, (2382+0112%) _
= 11.12%%(V, -V, )e ,05<A4<7, y=1 (A5)
0 A>T

and:
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35 213 1
55{(1—48 ) |n[3oo(1+§)]+%N} , A<3

. B ela-eVml <+ £ 66+ 22 (3022 -80) ] 453 o
325(_§) e +15[ +& (304 -80)] - 2>

where: &= 1/3 and:

N :5{5[132+§(M +345)]}—55 and M :5{5[5(60+147§)—405]—160}
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