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ABSTRACT

Since the inception of internal combustion engine, there has been a continual strive to
improve its efficiency and refinement. Until very recently, the developments in this regard
have been largely based on an experiential basis, or backed by analytical investigations,
confined to particular features of the engines. This has been due to lack of computational
power, and analysis tools of an integrative nature. In recent years enhanced computing power
has meant that complex models, chiefly based on multi-body dynamics could be developed,
and further enhanced by the inclusion of component flexibility in the form of structural
modes, obtained through finite element analysis. This approach has enabled study of
dynamics/vibration response of engines in a more quantitative manner than hitherto possible.
Structural integrity issues, as well as noise and vibration (refinement) can then be studied in
an integrated manner. However, earlier models still lack sufficient detail to include, within
the same analysis, issues related to efficiency, chiefly prediction of parasitic losses due to
mechanical imbalance and friction.

It is clear that a more integrative approach, comprising inertial dynamics, component
flexibility and frictional behaviour of load bearing and transmitting conjunctions is required.
Although specific and detailed analysis of such conjunctions has been carried out, their
integrated inclusion in an overall efficient model has been lacking. The main aim of this
thesis is to introduce and apply such an integrative model, dealing with small-scale
dynamics/tribology of such conjunctions, together with flexible-multi-body dynamics of IC
engines, within a single analysis. This approach is, therefore, termed multi-scale multi-
physics approach, which forms the main overall contribution of this thesis to knowledge.

Additionally, the inclusion of the 4-stroke combustion cycle within the analysis provides the
variation of all the included physical phenomena during representative engine cycles, which
has not been reported hitherto, even in detailed analysis of very confined sub-systems, such
as engine bearings or piston systems. Inclusion of thermal effects in some of the conjunctions
in an efficient analytical manner makes the model predictions more representative of the
actual prevailing fired conditions, than many reported research carried out mainly under
isothermal conditions.

The measured flywheel rotational as well as nodding motions are closely correlated with
numerically predicted values both in magnitude and frequency spectrum. The main bearing,
piston-to-cylinder wall and piston ring-to-cylinder wall lubricated contacts are represented by
analytical solutions of the Reynolds equatton. Temperature rise at the piston ring-to-cylinder
wall contact is sought by the energy equation. Experimentally verified modal properties of
connecting rod, crankshaft and flywheel are included in the analytical model. Analytically
predicted frictional variations and dynamic behaviour of contact conjunctions are closely
correlated with each other. Such that the main findings of the thesis are chiefly in line with
measured, observed or surmised behaviour of IC engines, and verified analytically for the
case of inertial dynamics, as well as through experimental measurements.

Keywords : Multi-scale multi-physics modelling, multi-body dynamics, structural
vibration, piston skirt and ring-pack to cylinder friction/lubrication,
tribo-dynamics of engine bearings
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1 INTRODUCTION

Figure 1.1 Otto-Langen
atmosphere engine after
(Cummins 2000)

1.1 Basic Engine Types

The internal combustion engine is a type of heat engine, which converts energy stored in fuel
into kinetic energy, made available at a rotating output shaft. The chemical energy in the fuel
is first converted into thermal energy by means of combustion or oxidation with air, raising
the temperature and pressure of the gas inside the cylinder. The expanding volume forces the
piston to travel downwards, rotating the crankshaft via a connecting rod, thus converting the

translational motion into a rotary one. Even though most of the internal combustion engines
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Figure 1.2 Pressure(P) — Volume(V)
diagram for ideal Otto cycle
are reciprocating mechanisms, whereby pistons reciprocate in the cylinders, there are other
types that operate differently, such as the rotary engine (sometimes called the Wankel rotary

engine after the name of its original developer Dr. Felix Wankel)..

The other most important type of engine is the external combustion engine, such as the steam
engines, the Stirling engine, gas turbines, and so on. The salient difference to that of the
aforementioned internal combustion engines is that combustion takes place externally in a
more controlled manner. As the combustion is more controlled, the efficiencies of up to 60%
are theoretically possible, which is much higher than the conventional IC engines. In general,
the IC engines operate in the Diesel cycle or the Otto cycle, which have theoretical
efficiencies of 45% and 30% respectively. Figure 1.2 shows the pressure-volume variation of
the Otto cycle. Note that the heat (energy) input takes place during the process 1-2 and work

out is the area covered by the diagram.

Reciprocating engines can have only one or multi-cylinders (can be up to 20 or more, such as
in catamarans). The cylinders can be arranged in many different geometric configurations.
Sizes range from small airplane engines with power output of the order of 100 watts to large
multi-cylinder stationary engines that produce thousands of kilowatts, which in general are

used for power generation. Furthermore, there are slow speed engines with large pistons,

which generate enormous amount of power, generally used in marine applications.
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1.2 Historical Evolution of Engines

The year 2001 marks the 125" anniversary of the modern internal combustion engine
{Cummins 2000). Virtually all of the basic elements in the present reciprocating four-stroke
cycle engine were present in Nicolaus Otto’s creation more than a century ago. Since then
minor improvements have been made to the original concept to improve efficiency and power

output.

During the second half of the 19" century many different styles of internal combustion
engines were built and tested. The first fairly practical engine was invented by J.J.E. Lenoir
(1822-1900) and appeared on the scene about 1860, even though it was a non- compression
engine with mechanical efficiency of 5%. In 1867 the Otto-Langen engine with improved
efficiency of 11% was introduced. It was an important stepping-stone for the introduction of
the 4-stroke cycle engine, later developed by Otto in 1876. During this time engines operating
on the same basic four-stroke cycle as the modern automobile engine began to evolve as the
: besf design (Gas Engine Magazine, Feb 1991). Although many people were working on the

four-stroke cycle design, Otto was given the credit for his prototype engine in 1876.

In the 1880s the internal combustion engine first appeared in automobiles (Givens 1990). In
this decade the two-stroke cycle engine became practical and was manufactured in large
numbers. By 1892, Rudolf Diesel (1858-1913) had perfected his compression ignition engine
into basically the same diesel engine known today. This was after years of development
work, which included the use of solid fuels in his early experimental engines. Early
" compression ignition engines were noisy, large, slow, single-cylinder engines. They were,
however, more efficient than the spark ignition engines, even though some drawbacks like
high noise, harshness and dark fume existed. Modern engines use technologies like Common

Rail Direct Injection (CRDI), which controls the amount of fuel into the combustion chamber

precisely with accurate timing in order to maximise combustion efficiency, Whereby in the -

past, diesel engines were unrefined, sluggish and environmentally unfriendly, this is no
longer true in modern diesel engines due to the above-mentioned advancements in
combustion strategy, material and manufacturing technology. They are now powerful, smooth
and very refined, so much so that they have been introduced as alternative engines in the line-

up of flagship models.
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1.3 Noise, Vibration and Harshness

The improved performance and compactness of modern internal combustion engines makes
them a suitable power plant for automobiles. Even though, in the early stages, they were
mainly used for applications like lifting elevators, water pumping and so on. Nowadays the
automobile industry accounts for the main application area. There are some basic customer
concerns in a modern vehicle. Outer appearance, vehicle handling, reliability and fuel
efficiency are the most important among them. However, noise, vibration and harshness play

an increasingly major role in the context of customer expectations.

The suspension system in most modemn vehicles is sufficiently refined to counteract the effect
of vibration transmitted due to the unevenness of the road surface. Imbalances of rotating
parts, clearance between gear teeth, road noise from tyres and cyclic combustion force in the
combustion chamber can be regarded as critical Noise, Vibration and Harshness (NVH)
sources. In (Morita et al, 2001) combustion force is attributed to be the prominent sdurce of
noise. However, the non-uniform character of the torque generated in reciprocating engines
arises due to the application of periodic combustion forces and the associated inertial forces
of rotating and articulated members. Fuel injector pumps, timing gear rattle, bearing
reactions, camshafts, crankshafts, etc also contribute in different ways to engine noise
(Haddad and Tjan 1995).

Although most excitations from the ground are counteracted reasonably effectively through
the suspension, the power plant itself is the source of noise and vibration so the dynamic
analysis of the engine mechanism is required (Suh et al, 2000). Understanding the origins and
parametric dependencies of noise and vibration is the first step in a reduction (i.e. refinement)
strategy. Such concerns extend to piston-driven internal combustion engines, which may
often be the major source of vehicle noise and vibration (Hoffman and Dowling 1999). The
engine noise is dominant in the middle to high frequency range (0.5 to 2.5KHz). The impact
of IC engine vibration on vehicle performance or customer perceived quality is typically less
serious at higher frequencies, because reliable isolation stfategies _exist. for eliminating

vibration transmission from the engine to the vehicle structure.

In recent years the specific output of the engine has been increased, while the rigidity of the

structure has been reduced in high-speed automobile diesel engines.
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1.4 Sources of vibration in an Engine

In an internal combustion engine the combustion force generated in the combustion chamber

induces a translational downward vertical force ( F,) on the piston as shown in the Figure 1.3.

As it is necessary to induce a rotational motion from an engine, the piston-connecting rod-
crankshaft system converts this translation {or reciprocating) motion into a rotational action.
This transformation produces harmonic responses as multiples of crankshaft rotational
frequency, referred to as engine orders (Rahnejat 1998). In analytical calculations, higher
order terms in the binomial expansion are usually neglected as is shown later, so that the

frequencies related to these higher order terms cannot be observed in most theoretical studies.

Combustion process that takes pléce in the combustion chamber plays a major role in power
generation procedure in an engine. For example, SI (Spark Ignition) system, the fuel gas
mixture entered through the inlet manifold into the cylinder during intake is being pressurised
during the compression cycle. The spark initiated by electrode (spark plug), at this instance,
commences the combustion and the flame propagates throughout the chamber. This

propagation is not spontaneous as it is intended. Thus, methods are introduced to swirl the
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mixture and make it turbulent to enhance flame propagation. However, this non-uniform

behaviour of the combustion gives rise to pressure force fluctuations, which manifests as

harmonics in the combustion pressure force ( F, in Figure 1.3). The reaction force, F,, acting
on the piston from the connecting rod balances the gas pressure force F,. As the connecting
rod is at an angle ¥ to the vertical, and is hinged to the piston, there is a horizontal
component F,, due to the resultant force F,, at the connecting rod. This horizontal

‘component forces the piston towards the right side of the cylinder wall, shown in the Figure
1.3. This side of the cylinder, where the impact often occurs is known as the Thrust Side.
During the compression stroke, connecting rod is arranged such that the thrust force

F,reverses its direction. This action pushes the piston against the other side of the cylinder,

which is known as the anti-thrust Side. This side force reversals during the engine cycle
moves the piston horizontally and this is know as Piston Slap motion or Piston Secondary
motion. At the TDC (Top Dead Centre) and BDC (Bottom Dead Centre) these force reversals

are most significant.

It is known that the combustion (power stroke) pressure is much higher than the compression
pressure inside the chamber. Thus, the thrust force created during the combustion cycle is
much ‘hi'gher than the thrust force during the compression cycle. During the combustion cycle
the side force component on the left side of the cylinder is very small. It is very close to zero,
unless otherwise there exists a force component due to lubricant'pressure. This side is also
known as the anti-thrust side (see Figure 1.3). Throughout the piston transverse motion there
is a thrust force on the piston and it changes its value depending on the film thickness and
pision velocity. This force variation causes directional changes to the piston lateral velocity
which causes multiple reversals in the piston tilt motion. This lateral motion, also known as

the secondary motion, can generate considerable amount of noise in an engine during its
| operation. The frequency of these multiple reversals in the tilting motion affects the

frequency of the noise generated due to slap motion,

In the context of engine vibration, the role of journal bearing cannot be under-stated. For
example, it is reported that the noise with higher frequencies than 5 kHz intermittently occurs
from the main bearing of a diesel engine (Aoyama et al, 2003). In order to cater for the higher
loads in the combustion chamber the crankshaft is connected to the engine block via journal

bearings, which produce higher resisting torques due to the viscous action of the lubricant,




Chap.-1-Introduction Sources of vibration in an Engine
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Figure 1.4 whirl of journal bearings
Non-concentric motion of the crankpin (journal) around the bearing shell generates pressure

distribution in the lubricant, which is non-uniform (Aoyama et al, 2003).

When the shaft of the journal bearing, shown in Figure 1.4, is rotating at an angular speed of
Q, the centre of gravity G which is an offset of & from the geometric centre of the shaft O’
rotates around the shell centre O, which is equal to @. This creates a centrifugal force W at
its centre of gravity G, which is balanced by the lubricant reaction force W’. Also, the
geometric centre of the shaft O’ rotates about the bearing shell centre O with an angular
velocity of @ (Note that the line passing through points O and O’ is called the line of
centres). This eccentric motion is called the whirling motion. Under this condition the shaft
rotational speed with respect to bearin.g (shell) can be found by freezing the line of centres by
introducing an angular velocity of @ in the opposite direction to the whole system as shown
in the figure. Thus, the relative angular velocity of the shaft becomes Q—2w@. When the
whirling frequency (@) is half of the shaft rotational frequency (), there is no relative
angular velocity between the shaft and bearing, therefore leading to no entrainment of the
lubricaht into the contact. This phenomenon is referred to as whirling or whipping motion of
the journal, and is an unstable rotational event. Under these conditions, the lubricant film can
travel backward (i.e. entrain in the opposite direction to the rotational direction of the

journal),

The situation is rather unfortunate in 4-stroke IC engines, where half speed of crankshaft (or

journal) happens to coincide with the fundamental frequency of the 4-stroke combustion

process, which is also at half the rotational speed of the journal, and, can lead to resonance
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conditions, This is a non-linear event, known as the jump phenomenon, where at a given
speed of rotation the journal motion can jump from a seemingly stable orbit to another orbit
with different amplitude instantaneously. To investigate such conditions and guard against
their occurrence, it is necessary to carry out an analysis that includes inertial dynamics,

flexural motion of elastic components and reaction forces from the lubricant pressure.

In compression ignition engines, the noise induced from the injector pump is an equally
important source, as described earlier. For each combustion cycle, the fuel is pumped at the
appropriate instant of time to the combustion chamber via the injector pump. It creates a
pressure wave, which travels from the pump to the combustion chamber through a steel tube.
This excitation is half the engine order in a four-stroke internal combustion engine (Spessert
and Ponsa 1990} also it is more of a problem now as the injector pressures are significantly
higher (around 400-450 bar)

Basically the engine imbalance occurs due to translational masses and rotating eccentric
masses. There exists primary and secondary out of balance excitation from these translational
masses as it is explained in section 3.5.1. These primary excitations can be balanced by
adding masses where as secondary excitations can be minimised by proper phasing of
adjacent crank-throws. Thus, the inertial imbalance due to the reciprocating mass of the
piston and articulated connecting rod is minimised in multi-cylinder engines. Axial, torsional
and lateral vibrations, which induce stresses occur simultaneously in the crankshaft of a
multi-cylinder engine (Wakabayashi ef al, 1995). The crankshaft of the multi-cylinder engine
has a phase difference between the adjacent crank-throw planes, so, the four kinds of

vibrations are all coupled in the crankshaft rotation.

All these noise sources, which were discussed in this section and not described fully, such as
timing gear rattle, valve train excitation etc., can induce air born noise in an automobile. All
cyclic excitations generated by aforementioned causes deform the body, which is adjacent to
it. This will cause vibrations of structural elements. In this case, the structure deforms
according to a specific mode shape or a combination of mode shapes, depending on the
excitation frequency. Then, the physical boundary of the body (structure) excites the adjacent
environment, which is air and creates structure-borne noise. This is the main form of energy
transfer from the source of excitation to the environment. Therefore, reduction in system level

vibration translates to reduction of noise emitted from the system, thereby reducing the loss
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of energy. This means reduction in vibration can be regarded as an attempt to increase the

efficiency of a system.

1.5 Crankshaft Vibrations

As discussed in_ earlier sections, there are various sources of vibration in an engine, some of
which are well understood. However, it is difficult to usually take all these factors into
account in a single model. Therefore, in this study, the piston-connecting rod-crankshaft sub-

| system is investigated.

At any instant of time, the radial component (F: in Figure 1.5) of the piston force is
transmitted along the‘connecting rod and is applied to the crankpin. This force tends to pull
the crankpin away and induces instantaneous bearing support load. The tangential component
(Fy) of the gas force, on the other hand, is utilised in the rotation of the crankshaft. With every
power stroke, the transmitted piston gas force is initially increased in magnitude and
subsequently reduced at the end of the stroke. Both the combustion force and the orientation

of the connecting rod change according to the crank angle. Therefore, the force, which creates
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torque vary with the crank angle. This action imparts a “twist-untwist” action of the
crankshaft (known as crankshaft wind-up or wind-down), causing torsional vibrations to

occur,

The tangential force component of the piston acting on the crankshaft also induces a bending
moment on the crankshaft other than the torsional moment, known as the coupled torsional-
bending moment. As the force, which causes this bending moment, is indeed fluctuates due to
aforementioned reasons, this will create bending vibrations, which could excite the bending

_ modes of the crankshaft.

In a four-stroke single cylinder internal combustion engine, the fundamental frequency of the
applied torque coincides with half speed of the crankshaft, and its harmonics, are, whole or
half orders of the instantaneous engine speed. Thercforé, there is almost an infinite number of
critical speeds, and in principle, high vibratory torques may be induced at each one of these
frequencies. The generated vibration amplitudes can be high enough in extreme cases to
cause crankshaft or other engine component failure, However, only a few critical speeds

induce seriously high vibratory torque amplitudes (Boysal and Rahnejat 1997).

Despite this, the excitations induced by the bearing cannot be neglected as discussed earlier.
Due to the off-centre motion of the crankshaft on the bearing bushing, high vibration
excitations can occur. This can be exaggerated by the excitations produced by piston lateral
motion. Even though there is a relationship between engine speed and the excitation
frequency of the combustion force, it is difficult to figure out a relationship between the

crankshaft rotational speed and the slap excitation frequency (Cho et af, 2002).

1.6 Engine performance

Thermal and frictional losses are the most important aspects that would affect the engine
performance. As identified by (Anderson 1991), thermal losses account for 60-65% of all
losses in an engine. From the remaining 35-40%, about 15% of the energy is dissipated as
mechanical and frictional losses by the articulating inertial members and conjunctions within
the internal combustion engine such as piston assembly, small-end and big-end bearing,
valve-train, cam-tappet, etc. (see Figure 1.6). Thus, only 13% of engine power is available to

perform the useful task of propelling the vehicle.

10
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Figure 1.6 Energy consumption in an internal combustion engine after
(Anderson 1991)

Most of the mechanical losses occur at contact conjunctions as frictional losses. The amount
of energy dissipated at some of the contact conjunctions are quantified in Figure 2.2. From
this figure it can be seen that most of the losses occur in the piston assembly. Bearings and
valve—train assemblies contribute more or less by the same amount as each other. As can be
seen from the figure various factors can influence the amount of energy lost in these sub-
systems. Even though it is not possible to completely eliminate the frictional losses, they can
be minimised, using various techniques. There include lubricant rheology. material
properties, surface topology. geometry and operational conditions such as contact geometry
or crankshaft configuration and assembly issues. However, as these changes affect sub-
systems quite differently from each other, an overall improvement of frictional losses cannot
be achieved just considering one sub-system in isolation. Therefore a use of system approach

is requested to accommodate many sub-systems within the same.

1.7 Aims and Objectives.

As stated earlier, the modern trend in the automotive industry is to reduce frictional and
mechanical losses, as well as noise level through reducing vibration levels. Considerable
amount of effort has been expended in order to reduce vibration induced by inertial dynamics

(by reducing mass as well as any imbalance in the system) in the rotating and reciprocating

components of the engine. Widespread use of light-weight components intended to reduce
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inertial imbalances (thus mechanical losses and inefficiency). unfortunately has to a large
extent led to increased structural vibration. Therefore. an optimum balance between inertial
dynamics and structural vibration has to be struck. The main design question becomes one of

flexibility and weight versus noise and vibration.

It has been found that finite element solutions show differences between test results with
dynamically loaded structures that undergo large rigid body motions. Solution through the
use of non-linear Finite Element Analysis (FEA) has improved the accuracy of results, yet
fails to provide a complete description of complex mechanical systems, including

hydrodynamics and large rigid body motions (Du 1999).

A rigid body model is not sufficient to provide a realistic assessment of the system, as the
reduced flexibility, gives unexpected amplitudes in some operating conditions. Therefore, a
model should, have component flexibility. As a response to the highlighted short-comings,
commercial multi-body dynamics software (ADAMS - Automatic Dynamic Analysis of
Mechanical Systems) is used in this report to model the inertial properties of the system and

the component flexibility is incorporated into the model, using an FEA software.

The hydrodynamic forces acting on the bearings. piston slap (secondary motion) motion,
including the skirt lubrication and elastic properties. ring lubrication including thermal
analysis and the combustion force acting on the piston top surface are also to be included in
the model, as given analytical functions or splines fitted to measured data. Most of these
forcing functions have been validated using an E6 test engine. Particularly, the variations in
the combustion gas force and crankshaft angular velocity been measured with an acceptable

degree of accuracy.

The main aim of this report is to present a detailed engine modelling method, referred to as a
multi-physics approach, in which, combined rigid body inertial dynamics, structural modal
characteristics of elastic components and tribological behaviour of load bearing surfaces have
been included into a single model. When such a model is made, the validity of model
predictions must be ascertained against experimental findings to enhance confidence in the
use of this methodology. Figure 1.7 shows the basic flow chart for the entire process of model

development and validation.

In order to achieve the above objectives the following steps are undertaken in this thesis:
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Figure 1.7: Model development flow diagram

A flexible multi-body dynamics single cylinder engine model similar to the E6
experimental engine will be developed in a commercially available multi-body
dynamics software. The model should be parameterized such that various

configurations, if needed, can be investigated.

The reaction forces generated by tribological conjunctions such as main bearings,
piston skirt-cylinder wall and piston ring-cylinder wall will be developed, based on
Reynolds lubrication in a separate subroutine that can be accessed by the main

dynamics code for each of its time step.

The model should be verified, using experimentally measured results obtained from

the E6 engine.

Validated model should be used as an analysis tool such that the effect of various

configuration changes such as crankshaft offset and the piston ring thickness on

engine performance can be investigated.




Chap.-1-Introduction Structure of the Thesis

1.8 Structure of the Thesis

Throughout this chapter the general trend and concerns of automotive industry in relation to
vibrations of IC engines, and frictional and mechanical losses were discussed. Its current
developments and interests were also highlighted, thereby providing necessary motivation for
undertaking this research. The thesis is divided into eight chapters including the current

chapter.

Chapter 2 reviews the research work carried out in this field starting from the basic historical
developments and theoretical findings, to the latest experimental and research work relevant
to engine vibrations. Particular attention has been paid to the use of multi-body dynamics and

tribological aspects of engine components.

In Chapter 3 a comprehensive multi-body dynamic analysis is presented for single cylinder
engines, including kinematic and dynamics of rigid and deformable bodies. Analytical
techniques for deriving the system differential and algebraic equations of motion of a multi —
body system are discussed with relation to Lagrangian dynamics. Sub-structure coupling

technique is used to couple rigid body motions with elastic deformation.

In Chapter 4 hydrodynamic lubrication analysis related to certain contact conjunctions in
single cylinder engine is presented. Analytical equations for lubricated conjunctions are
obtained, using classical analytical approaches. Temperature variations are also obtained for
these contact conjunctions, which affect the rheological characteristics of the lubricant. using
the energy equation. Considering these reaction forces from the lubricated contacts, the single
cylinder engine model is developed in a commercially available dynamics code, ADAMS.
The construction of this numerical model with the integrated tribological subroutines is
described in Chapter 5. The basic methodology used to obtain the component mode shapes,

using commercially available FE package, Nastran, is also presented in the same chapter.

Chapter 6 is basically devoted to description of experimental measurements, as well as
techniques used to validate the developed numerical model. The use of measuring transducers
such as accelerometers, vibrometers and impact hammers are detailed and their
measurements are quantified within the chapter. Comparisons are made between the

measured and numerical data, presented in Chapter 7. Critical assessment of numerical results

with respect to the developed multi-physics environment and its inter-disciplinary
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characteristics is made. Also the benefits of such a holistic multi-disciplinary approach in
engine design process and its usefulness in refining engine performance criteria are discussed.
Finally, chapter 8 highlights the main conclusions of the research and proposes suggestions

for future work to be carried out to extend the research and development findings contained

in this thesis.
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2 LITERATURE REVIEW

2.1 Introduction

With improved ride and handling performance of a vehicle, power train noise and vibration
characteristics have become progressively more important. In the modern society, the
lifestyle of many people involves the use of motor vehicles, and a significant proportion of
drivers’ time is spent under idling conditions or in slow moving traffics in congestion. As a
result, all road users are subjected to noise sources, particularly contributed by the power
train system. In contrast, noises induced from road-tyre interactions and by aerodynamics are
dominant at high speeds. However, recent surveys show that drivers are more annoyed by
structure-borne noise and vibration than airborne noise, the former being at a lower frequency

and almost entirely induced by the power train system as reported in (Gupta 2002).

Internal combustion engine can be broadly categorised into several sub-systems concerning
noise and vibration such as fuel pump system. timing belt gears, cam-tappet (valve train)
system and crankshaft piston assembly. Excitations from fuel pump system are dominant
particularly in CI (Compression Ignition) engines as it incorporates high injection pressures.

Although the combustion pressure excitation is more dominant in naturally aspirated engines,

it is greatly reduced in turbo-charged engines as reported in (Spessert and Ponsa 1990).
However, noise contribution from piston assembly is retained. demonstrating its significance
as an engine noise concern. Percentage noise contributions from various sources in an engine

are shown in Figure 2.1.

Piston crankshaft assembly is inherently unbalanced, because the translational inertial
imbalance of the reciprocating elements, such as the piston and connecting rod cannot be
represented by a rotating element with a constant rotating inertia as shown in (Rahnejat
1998), using a lumped mass model. Due to this translational imbalance there exists a
vibration spectrum that contains all the multiples of engine order vibration. However, it is
possible to reduce or eliminate the horizontal lateral inertial force by employing
counterbalanced masses along the crankshaft, whereas its vertical component can only be

attenuated by proper angular positioning of the crank or introducing a proper firing order

between the cylinders. However, all multiple frequency orders always exist in single cylinder
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Figure 2.1 Percentage noise emission from various noise sources in an
engine, after (Spessert and Ponsa 1990)

engines. These vertical inertial imbalances lead to torsional vibration of the crankshaft.
usually in second and higher engine orders for the most commonly used 4-cylinder 4-stroke
engines. This is also known as secondary inertia and can lead to coupled bending and

torsional vibrations (Hesterman and Stone 1992; Hesterman and Stone 1995).

The combustion process acts as an initiation source for the spectrum of noise and vibration of
an internal combustion engine. For a single cylinder 4-stroke engine. the power torque
produces engine order responses, which accentuate the effect of induced inertial torque.
having the same spectral content and the half engine order response as its fundamental and all
its higher harmonics. This spectrum of vibration (containing half-engine orders) is known as

engine roughness, which is also discussed later.

With the modern trend in high performance, low weight engines the component flexural
rigidity is reduced, leading to coupled bending, torsional and translational vibrations. The
experimental study carried out by (Wakabayashi er al, 1995) shows that bending stresses in
the crankshaft are coupled with torsional vibrations and just a single degree of freedom model
is not sufficient to predict system vibration behaviour. Cyclic variation of the crankshaft
rotational speed reflects the non-uniform nature of the torque produced. In his statistical
approach. Taraza (Taraza 2001) obtained a correlation between amplitudes and phases of the

same harmonic components of the power torque and the crankshaft speed. Several approaches
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that have been employed such as introducing a balancing shaft that balances the secondary
inertial imbalances (Suh et al, 2000), using a damper pulley that reduces high frequency
rotational vibrations (Morita ef al, 2001), etc reflecting the growing need to overcome these

problems.

There have been many studies of engine dynamics in literature, implementing numerical
models for engines, based on Lagrangian dynamics, and integrating necessary practical
features as mentioned earlier. (Boysal and Rahnejat 1997) presented a multi body dynamic
model for a single cylinder engine to predict torsional vibrations by incorporating
simultaneous solution of large displacement dynamics of engine components such as piston,
crankshaft, connecting rod and flywheel with infinitesimal vibrations of support bearings and
the trapped air fuel cylinder transient pressures. However, other main contributory factors for
the dynamic behaviour such as flexibility of the components. tribological behaviour between
the piston and skirt, piston ring interaction, gudgeon pin behaviour were not considered with
adequate detail. In (Ma and Perkins 2003) another approach can be seen. including the engine
block, engine mounts and flexibility of the crankshaft. A similar approach can be seen in
(Mourelatos 2001a) with several drawbacks, such as rigid connecting rods, lack of piston
lubrication information, etc. Even the methodologies used in industry for development of
engines are sometimes in very abstracted form. The model developed in (Mizuho Inagaki
2002) uses a lumped mass model for the connecting rod, which is not a very good

approximation as indicated in (Shiao and Moskwa 1993).

All the above mentioned factors point to a need for an integrated numerical prediction tool to
incorporate all the different physical phenomena, such as inertial dynamics and tribology,
with capability of dealing with the problem at various physical scales (tribological contacts
through to large displacement inertial dynamics). Such a tool can be described as multi-

physics multi-scale.

2.2 Lubrication Analysis

Since the dawn of civilisation, man has recognised the importance of overcoming friction.
Use of wheels where animal fat was used to lubricate the axle by the Babylonians as far back

as 3500 BC is one such example. The Egyptians in constructing pyramids also used fat and

water to move large stones carried on rolling logs with documented evidence.
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In mechanical systems, interactions between two loaded mating parts that undergo relative
motion with respect to one another creates tremendous amount of resistance to motion,
caused by friction. This can cause catastrophic failure or damage to the machine components,
such as wear, scuffing or other failure mechanisms. The introduction of a lubricant between
these mating surfaces simply aims to ensure that the two solid bodies are not in direct contact,
separated by a fluid film, which can be sheared with relatively low shearing force. This also
aims to ensure that there is no damage to the mating surfaces, as well as reducing heat
generated in the contact. Therefore, a major aspect of science of lubrication is to ensure an
ever lasting lubricant film between mating load bearing surfaces under various physical

conditions, thereby minimising the undesired effects of friction and wear.

When it comes to a complicated machine, such as IC engines, which consist of several sub-
systems, operating under varying conditions (load and speed). the situation is rather complex.
Different sub-systems respond differently for various physical properties of the lubricant such
as temperature, shear rate and pressure (Taylor 2002). Figure 2.2 shows the breakdown of

friction in a European type 2.0L engine for its various sub-systems and with different

lubricants. It can be seen that the frictional losses in the bearing and piston assembly
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decrease, while the viscosity is increased, whereas the friction increases in the valve train
assembly. This is the case for piston as the proportion of viscous to boundary contribution
becomes more significant with increased viscosity, at least as one effect. Already some
research on the total engine frictional losses have been carried out, but more details have to
be made clearer. Furthermore, the effects of lubricant viscosity on friction and wear of an
engine with specific lubricated contacts have not been clearly understood. Thus, it is very
complex to determine an optimised viscosity value. In fact reducing oil viscosity not only
deteriorates the reliability of engine parts, but also can increase friction in some other
conjunctions. Therefore, it is necessary to understand quantitatively the effects of different
lubricant properties on different lubricated conjunctions under real varying operating

conditions.

2.2.1 Principle of Lubrication

When one surface moves relative to a counter-face, the lubricant is dragged into the contact
conjunction (Cameron 1966). As the passage converges and the lubricant volume entering
into the contact remains constant, the almost incompressible fluid generates pressure to make
its path through the conjunction. This pressure force moves the two surfaces apart, preventing
a solid-to-solid contact. Even though many attempts reported in the literature about the use of
animal fat as an agent of reducing friction force, a proper study about lubrication from an
engineering science standpoint commenced in the 1850°s with the studies carried out by Von
Pauli in 1849 and Hirn in 1854 as reported in (Rahnejat 1984). They studied lubricated shafts
and bearings operating under fully hydrodynamic conditions. (Petroff 1883) analysed Hirn’s
work in some detail in 1883, Petroff was studying the variation of frictional characteristics in
a journal bearing with different types of oil, assuming that the lubricant was sheared between
the shaft and the bearing. Tower (Tower 1883) showed that there were considerable pressures
generated in rolling element bearings under fully hydrodynamic contact 6onditions. During
this period (Reynolds 1886) showed, using an analytical model, that a converging wedge-
shaped film generated an oil pressure distribution based on the Newton’s model for slow
viscous action and the well known Navier’s — Stokes equation. All the subsequent lubrication

investigations by many authors are founded on the fundamental work of Reynolds.

In recent years it has been recognized that the lubricated contacts with low geometrical

conformity such as gears, cams, rolling element bearings behave rather differently to the
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classical hydrodynamic lubrication (Dowson and Higginson 1977). High pressures generated
within this type of contact affect the viscosity of the lubricant dramatically as shown by Barus
and Roelands (Gohar 1988) and the lubricant becomes semi-amorphous. Furthermore, the
application of high contact loads and the change in viscosity can lead to substantial local
deformation of elastic solids. In contrast this local deformation changes the shape of the fluid
film and concurrently the pressure distribution in the contact. Ultimately, the metal to metal
contact is prevented. The formation of lubrication film due to such action is known as

elastohydrodynamic lubrication (EHL).

Only in the past 3 decades a complete theoretical solution for an isothermal EHL of point
contacts has successfully been analyzed, using simultaneous solution of the elasticity and
Reynolds equation. In (Hamrock and Dowson 1976) the conjunction is divided into equal
rectangular areas with a uniform pressure element over each area and pressure at each grid
point is calculated using Reynolds’ equation. Again (Hamrock and Dowson 1977a) presented
a similar approach for a point contact under fully flooded condition. A fully flooded condition
is said to exist, when the inlet distance of the conjunction ceases to influence in any
significant way the minimum film thickness. The inlet distance of the conjunction is defined
as the distance from the centre of the contact to the edge of the computing area. In (Hamrock
and Jacobson 1983) a procedure for the numerical solution of the complete isothermal EHL
fof a line contact is presented, assuming that there is no side leakage. This analysis may thus
be used as the foundation for more complicated analysis, incorporating surface roughness,
non-Newtonian effects, and temperature effects (Balakrishnan and Rahnéjat 2005;
Dursunkaya ef al, 1994; Keribar and Dursunkaya 1992; Mihailidis et al, 1999; Priest et al,
2000). Furthermore, Hamrock has formulated a relationship between minimum film thickness
and physical properties such as contact load, sliding speed and material parameters. Such
relationships are obtained by regression of numerical predictions over a range of these
parameters or by experimentation under similar conditions. These relationships are referred to
as extrapolated oil film thickness formulae. It is found that the sliding velocity is the most

influential parameter on the minimum film thickness.

It was not until the late 1960s and early 1970s that the influence of lubricant starvation upon
elastohydrodynamic behaviour received serious consideration (Chevalier e al, 1996; Messe
and Lubrecht 2000), which can influence the minimum film thickness by deviating from fully

flooded condition. Prior to this time it was assumed that the inlets were fully flooded.
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However, in due course it was recognized that some machine elements suffered from
lubricant starvation. (Hamrock and Dowson 1977b) presents a simple expression for the
dimensionless inlet boundary distance. This inlet boundary distance defines whether a fully
flooded or a starved condition exists in the contact. Especially in a multi-ring pack piston an
oil scraper ring preVents the inflow of excess oil, thus can cause starvation. In fact, it has been

shown that most multi-ring packs are operating under oil starvation (Han and Lee 1998).

2.2.2 Lubrication of Crankshaft Support Journal Bearings

An optimum engine design requires a system approach since the performance of each
component can be strongly dependent on the other components. The crankshaft is coupled
with the crankcase by hydrodynamic journal bearings (Hamai ef al, 1990). Combustion gas
pressure applied to the piston crown area is transmitted through the connecting rod and cause
elastic deformation of the crankshaft. The load is transferréd to the crankcase through these
journal bearings. With the trend in manufacturing compact and lightweight engines, the

deformation of the crankshafts has become more significant,

Due to a high degree of contact conformity, lower pressures are generated in the support
bearings and, thus, hydrodynamic regime of lubrication is more likely, particularly with
engines employing thick wall bushings, made of materials of high elastic modulus, such as
the E6 engine. As Reynolds illustrated there is a converging wedge-shaped film generated in
between shaft (the journal) and the bearing bushing. The rotating crankshaft (the journal)
entrains the engine oil into this converging gap. The generated hydrodynamic pressures,
supplied at typical inlet pressures of just 0.5 MPa to the contact, increase in magnitude up to
35 MPa or even higher to 150 MPa such as in the connecting rod bearing (Mihara and
Someya 2002). This results in maintaining a fluid film in between two mating surfaces in
relative motion. The maximum pressure in the journal can be seen at about 60° after TDC in a
four stroke engine (Mihara et al, 1995). The oil film thickness is severely affected by the
operating condition of the engine. In terms of bearing lubrication, at maximum speed with no
load or when deceleration the most severe operating conditions can occur, Under this severest
loading scenarios the maximum stress point can be seen in the base of the crankpin and the

web or else in the base of the main journal, depending on the force acting on the crankshaft

(centrifugal force or centripetal force).(Hamai ef al, 1990).
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A key issue in the analysis of engine bearings is the coupled complex elastodynamics of the
crankshaft system and the hydrodynamics of the journal bearing supports under transient
conditions, occurring due to variation in combustion gas force. Also, particular attention has
to be paid to the elastic deformation of the bearing housing under its conforming contact with
the journal, if thin shell bearings made of materials of low elastic modulus are employed
(Gupta 2002). Very high pressures generated can cause fatigue spalling in thin shell bearings
due to inelastic sub-surface deformation, leading to forming globular grits (due to pitting of
contact surfaces). Wear can also take place due to diminution of the gap (Kineshita et al,
1989). Furthermore, the dynamic nature of the transmitted force on the bearing support can
cause eccentric orbit of the journal, a condition referred to as w_hirl, which can result in the
conical motion of the flywheel. This problem is more pronounced with the journal bearing
situated nearest to the position of the flywheel (Kineshita ef al, 1989) (Boysal and Rahnejat
199'7). Theoretical'invcstigations have shown that there exist different points within the
eccentricity circle of a journal that can produce the same force, but with different
eccentricities (Kryniski 1991). Thus, external force carried by the bearing such as the weight
of the crank, combustion force, etc can be balanced in two different positions under same
speed conditions. Due to this reason, vibrating shaft jumps from one stable position to
another, creating high amplitude oscillations know as the jump phenomenon. This effect has
been observed, much earlier and explained through numerical analysis for dynamically
loaded journal bearings. (Newkirk 1924) reported the first instance of bearing instability. He
demonstrated that under certain combinations of speed and load, the journal centre did not
remain fixed as predicted by steady state Reynolds equation, but precessed or orbited about
the equilibrium position at a speed approximately half its rotational speed. (Pinkus and
Sternlicht 1961) who provided a full Sommerfeld solution for hydrodynamic journal bearings
explained the journal instability in terms of the angle of inclination of the resultant force
vector to the line of centres of the journal and the bearing bushing. The movement of the

shaft centre under the influence of the resultant force vector F, is not towards the centre of

the bearing O, , due to the influence of the angle ¢ as shown in Figure 2.3. Instead the shaft

centre is forced to move in an orbit around the bearing centre, which causes the whirl of the
journal centre about the centre of the bearing. The whirl frequency of the journal is
established by the speed that the shaft can pump lubricant into the bearing clearance

considering laminar flow conditions for the lubricant. Since the bearing sleeve (i.e. bushing)
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is stationary and the flow is laminar, The lubricant is entrained into the converging gap at half
the surface speed of the journal as it is explained in section 1.4. Therefore, an adverse
excitation frequency for a journal bearing is half the speed of the shaft it supports. While the
existence of this frequency is not a major obstacle for rotor-dynamic problems, its existence
in a four stroke IC engine has a significant influence as this frequency is coincident with the
half engine order, being the fundamental firing frequency, initiated due to the combustion

process. This effect may lead to instability during such jumps.

Under the imposed physical conditions, the journal would run at some eccentricity. The

region above the line of centres is subjected to diverging space, while the region below the

line of centres is subjected to a converging gap (see Figure 2.5). The lubricant builds high
pressures, when pumped into the converging wedge, whereas it is subjected to low pressures,
when it comes into the divergent gap. Squeeze effect which takes place due to pure normal
motion (convergence of contacting surfaces) of the journal also contributes to the generation
of pressures. It creates negative pressures in the case of separation of solids. When the
pressure falls below the saturation pressure of the lubricant solution, the dissolved air starts to
come out from the solution, forming cavité.tions. Generally, mineral oils contain 8 to 12% of
dissolved air (Hamrock ef al, 2004). Under EHL conditions, the mass conservation of the
fluid flow in the flooded area and the cavitated area can be used to predict the presence of

cavitation in a main bearing (Elrod 1980). During the operation of the journal in the engine,

circumstances can rapidly change, causing cavitations to intermittently occur. The occurrence
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of this and the collapse of cavitation may lead to a noise with high frequency over 5 kHz,

from main bearings under certain operating conditions (Aoyama et al, 2003).

Bearing hydrodynamics is greatly affected by both deformation of the crankshaft and the
engine block (Garnier et al, 1999). Therefore, a structural model of the crankshaft, a
structural model of the engine block and a lubrication model of a support bearing should be
coupled together in a2 good mathematical model of the engine bearing system. It is common in
studies of crankshafts to represent the oil film hydrodynamics either by the mobility method
(Choi et al, 1992; Katano et al, 1991b) or by their simple combination (Morita and Okamura
1990; Okamura ef al, 1990), even though these methods neglect the important effects of
journal bearing misalignment (Ichikawa et al, 1995) or the effects of oil holes or oil grooves.
Various simplified approaches have been used to solve the Reynolds equation, such as the
long bearing approximation, which assumes that the pressure variation along the bearing
length is negligible, and the short bearing approximation, which assumes that the pressure
variation along the circumferential direction is negligible (Hamrock ef al, 2004). Both these
methods are widely used to arrive at simplified analytical solutions (Mourelatos 2001b;
Pinkus and Sternlicht 1961) (Childs et al, 1977; Kirk and Gunter 1975).

Though Reynolds equation can be used to find pressure distribution in a lubricated
conjunction, there were some mathematical difficulties. In 1904 Sommerfeld neatly overcame
these integration difficulties by using a new mathematical substitution method known as the
Sommerfeld substitution (Hamrock et al, 2004). However, the pressure distribution obtained

using the Sommerfeld’s approach is skew symmetric about the minimum film thickness as
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shown in Figure 2.6. This may lead to the fact that the resultant load carrying capacity along
the line of centres is predicted to be zero and the resultant lubricant reaction force acts at right
angles to the line of centres, This implies that, as load is applied to the bearing, the journal
centre moves away from the bearing at right angles to the load vector, which is not a rational
conclusion. Also, under the Sommerfeld condition the pressures in the divergent film are all
lower than the ambient pressure. As mineral oils contain dissolved air, they commence to
come out of the solution, whenever the pressure falls below the saturation pressure. In many
situations the saturation pressure is very close to the ambient pressure, and whenever the
pressure falls below ambient, these dissolved gasses are liberated from the lubricant. Thus,

mostly ambient pressures are maintained in the divergent clearance.

This difficulty of predicting sub-ambient pressures by the normal Sommerfeld (referred to as
the full Sommefeld) analysis has led to the suggestion that the sub-ambient pressures
predicted by the analysis should be ignored. This approach which limits the analysis to the
convergent film is known as the half-Sommerfeld solution. This approximation in fact leads
to more realistic predictions of some bearing characteristics, but also leads to a violation _o.f
mass flow continuity due to its non-continuous nature of pressure variation at the minimum
film thickness position. Boundary conditions should be applied to solve the Reynolds
equation. One such boundary condition is the outlet boundary condition at which the film
ruptures and when the pressure is considered to become ambient. Thus, with incorrect
boundary conditions deviations occur from exact pressure distribution. There are many
cavitation boundary conditions used in the literature. The simplest is the half-Sommerfeld

condition as discussed above, which assumes zero load carrying capacity within the cavitated
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boundary conditions
area (Pinkus and Sternlicht 1961). Yet another cavitation condition is the Gumbel condition
in which the Reynolds equation is first solved subjected to specific boundary pressures at oil
hole and the two bearing ends. Then, the cavitation region is determined by disallowing the
existence of sub- ambient pressures. A more accurate cavitatibn condition is that of Reynolds
or Swift-Stieber condition, which requires the pressure gradient to be zero and the pressure to
be equal to the cavitation pressure at the cavitation boundary (Paranjpe and Goenka 1990)
(see Figure 2.7). However, Mourelatos claims that the most accurate cavitation condition is
the Jakobsson-Floberg and Olsson (JFO) condition, which conserves mass flow rate, both at
the film rupture point and at the reformation boundaries (Mourelatos 2001b). This will
increase the computational cost substantially by about 50% in analysis of bearing lubrication

with Reynolds boundary conditions (Mourelatos 2001b).

The most used and generally accepted boundary conditions, suggested in literature, is the
Reynolds cavitation conditions that feads to a finite length solution. To have a better
understanding of both finite length bearing solution and short bearing approximation, which
is the most widely used simplified approximation, the solutions have been compared in (Kirk
and Gunter 1975) as shown in Figure 2.8. Solid lines represent the finite length solution
reported to have come from digital computer solutions carried out by (Pinkus and Sternlicht

1961). In addition, the corresponding Sommerfeld number, which is proportional to the

reaction load, obtained from the short bearing solution is plotted for the same bearing length

to diameter (L/D) ratios. It is easy to see that the assumption is very good for L/D ratios of
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0.5 or less. However, it is also noticeable that the difference is progressively reduced for less

eccentricity ratios for any L/D ratio.

2.2.3 Piston Secondary Motion

In an IC engine, the piston is the reciprocating agent, which undergoes various kinds of
transition forces such as combustion force, piston skirt to cylinder wall or liner interaction
forces and pin bore reaction. Depending on the application, several piston skirt designs are
used. Full skirt pistons, half skirt pistons and articulated piston configurations show

noticeable performance variations. Full skirt pistons are widely used in normal cars and

28



Chap 2 - Literature Review Lubrication Analysis

Gudgeon pin

Thrust Plane " longitudinal Plane
Conventional Piston

Gudgeon
pin

Thrust Plane Longitudinal Plane

Articulated Piston

Figure 2.9 Conventional and Articullated piston
configuration
motorbikes, whereas half skirt pistons are mostly used in high performance engines such as in
the motor sport. Articulated pistons are widely used in heavy diesel engines such as for
tractors, caterpillars etc. Articulated pistons split the functions of axial and side load support
between two separate components named as crown and skirt, which are free to move relative
to each other as shown in Figure 2.9. The crown carries the axial loads such as the
combustion and inertial forces, while the skirt supports the side force on the piston assembly
needed to balance the moment of these loads about the crank pin. Requirement in
performance and durability of a piston greatly depends on the application of the piston. For
an example, engine of a F1 motor race engine is expected to survive only for 450 km,
whereas for normal car engines one would expect more than 200,000 km (of course at

considerably less unfavourable conditions).

The primary motion of the piston is well described by the kinematics of the slider crank
‘ mechanism, which is essentially the reciprocating motion in the process of converting linear
motion into the rotary motion of the érankshaﬂ. However, the clearance between the skirt and
the liner, which is essentially present to accommodate for the different thermal expansion
coefficients for the two sliding bodies and for the purpose of lubrication deviates the piston
motion from its primary motion alone. These additional motions; laterally and through tilting
are known as piston secondary motions. Though this clearance is very small, it is large

enough to produce piston secondary motion and finally to create unwanted noise and-
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vibration, when side forces can cause impétct and noise propagation, a phenomenon referred
to as piston slap. Piston secondary motions have long been recognized and linked to the
issues of friction, piston slap noise, liner vibrations and cavitation, skirt scuffing, cylinder
wear and oil consumption. In recent years piston secondary motions have been analyticaily
and experimentally investigated in order to gain insights regarding these issues and used for
the proper design of pistons. The early models like (Bishop and Leévitt 1975; Haddad and
Howard 1980) have generally excluded any representation of tribology of mating surfaces in
the piston assembly, even though these models are aimed for calculation of noise and

vibration.

Some engines are fitted with pistons, with an offset gudgeon pin, which can be used to reduce

the thrust side force on the piston. In IC engines the offset is to the thrust side of the piston as

shown in Figure 2.10. The primary reason for the gudgeon pin offset together with enhanced

fluid film presence is to reduce piston slap impact by viscous dissipation on the thrust side of |

the cylinder bore soon after the piston passes the top dead centre during the power stroke
(Balakrishnan 2002). Number of attempts can be seen in literature in the investigation of
piston slap noise. (Haddad 1995; Haddad and Tjan 1995) has investigated piston slap noise
using energy approach, in which he has considered the piston as a rigid body and possible
piston orientations within the cylinder were identified. Momentum balance was used to
predict the successive orientations and the kinetic energy loss was obtained during each
change of orientation, which was supposed to be the dissipated energy as slap noise. It has
been revealed that offsetting the crankshaft or the gudgeon pin towards the piston thrust side
reduces this energy loss, whereas the piston centre of gravity does not respond to this loss of

energy.

Another attempt by (Cho et al, 2002), utilizing 2 measured point mobility method to represent
lubricant reaction and a rigid piston revealed that the maximum impact force under slap
condition was around 70N . However, impact force induced from piston slap is greatly

affected by.the clearance between the piston skirt and the cylinder liner, bearing friction and

the crank speed (Farahanchi and Shaw 1994). Slap noise is prominent at about 5°degrees of

crank angle after the TDC during the power stroke which generates block vibrations up to a
frequency of 2 KHz (Teraguchi et al, 2001).
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The friction force generated between the piston bore and the piston skirt is strongly affected
by piston slap motion. Due to the impact nature of the slap motion the side force generated is
high and so is the friction force. This friction force is then transmitted to the other
components of the engine, which may lead to unwanted noise and vibration other than the
obvious frictional power loss. However, the issues of piston friction, slap noise, liner
vibrations and cavitation, skirt scuffing, and oil consumption are strongly related to each
other and cannot be addressed in isolation. Thus, hydrodynamic lubrication in piston skirt-to-
cylinder bore, boundary lubrication due to asperity contacts at TDC or BDC, deformation of
liner leading to EHL conditions, thermal effects on both Iubricant and structural member
(thermal deformations that causes the change in clearance between the piston and cylinder
liner due to different thermal expansion coefficients), availability and transport of lubricant
(oil starvation) must all be ideally considered together with piston secondary motions in order
to obtain a good insight into the piston behaviour. Nevertheless, combining all these effects
into a holistic model in great detail would lead to unacceptable computation times, but it is
possible with the acceptable approximate mathematical techniques, which form the basis of

the research reported in this thesis.

Whilst early investigators ignored hydrodynamics of the skirt bore interface, various
subsequent investigators have studied the skirt lubrication problem in greater details. (Knoll
and Peeken 1982) have considered the skirt lubrication problem in isolation, without regard
to full inertial dynamics br overall component flexibility. Usihg finite element solutions for
Reynolds equation, they have calculated maps of dimensionless side load capacity and tilting

moment as a function of the Sommerfeld number, based on axial lateral and tilt velocities and
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tilt angles, for a perfectly cylindrical skirt. The need to account for possible oil starvation at
the dead centres of the cylinder was also highlighted. (Keribar and Dursunkaya 1992) have
investigated the skirt lubrication problem by considering motions of the piston, pin, rod and
skirt (for articulated pistons) calculated separately and subsequently solving Reynolds
equation to obtain the contact pressure and film thickness distribution in the skirt-bore and
wrist-pin interfaces. This amounts to a quasi-steady approach. Dynamics was treated in a
generalized fashion to find the axial, lateral and tilting motions of the piston, wrist-pin and
the position of the connecting rod. Perturbation technique was used to find the parameters
needed to solve the Reynolds equation. Their work was subsequently extended, incorporating
skirt elastic deformations in (Dursunkaya ef al, 1994). Skirt deformations were calculated
using a skirt compliance matrix derived from a finite element model of the piston. In (Yang et
al, 2001) authors have used the same type of methodology, but here the effects of asperity
contact friction in the skirt bore were also included into the model, using a statistical
approach, which was presented by (Greenwood and Tripp 1970). A more detailed
investigation has been carried out by (Balakrishnan and Rahnejat 2005), including inertial
dynamics, secondary motions of the piston and the effect of rigid body approach and
separation of the contiguous load bearing surfaces. Elastic deformation of the skirt and bore
were taken into consideration under isothermal conditions, dividing the skirt into a dense

computational mesh of 180 x 80 for an actual skirt profile.

Lubricant supplied to the skirt-bore interface considerably affects piston slap and friction. By
supplying an adequate amount of lubricant into the skirt, a relatively thick oil film can be
formed in the conjunction. Piston slap motion can be reduced by the fluid film as it increases
the impact time, thus reducing the force at the impact. This paves the way, not onlgz to reduce
slap noise, but also to reduce piston friction considerably as shown by (Teraguchi ez al, 2001)

from their experimental work.

2.24 Piston Ring Analysis

The process of power generation in an IC engine starts from the translational motion of the
piston inside the cylinder bore that takes place due to pressure difference between the
combustion chamber and crankcase pressure. A diametral clearance of about 60—-100um is
present between the piston skirt and the cylinder liner in order to compensate for different

thermal expansions between them. On the other hand, such a clearance is mandatory to
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Figure 2.11 Forces acting on piston ring

maintain a proper lubricant film, reducing friction and wear between the piston skirt and the
cylinder liner. Isolation of high pressure combustion chamber, preventing any gas leakage
into the cylinder block obviously enhances the power output of the engine significantly. The
. task of isolation is supposed to be achieved by the piston ring pack, while ideally maintaining
a minimum friction force. Tribological and sealing qualities of piston rings have long been
recognized as important influential parameters for power loss, fuel consumption, oil-
consumption, blow-by and harmful exhaust emissions. Due to the complexity of the features
of the piston ring- cylinder wall contact, a comprehensive analysis of piston rings has

somewhat lagged behind other engine components.

Piston ring is subjected to various forces as shown in Figure 2.11. Combustion gas force
acting in the vertical direction pushes the ring onto the bottom face of the piston ring groove.
Lubricant film is formed underneath the ring and the piston and prevents any gas leakage
~ through the gap. Generally the ring radius is larger than the radius of the cylinder bore.
Therefore the ring is squeezed in radial direction when it is inserted into the cylinder bore
such that it sits firmly while having a radially outward tension force on the cylinder bore,
which is called the ring tension force. Both horizontal gas force acting on the ring and the
ring tension tend to push the ring against the cylinder bore and are balanced by the lubricant

reaction acting on the cylinder bore. While maintaining a sufficient reaction force to
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- compensate for ring tension and gas force, the lubricant film between the cylinder liner and
the ring prevents any gas leakage though the gap. However higher ring forces against the
cylinder wall causes smaller film thickness that will increase the piston friction force.
Generally the piston ring friction accounts for 20% of total piston-liner frictional forces as
can be seen from the Figure 7.29. Therefore excessive ring tension must be avoided.
Furthermore, the piston and gudgeon pin inertial forces, as well as body forces make the

system more complex (Priest ef al, 2000).

Under the influence of such forces, the piston ring pack exhibits a complex dynamic
behaviour, which includes the dynamics of the rings and related gas flow and oil flow,
twisting of the piston ring and its influence on ring-liner and ring-groove lubrication and
unsteady oil supply to the upper piston rings and its effects on ring-liner lubrication. Due to
mutual interconnection between ring lubrication and dynamics one cannot study one aspect

alone, while neglecting the other.

Even though prevention of gas leakage is the intended task of the piston ring, it cannot totaily
be eliminated owing to many reasons. Due to dynamic nature of its forces ring may lose its
stability in the axial and radial directions, which is known as ring flutter (Tian 2002a), and
introduce new paths for gas leakage in addition to the ring gap. The rate of gas leakage due to
ring flutter is much greater compared to the leakage through the ring gap (Tian et al, 1996).
~ Furthermore, ring flutter has a profound influence on the oil flow in the piston, which directly
affects oil transport and oil consumption. Additionally, the net dynamic force on the ring may
augment ring twist within an engine cycle, thus causing additional effects to the piston tilt
(Kurbet and Kumar 2004). These may change the clearance gap between the ring running
surface and the cylinder liner. Minimum film thickness has two important effects on ring-
liner lubrication. Firstly, the location of the minimum film thickness determines the width of
the convergent part of the ring running surface, and thus the radial load carrying capacity of
the ring. Secondly, radial loading varies with the minimum film thickness if there exists a gas
pressure difference between the regions separated by the ring. This influences friction and
asperity contacts between the liner and the ring (Tian 2002a; Tian 2002b).

Furthermore, prevailing lubrication conditions between a single ring and the liner should not
be considered as isolated from the entire system. Instead, the lubrication condition of a ring

largely depends on its oil supply, which is determined by the lubrication between the ring
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preceding it (leading its sliding motion) or the lubrication of itself during the previous stroke
(Han and Lee 1998). In the liner region, where the oil control ring can reach, the upper piston
rings are lubricated by the oil left by the lower rings (i.e. its inlet meniscus is determined by
the preceding ring’s outlet lubricant flow). In the upper dry region, where the oil control ring
cannot reach, the top two rings need to entrain the oil from the lower liner region in order to
lubricate themselves. As a result of these dependencies between different rings and the liner
locations, the lubrication condition of the ring exhibits frequent shifts between hydrodynamic
. lubrication, mixed lubrication and pure boundary lubrication (Cho et al, 2000). Additionally,
the regime of lubrication largely depends on the sliding speed of the ring. Theoretical and
experimental studies have confirmed that piston rings enjoy hydrodynamic lubrication
throughout most of the engine cycle, but that a transition to mixed or boundary lubrication

can be expected near the dead centres with special regards to TDC (Dowson et al, 1983).

In a lubricated contact one body can be moved relative to the other in tangential direction or
in normal direction. Tangéntial motion is known as sliding and normal motion is known as
squeeze action or the squeeze film action. The velocity that the two contacting bodies are
approaching or departing normal to each other is called the squeeze velocity, which
~ contributes a lubricant pressure to be built up at the contacting point. The squeeze affect is
more pronounced in pressure building at places where the sliding velocity is nearly zero or
completely stopped momentarily such as TDC. Even though the adverse conditions at the
ring-liner contact occurs at the TDC position, as might be expected from simple
considerations of the cyclic variations of the entraining velocity, the thinnest film occurs
shortly after the TDC owing to the beneficial effect of squeeze-film action there. The
movement of the ring towards and away from the cylinder liner causes the squeeze action.
The motion towards the liner causes a negative squeeze velocity producing higher pressures
in the contact so as the load bearing capacity. Under hydrodynamic conditions the predicted

minimum oil film thickness shortly after TDC are often as small as 0.1um and sometimes
even smaller (Dowson et al, 1983). With the composite surface roughness of nearly 0.4um
(based on average roughness values (R, )) in most conventional engines, boundary or mixed

regimes of lubrication become prevalent. Therefore, Dowson explored the role of
Elastohydrodynamic (EHL) lubrication at such adverse conditions in the contact. During
EHL conditions high contact pressures of around hundreds MPa were predicted such that the

iso-viscous assumption does not hold true as it does under hydrodynamic conditions. Such an
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increase of pressure at the contact converts the lubricant into a semi — amorphous state, and
thus piezo-viscous conditions are necessary to be considered. In their study of ring-liner EHL
interaction (Dowson ef al, 1983) used the Barus equation (4.68) to represent the pressure

effect on viscosity. Viscosity ratio of 2 was considered to be the limiting factor for EHL

conditions to occur which gives 50MPa at a temperature of 150°C .

Most of the numerical studies carried out on ring-liner interactions are based on one-
dimensional (1-D) models which assume no flow in the circumferential direction of the ring
also known as line contact approximation (Hamrock and Jacobson 1983). Moreover, the
piston ring and cylinder liner were assumed to be perfectly circular, and the film thickness
was taken to be uniform in the circumferential direction. None of these assumptions are
particularly true in practice, particularly due to flexibility of ring' and the cylinder liner.
Studies have shown that there is a considerable difference between one-dimensional and two-
dimensional (2-D) solution for a rigid piston ring (Liu et al, 1998). 2-D solutions always
show a lesser film thickness compared to 1-D solutions due to circumferential flow, which in
turn decreases the hydrodynamic pressure to support the load and lead to a smaller film
thickness (Yang and Keith 1996a). On the other hand, lubrication aspects in ring-liner are
also affected by ring flexibility due the non-uniform stiffness of the piston ring, resulting in
its deformation into a non-circular shape under dynamic loads. Under these conditions the
gap between ring ends as well as the gap between piston ring-to-cylinder liner are changed,
thus enhancing blow-by (Yang and Keith 1996b). Also due to dynamic excitations modes of
the flexible ring can be excited. The predicted in-plane ring deformation, using simple beam
theory shows significant radial deformations of about 2mm for a normal piston ring of
- 82mm diameter and 2mm face-width (Okamoto and Sakal 2001).

Mathematical models of piston ring dynamics and lubrication are predominantly sensitive to
correct description of boundary conditions, used to solve the Reynolds’ equation and properly
prescribe cavitation conditions occurring in the diverging outlet region of the lubricant film
between the piston ring and the cylinder wall. The formation of gas cavities in the diverging
region of the lubricant film influences the shape of the hydrodynamic pressure profile as
discussed by (Cameron 1966). This consequently has an effect on load éarrying capacity of
the interface. Sommerfeld approximation as it is discussed in the previous section is the
simplest, even though the standard assumption is Reynolds’ criterion, considering lubricant

pressure at trailing ends are equal to the gas pressure as formulated by (Dowson et al, 1979).
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Recently very different set of boundary conditions, based on the assumption flow separation

rather than gaseous cavitation has been presented by (Priest et al, 2000).

Prediction of temperature rise in lubricated contacts between machine elements is an
important issue as this affects lubricant viscosity as well as, at significantly high
temperatures, the structural integrity of the mating solids. The laws expressing the
conservation of energy can be used to relate heat generation through compressive and viscous
heating to convection and conduction cooling (Gohar 1988). Generally, convection cooling is
not significant in EHL contacts, since the lubricant film is quite thin. (Cameron 1966}

justifies its omission with an order of magnitude analysis for hydrodynamic bearings. The

maximum temperature difference in a typical EHL contact would be about 30°C according
to (Mihailidis et al, 1999), and this is more than enough to change lubricant rheological
properties within the contact. The higher thrust force applied in relatively smaller area and
higher cylinder wall temperatures due to the combustion process makes the situation rather

complicated in piston ring-cylinder liner conjunction.

2.3 Dynamic behaviour of the Crankshaft

Non-uniform character of the torque produced in a reciprocating 1.C. engine results in a
cyclic variation in the crankshaft’s speed. When various noise sources have been ranked
according to their importance, the combustion excitation is identified as the critical source
(Haddad and Tjan 1995). Because the crankshaft is an elastic structure, its response to the
different harmonic components of the applied torque is different and changes with engine
speed. Engine crankshéft can cause vibrations of the engine and power plant structures. Early
in the design stage a precise prediction of the three dimensional vibration behaviour of the
total crankshaft under running conditions and the behaviour of the engine structure due to

crankshaft excitation are essential,

In recent years engineers have sometimes designed the dimensions of the crankshaft by
considering the noise level as well as the induced stresses. This reflects the growing
importance attached to noise and vibration issues (Katano ef al, 1991a). The following

processes are supposed to be the causes for the structure born rumbling noise:
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1. The inertial force by the reciprocating mass of the piston and the connecting rod
system pushes and pulls the crank pin, resulting in torsional vibrations of the
crankshaft.

2. In this state, the combustion gas pressure in the combustion chamber causes the piston
and connecting rod to induce inertial torque variations in the crankpin attached to each
cylinder.

3. Both combustion gas force and the connecting rod forces on the piston create a side
thrust force that pushes the piston against the cylinder wall, creating an impact force.

" 4, The crankshaft, accelerated by the exciting force, rotates and gives rise to varying
journals’ reactions.

5. The shock, thus generated, vibrates the cylinder block through the main bearings as
well as the cylinder wall, and causes noise to be radiated from the cylinder block
surface. Vibration is subsequently propagated to the cabin through the engine mounts.

6. The cabin panels vibrate in response to the rumbling noise.

7. The cabin air cavity resonates under the engine excitation.

Since this process involves a large chain reaction, it is not sensible to analyse given sub-

systems in isolation. Thus, several system approaches have been made to study the dynamic

behaviour of the crankshaft system.

In (Katano et al, 1991a) the crankshaft behaviour and the source of the rumbling noise was
simulated in order to clarify the effect of crankshaft vibration on its support bearings after it
is accelerated by the induced inertial imbalance. This study was based on the non-linearity of
the oil film, dynamic characteristics of the crankshaft and the flexibility of the cylinder block.
The mobility method was used to relate the rate of change of eccentricity to the loading and
the current state of the bearings. Components’ mass, inertial properties, stiffness and damping
matrices were partitioned to distinguish between the degrees of freedom under several

loading conditions,

(Boysal and Rahnejat 1997) presented a multi-body numerical non-linear dynamic model of a
single cylinder internal combustion engine. The model comprises all rigid body inertial
members, support bearings, joints, couplers and connections between various engine
components, as well as means of vibration damping, such as the crankshaft torsional damper.

The detailed model is parameterised, thus enabling virtual prototype testing of various engine
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designs, as well as allowing the engine designer to carry out a comprehensive noise, vibration
and harshness investigation of engine performance. This new approach was basically
concentrated on engine design. It incorporated large displacement dynamics of engine

components, combustion pressure and infinitesimal vibrations of support bearings.

Combination of multi-body dynamics with flexible bodies is an advantage for geometric non-
linear FEA and rigid body dynamics. (Du 1999) invéstigated a V6 engine, which had been
modelled with multi-body dynamics and flexible bodies. Impedance method and a full FE
method to model the oil film bearing were used to represent hydrodynamic bearings as two
alternative approaches. Model synthesis technique was used to reduce the size and number of
resulting equations, representing the stiffness and mass of the crankshaft and the engine
block. It was concluded that the vibration behaviour was largely different with a flexible

engine block, when compared to a rigid block.

(Piraner et al, 2002) used a simplified approach, developed in the industry. It first combines a
“quasi-static” crankshaft model and a rigid hydrodynamic bearing model to address
crankshaft fillet bending stress and bearing performance characteristics. Then, the crankshaft
bending loads are combined with the torsional loads to simulate stress at any location ina
crankshaft FE model. ADAMS and ANSYS were the main software tools used.

2.3.1 Torsional Vibrations

- At any instant of time the radial component of the piston force is transmitted along the
coﬂnecting rod and is applied to the crank pin. This force tends to pull the crankpin away and
induces an instantaneous bearing support load. The tangential component of the piston force
is utilised for crankshaft rotation. During piston motion inside the cylinder the inertial piston
imbalance increases in magnitude and subsequently reduces at the end of the stroke. This
action results in an imparted twist-untwist action on the crankshaft, indﬁcing torsional
vibrations. Owing to the combustion cycle, the gas pressure inside the combustion chamber
varies with a maximum pressure force at the powér stroke, a few degrees after the TDC. In a
four stroke internal combustion engine the applied torque’s fundamental frequency coincides
with half the crankshaft speed and its harmonics are at whole or half orders of the same speed
(Rahnejat 1998). Half order harmonics of the engine torque are only contributed by the gas

pressure and integer harmonics orders up to sixth order are mainly contributed by the
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operation, the pressure varies from cycle to cycle and cylinder to cylinder, causing
fluctuations of the mean value of the cylinder torque (Taraza 2001). Therefore, there are an
infinite number of critical frequencies, and in principle high vibratory torques can be
expected at each of these frequencies, which are referred to as unexpected rotational
frequencies. This phenomenon was first observed by Draminsky (see (Draminsky 1965)).
(Hesterman and Stone 1992) pointed out that this is due to variations in inertia of large
reciprocating mass and, thus a constant inertial assumption is not particularly valid for
reciprocating masses. It has been known for some time that the torsional vibration of
reciprocating engines and pumps cannot be modelled accurately by representing the
reciprocating mechanism by a constant inertia. It further varies with the angular position. The
major component of this variation is a twice per revolution cyclic effect and hence termed as
secondary inertia. The consequences of this secondary inertia effect can be serious for

torsional vibrations, causing secondary resonance and even instability.

(Goldsbrough and Baker 1926) used the linearized Floquet model (a non-homogeneous
differential equation with periodic coefficients) for low speed multi-cylinder engines with
certain assumptions such as, no relative twist between neighbouring crank assemblies, the
flexible connecting rods are massless, connecting rod is infinitely long and higher order terms
in the resulting equations were considered as not significant. He made an experimental rig
and consequent correlations between the predicted and measured results were deemed as
being very good, although deviations were noticed as the piston wéight was increased. Based
on his experimental work, Goldsborugh concluded that the flexible shaft was subjected to
vibrations at all speeds, and within a certain defined range these vibrations were unstable
(Hesterman and Stone 1995). However, revealed induced cyclic stresses at the service speeds
were found to be well in excess of those predicted. In order to explain these unusually high

stresses, Draminsky developed a theory based on non-linear analysis (Draminsky 1965).

Balancing of reciprocating inertia has become a severe problem for three cylinder engines of
180° phase difference configuration as only 50% of the unbalanced primary reciprocating
moments are eliminated by adding counterweights to the crankshaﬁ” system. This enhances
primary pitching moment on the engine. (Suh et al, 2000) investigated the effects of balance
shaft on this pitching moment with the aid of DADS and MSC/Nastran, taking into account

dynamic and inertia properties respectively. It has been observed that the rigid body motions

reciprocating inertia (Taraza 2001). Due to small, but inherent variations in cylinder
40 ‘
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of the engine with the primary balance shaft are largely reduced due to the transformation of
50% of the unbalanced pitching moment into the yaw moment in a three cylinder
configuration. In engines with large reciprocating masses the effect of inertia variation is

significantly more pronounced

The variation of torsional inertia with time, which results in a secondary resonance, affects
crankshaft failures. The induced inertial torque may have components at any integer multiples
of engine speed. If any of these contributions coincide with component frequency an
unexpected resonance may occur. If the oscillation occurs at resonance condition (multiples
(n) of the engihe speed coincident with undamped natural frequency), then there is a
consequential oscillation at n-2 and n+2 as well (Hesterman and Stone 1992). Until recent
times, one-degree of freedom analysis was predominant in the process of crankshaft vibration
analysis. which is not able to capture the coupled bending and torsional vibrations. However,
the later use of Transfer Matrix Method (TMM) has allowed investigation of coupled
vibrations in crankshafts (Wakabayashi ef al, 1995).

232 Engine Noise Emission

The main enefgy source for the enginé as the power plant is the combustion process from
which a certain amount is utilized for coupled axial, bending and torsional vibrations of the
crankshaft. Some of the energy is dissipated from the crankshaft itself due to its internal
damping and in the form of acoustic energy. However, another significant amount of
vibration energy is transferfed to the engine block through the main crankshaft support
journal bearings. The piston secondary motion also creates significant amount of excitations

on the engine block (Spessert and Ponsa 1990). These excitations with various frequencies

are absorbed by the engine block and dissipated through them to the environment as acoustic

(air born) energy (or noise), and to lesser extent as heat It is known that the engine noise is
dominant in the middle to high frequency range (0.5 to 2.5 KHz) (Athavale and P.R. 1999). It
has been determined that this noise is mainly caused by the fundamental natural vibrations of
the cylinder block.

Parallel to the development of light weight, high output power engines, made of materials
with significant elasticity and thermal expansion the attention towards noise emission has

become significant as a perceived quality issue. Thus, the need for more detailed analysis has
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become paramount. Other than balancing and phasing of crankshaft some other approaches
such as counter-balanced shafts (Suh ef al, 2000) and torsional dampers (Morita and
Okamura 1990) have been used to reduce crankshaft vibrations. (Okamura ef al, 1990) used a
method, referred to as the dynamic stiffness matrix method to study the effect of crankshaft
three dimensional vibrational behaviour with a torsional damper. In their analysis main

bearings were represented as spring - damper combinations. They found that engine block

vibrations reduced with the increased mass and moment of inertia of the front pulley. The

same was concluded in a more detailed analysis carried out by (Athavale and P.R. 1999),
using FEM and BEM to examine the effects of coupled torsional and lateral bending

vibrations of the cylinder block and the crankshaft on engine noise.

Even though the dynamic damper pulleys are used to reduce both crankshaft vibrations and
engine noise, it is observed that sometimes engine noise level is not reduced as would be
expected (Morita et al, 2001). Since the crankshaft pulley is attached to the front end of the
crankshaft, its vibration can induce engine front noise. Indeed it is reported that a crankshaft
pulley, could become a noise source at the engine front. The axial vibrations of the dynamic
damper pulleys have been measured together with radiated noise in front of the engine under

operating conditions. It has been found that the damper can be quite significant in noise

radiation (Morita et al, 2001). In the low frequency range (< V2 kpulley natural frequency),
axial vibration of the damper mass can exert a significant influence on the engine front noise,
whereas in the higher frequency range the influence of the axial vibration of the damper mass

on engine noise is small.

Torsional dampers have been attached to engine crankshafts only for the control of the
crankshaft torsional vibrations. However, the torsional damper is a mass-spring system of
three-dimensions, so the torsional damper can exert some influence on the three-dimensional
vibration behaviour of the crankshaft system. Since, the inertia ring of the torsional damper
rotates with the crankshaft, gyroscopic vibrations can also be generated. The gyroscopic
couple of the front pulley also affects the vibration behaviour of the crankshaft, and thus the
noise emlsswn In large engmes there are two types of bendmg vibrations found
unexpected]y one is due to the coupling with torsmnal v:bratlons and the other is due to

gyroscopic vibrations by the front and rear pulleys (Klmura et al, 1997).
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(Okamura and Yamashita 1997) investigated the influence of the mass and moment of inertia
and the accessory gears on three-dimensional vibrations of the crankshaft system. Three-
dimensional vibrations of the crankshaft system were measured by hammer and shaker tests.
Torsional vibrations were investigated initially using Holzer’s method and the three-
dimensional vibrations calculated by dynamic stiffness method. The change in the natural
frequency, when the gear train is attached near the flywheel, is negligible {essentially small).
This happené as nodal points, where zero displacement points in normalized mode shapes of
the crankshaft, stand closer to the attachment point of the gears. In the lowest frequency mode
shapes nodal points can be seen closer to the front as well as rear end of the crankshaft.
However, nodal point at rear end is more accessible than that of the front end nodal point.
Therefore, it is concluded that the gear train should be engaged to the crankshaft system at the
crankshaft rear end as close as possible to the nodal point of the crankshaft. This will

significantly reduce the vibration transmission to the attached gear train.

2.4 Vibration Analysis with FEM

Even though conventional stress analysis for a crankshaft can be used earlier in the deéign
stage due to their reduced cost and time requirement, a detailed analysis cannot be performed
without FEM, which is quite time consuming and expensive. Accuracy of the FEM increases
with an increase in the number of elements used in a solid model. This in turn increases the
processing time, as well as the memory requirements for a detailed model. Therefore, even
for a relatively simple cr:;nkshaﬂ, tedious modelling and expensive computation costs are
inevitable. Thus, a number of reducing techniques are used to alleviate the computational

costs of large FEM undertakings.

To overcome these difficulties of FEM analysis (Nagamatsu and Nakao 1983) developed the
Reduced Impedance Method (RIM), in which the crank journal and crankpin are
approximated as round bars, The resulting derived impedance matrix is in a closed-form,
using TMM. Thus, FEM analysis is only needed for the crank arm and the counter weights.
By further enhancing this methodology (Okamura ef ai, 1995), simplified the crankshaft three
dimerisional anélysis by approfcimating these crén_k afm and crounter. weights as simple

rectangular beam blocks. _ )
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(Knoll et al, 1997) developed a software package to simulate the dynamics of a flexible
crankshaft and a flexible engine block, coupled by non-linear, distributed,
elastohydrodynamic fluid film bearing reaction forces. The main idea for this was to change
the base of the .solution domain from a large set of locally-defined ﬁnite element base
functions to a small set of globally-defined base funcfions, which woﬁld satisfy the relevant
dynamic behaviour. Using this software model, 69885 DOFs in an engine block was reduced
to 72 master DOFs and 50 additional model DOFs.

(Hu et al, 2003) presented a finite element based formulation for modelling the dynamic
behaviour of a rotating flexible shaft supported by a flexible structure. The coupling effect
between the rigid-body rotation and the flexible deformation of the shaft was considered and
represented by non-linear coupling terms in the mass matrix and forcing vectors in the global
system of equations. A specialized coupling algorithm was developed between a flexible and
- rigid-body dynamic formulation of a rotating shaft with the flexible body dynamic equations
of the support structures. In the new coupling algorithm the flexible DOF for both the shaft
and the support structure were represented as a condensed set of internal and retained DOF in

a Craig-Bampton formulation.

(Mourelatos 2000) presented a structural analysis, using dynamic sub-structuring with Ritz
vectors for predicting the dynamic response of an engine crankshaft based on the finite
element method. The model couples the crankshaft structural dynamics, thé main bearing
hydrodynamic lubrication and engine block stiffness. A two level dynamic sub- strﬁbtﬁring

technique was used, based on finite element method.

2.5 Crankshaft Offset

Offsetting the crankshaft axis with respect to the cylinder axis has been thought to be a
method to reduce piston side force, by closely adhering to the thrust side and limiting lateral
secondary motions. Hence, piston friction is expected to be reduced, by reducing the chance
of high impact forces. (Nakayama et al, 2000) modified a single cylinder engine to have a
crankshaft offset and piston frictional force Was meaéﬁrgd in real time, hsing a floating liner
method. In addition, f,aser Induced Fluorescence (LIF) technique was empioyed to méasure
oil film thickness on the piston skirt area, and gap sensors were used to measure piston

motion. In accordance with the measurement results, crankshaft offset changed piston slap
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motion. Hence, the conditions of piston skirt contact and oi! film development changed, in
addition to changes in piston side force. These affected the piston friction characteristics.
Crankshaft offset decreased piston friction during the expansion stroke, while in the
compression stroke it was same, but increased the piston side force only slightly.
Additionally, piston skirt tilt angle at TDC was reduced with respect to the cylinder wall by
the crankshaft offset. Thus, a wider area of upper piston skirt contacted the cylinder wall and

helped develop a coherent oil film and reduce friction.

(Cho et al, 2003) presented an analytical method to investigate the effects of crankshaft offset
over the engine friction. In their study mathematical models were used for evaluating the
friction level for all engine parts. The model was tested by off-setting the crankshaft axis
towards the thrust side. The magnitude of piston acceleration and external forces acting on it
and on the crank pin were affected by the offsetting. Thus, such changes directly affected the
dynamics and the tribological characteristics of engine moving parts. In their mathematical
model the journal motion within the engine bearing was described by a non-linear
equilibrium equation. However, the crankshaft system was supported by the main engine
bearings, which are statically indeterminate. It was, therefore, difficult to determine an
accurate bearing load. The steady-state form of Reynolds equation was used as the governing
equation for lubrication analysis, assuming that the engine bearing was operating in the fully
hydrodynamic regime of lubrication. Long bearing approximation was used for piston ring —
skirt interactions, while two-dimensional mixed lubrication was considered for the piston

skirt — cylinder wall interactions.

Cho et al also observed an increase in the piston side force at the anti-thrust side during the
compression stroke, while it decreased during the expansion stroke at the thrust side with the

crankshaft offset. There was a crank offset to minimize the mean side force, but its value was

found to be very much dependent on the engine speed. As the engine speed was increased,

the amount of offset to minimize the mean side force was decreased, and it was noted that the

crank offset had a good effect on the side force reduction at low engine speeds. .
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3 MULTI-PHYSICS MODELLING

3.1 Introduction to Multi-Physics Modelling

The engine system defined in this thesis consists of piston, connecting rod, crankshaft and
flywheel, which are subjected to various excitation forces dominated by the combustion gas
force, and the transmitted resisting torque. Modern engine development is dominated by
certain requirements. The most important of these is improved efficiency, which is mainly
sought by reduction of mechanical and frictional losses. There are also significant thermal
losses, which are not subject of investigation within this thesis, but thermal contributions to
frictional behaviour in contacts has been taken into account, Mechanical losses are induced
mainly by the inertial imbalance of components that are subjected to large rigid body
motions. Fluctuating rotational velocities and eccentric motion of components lead to
dynamic loadings in structural components. All the components in the engine are somewhat
flexible and their deformations take place, which lead to vibration; another source of

mechanical losses.

It is clear that a fundamental and interactive methodology must be developed to deal with the
multi-physics nature of aforementioned phenomena. Clearly, Lagrangian dynamics is the
appropriate mcfhod.ology to deal with multi-body rigid-body dynamics of an assembly of
parts, which are constrained together to ensure functional assurance. This approach forms the
fundamental work reported in this thesis. The rigid-body approximation is good enough to
calculate static forces acting on either slow moving or stationary bodies. However, when it
comes to complicated and fast moving structures like engine assembly, which undergo large
variation of forces within very small period of time, the behaviour of the system is more
complex. A dynamic load differs from a static load, especially in two different respects. First,
its magnitude, direction or point of application varies with time, whilst the resultant time
varyirig deflection and stresses constitute the dynamic response. Of greater importance, the
second aspect- concerns the role played by the acceleration of components in- structural
dynamics problems. Figure 3.2(a) shows a cantilever beam under static loading. The
deflection and internal stresses depend directly on load P. On the other hand, Figure 3.2(b)

shows a similar cantilever subjected to time varying load P(t). The acceleration of the beam
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Inertia™ ~~
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(a) (b)

Figure 3.2 A cantilever beam under Static(a) and
Dynamic(b) loading
gives rise to a distributed inertial force. If the inertial force contributes significantly to the
deflection and internal stresses in the structure, then investigation of dynamic behaviour (i.e.

transient response) is required.

Thus, the inclusion of elastic behaviour of certain system components in the dynamics
analysis is critical to investigate the resulting vibration and noise phenomena. This can be
achieved in a number of ways: the simplest form being the use of Euler beams to represent
elastic behaviour of the system components, as the first approximation (see Figure 3.1). In
this case the mass and the inertial properties are discretised as lumped parts, interconnected
by Eulerian beams. This approach is known as the Transfer Matrix Method (TMM), and its
accuracy imprdves with progressive discretisation. The beam elements are represented by
stiffness matrices, providing a relationship between the relative displacements of the end of
the beam in all six degrees of freedom motion with the applied forces and moments (Rahnejat
1998). Determination of damping is quite difficult, but it is usually (for convenience)
introduced as a percentage of the stiffness and mass matrix coefficients. Following the

experimentally obtained value of 0.7% for the damping ratio as given in equation (6.8) the
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damping ratio of 1% is used for convenience, for all flexible components in the model as it
makes little difference to the calculated outcome. Another approach can be by analytical
determination of the component flexibility, taking into consideration the various modal
behaviours, such as in axial, bending and torsional deformations. The resulting stiffness
matrix can then be obtained by combination of various contributing modal responses. This
approach has been highlighted by (Okamura et al, 1990) as Dynamic Stiffness Matrix
Method (DSMM) and successfully applied to engine dynamics problems (Okamura and
Morita 1999). Whichever the method of elemental discretisation, it is very important to
progressively capture higher number of modes of vibration with increasing input energy into
the system. Therefore, the most suited approach would be to employ finite element analysis
with Lagrangian dynamics, which, in combination, may be referred to as elastodynamics and

Figure 3.3 shows the elastodynamics engine model.

With the growing trend in reducing losses due to inertial imbalance, the modern engines are
manufactured with light weight and compact components. The trend in reducing the mass and
improving stiffness augments the range of effective natural frequencies of interest. A large
number of elements would normally be required in order to capture high frequency structural
modal responses of the system components. This increases the size of the stiffness and mass
matrix in the FEA that render the necessary time-marching analysis computationally
impossible or extremely time and memory. intensive. Thus, the suitable approach is to
undertake finite element modal analysis by inclusion of sufficient number of elements of
suitable type with experimental verification and select the modal responses at frequencies of
interest to include in the multi-body analysis. This approach is known as the Craig-Brampton

Component Mode Synthesis (CMS), which will be discussed in greater detail later.

Once the desired modal responses are included in the form of the suitably reduced mass and
stiffness mafrices into the Lagrangian dynamics anélysis, the elastddynamics behaviour of the
system can be simulated under given excitations such as t_hé application of variable
combustion gas force. This approach provides both the rigid body dynamics and structural
dynamics responses of the system. All the above methodology and their fundamental basis, as

well as their development is outlined in this chapter.

The mathematical model discussed here includes the kinematic relations, which describe the

motion of system linkages. In this model these variations are in the range of metres or radians
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of rotation. On the other hand, the model also handles flexible bodies with deformations in
the range of fractions of a millimetre. Of course the variation within the lubricated contacts ‘

(both in terms of localised deformation of mating parts and small movements in oil film

thickness) is in the micrometer range. Thus, model analysis is on a multi-scale basis.

Perhaps the most demanding step in any dynamic analysis is the creation of a representative
and realistic mathematical model of the system. Analytical models fall into two basic ‘
categories: continuous models and discrete parameter models. The number of displacement
quantities, which must be considered in order to represent the effects of all significant inertial
forces is called the number of degrees of freedom (DOF) of the system. Thus, a continuous
system represents infinite DOFs. The discrete parameter models shown here are called the
lumped mass models, because the mass of the system is assumed to be represented by a small
number of point masses or particles. Complex systems are converted into lumped mass
models (or discrete parameter models), which makes the calculations easier and more

efficient.

Multi-body systems consist of parts held together by joints, couplers, gears, bearings and
generally elements, which introduce constraints against the various motions of parts attached

to them. Therefore, numerical modelling of multi-body systems requires the formulation of

mathematical models for the whole set of different constraints. Joints such as spherical,
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universal, revolute and translational can be categorised in terms of lower level of constraint
primitives. These constraint primitives in turn introduce the reactive forces and moments that

are responsible for the enforcement of the constraining functions.

Once these numerical constraints are developed, it is possible to apply physical Jaws like the
Newton’s law, stress-strain relationships, etc to obtain the differential equations of motion
“which describe the analytical model, in mathematical language. A continuous model leads to
a partial differential equation, while a discrete parameter model leads to ordinary differential
gquations. These mathematical models can be obtained using Newton’s laws or the
Lagrange’s equation. The methods highlighted in this thesis are devoted to the use of

constrained Lagrangian dynamics, which forms the basis of the multi-body approach.

' 3.2 Mathematical Model For Multi-Body Dynamic System

3.2.1 Multi-Degree of Freedom System

Although SDOF models may adequately describe the dynamical behaviour of some systems,
in most cases it is necessary to employ more advanced models like MDOF models. For
example, the dynamic behaviour of the continuous model shown in Figure 3.2 (b) is
adequately described by a SDOF model, if the forcing function Pf#) is a slowly varying
function of time. The dynamic analysis of most real structures is based on MDOF systems.

The equation of motion for the configuration shown in Figure 3.4 can be written in matrix
" form as follows, where: w=u-z, Either Newton’s law or energy methods can be used to

obtain this equation.
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In mathematical language this can be written as,

mw+cw+kw=p,; 3.2)
Where F,; is the external force.

The use of Newton’s law to derive such an equation is rather a difficult task, if a mechanism
has a large number of kinematic relations, because all the independent variables should relate
to each other by kinematic relations. Therefore, the task of deriving equations of motion for

MDOF systems is greatly simplified by the Lagrange’s approach.

3.2.2 Lagrange’s equation for multi body dynamics system

The main difficulty in the use of Newton-Euler method in deriving equations of motion for
connected bodies is the need to determine all the kinematic relations together with separate
freebody diagrams for each inertial component. However, the principle of virtual
displacements eliminates the necessity of using forces of interaction directly. Although the
principle of virtual displacements can be extended to permit the derivation of equations of
motion of MDOF systems, it is far easier to use the Lagrange’s equations for this purpose.
Lagrange’s equation can be derived either from the principle of virtual displacements or from

Hamilton’s principle, which is given as (Craig 1981):
8 [(T-V)dt+ [ow,dt =0 (3.3)
4 Yy

The motions of bodies are generally constrained to move in a predetermined manner. Thus,
the coordinates of such bodies have to be connected with kinematic constraints in order to
determine the coordinates in terms of the generalized equations. The kinematic equations
used for this purpose are called equations of constraint, which are usually algebraic functions.
Each one of these general coordinates should be able to vary while keeping all other

generalized coordinates constant. For an N-DOF system, the generalized coordinates are
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defined as any set of N independent quantities, which are sufficient to completely specify the

position of every point within the system.

The multi-body engine model is a constrained non-linear dynamics model, incorporating the
elastic behaviour of the engine components such as connecting rod, crank, etc. As previously
fnentioned, this model is created in ADAMS, a multi-body dynamics code developed by
MSC Software. The code is based on automatic generation of the equations of motion, for
each part of the engine assembly, based on constrained Lagrangian dynamics (Lagrange

1788), and using generalized Eulerian body 3-1-3 frame of reference. If the generalized

coordinates are denoted by, {gq j} el = {x,v,2,y,0,p0} , then:

i(ar} o o & ac 34)

a\2q) aq oq &

For most mechanical and structural systems the kinetic energy can be expressed in terms of

generalized coordinates and their first time derivatives as shown in equation (3.5).
RV U (7 O I R N ) | ' (3.5)

The term 5%4.’ is the conjugate momentum in the co-ordinate direction g, for instance

consider the translational motion in x, then the kinetic energy 7' = %mfcz and g=x, then

the momentum can be given as M, = a%x =mx . This is also true for all other translational

degrees of freedom, where ¢ = y or z, For rotational degrées of freedom, given by the Euler

angles y,0,¢ which are: first rotation about z-axis, second rotation about the new x-axis,
final rotation about the new z-axis respectively, the kinetic energy T = A Iy* and

momentum M, =y . The rate of change of momentum (translational or rotational) provides

the inertial force, Therefore:

d(oT) d, .\ .
dt[@q} E(mq)—mq (3.6)

for g=x,yorz and,
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—| = |==1g)=1§ 3.7
dt(ﬁq’) dt(q) 1 @7

For g=y.,8 or ¢

Thus, the first term on the LHS of the Lagrange’s equation (3.4) is the inertial force. When

the coordinates have been chosen properly in-line with the directions of motion, then

a%q =0, since the kinetic energy is not a function of displacement. The kinetic energy for a

rigid body system can be represented using vector notation as follows:

_l «T T mﬁ' mrr q.r
r=[4 q,][mﬂ - Lf )

r

Where subscripts ¢ represents translational displacements and r represents rotational
displacements. Middle term of the RHS of the equation represents the mass matrix. m, is the
translation mass, m, is the coupled translational and rotational mass and m,, is the rotational

mass. However, a greater simplification of the mass matrix of equation (3.8) can be achieved
if the origin of the body reference is attached to the mass centre of the body (see (Shabana

1998)) such that the m, term becomes zero. Therefore, for simplicity and to eliminate the

inertia coupling between the translation and rotation of the body reference, the origin of the

rigid body reference is often attached to the centre of mass of the body.

V=V {(q,qssersqpst) (3.9

The potential energy, which includes both strain energy and the potential energy of any

conservative external forces, can be expressed in terms of the generalized coordinates alone
as shown in equation (3.9). The term a%q is the rate of change of potential energy with

respect to displacerhent'. For rigid inertial parts, ¥ is the potential energy, whilst for flexible
members this represents the stored strain energy. In any case, Euler has shown that:
_ —Omgz

F;"az

= —mg
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And the negative sign indicates the direction of gravity. In case of a flexible member such as

a spring the stored strain energy is %kx2 ,then:

a(yazximz) L

F=-—f{=—

q

Which is the restoring force.

3.2.3 Generalized Forces

The virtual work of generalized forces, Q,0,,......0, as they act through virtual

displacements caused by arbitrary variations in the generalized coordinates, can be expressed

as a linear function of those variations as shown in (3.10).
W =Q,6q,+0q, +--+ 0,09, (3.10)

The forces acting on a system are twofold: the elastic restoring forces and other external
forces. Elastic forces can be restored by reversing the motion and thus they are considered as
conservative forces. External forces are non-conservative. Therefore, the total work done on a

system can be represented as:
OW =6W,_+8W,_ ‘ : 3.11)

It is important to mention that these conservative forces give rise to potential energy and if
the potential energy is taken into consideration for Lagrange’s equation, then the virtual work
component due to conservative forces is neglected in the calculation of the generalized
forces. Even though the development of virtual work is essential for particles, it can easily be
- extended to the case of rigid bodies. Thus, these elastic restoring forces and other applied
forces can be transformed to the Euler’s generalized coordinates by the application of the

principle of virtual work that can be written as:

§W =Fér, (3.12)
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Figure 3.5 Generalized forces
acting on a rigid body

Where F is the forcing function applied on the body and #, is the position vector to the point

of application of the force F as shown in Figure 3.5. Then, the virtual work due to the

application of force can be given in more explicit form (Shabana 1998),

5 .
W =F"[1 A,,.up][g;f’ ] =[F" FTA,jup][ 5;1' ] (3.13)

Where I is an identity matrix and 4, is the transformation matrix from the local frame of

reference (i) to the global frame of reference (j) given by:

cosy cos@—siny cos@sing —cosy sing—siny cosfcosy sinysinf
[4,]=]|sinycosp+cosy cosfsing ~siny sing+cosy cosBeosp —cosysing | (3.14)
sin@sin @ sin@ cos @ cosd

Where y,¢ and 6 are the Euler angles and u,, is the position vector of point P in the local

frame of reference. Then, the equation (3.13) can be written in a more simplified form as:

sw=[o o ][2] | (3.15)

r

Where O, and Q, are the generalized forces associated with the generalized translational and

rotational coordinates, respectively. This implies that a force acting on an arbitrary point P is
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equivalent to a force that has the same magnitude acting at the origin of the body frame of

reference and a moment acting on the same body.

3.2.4 Constraining Reaction Forces

The first three terms on the LHS of the equation (3.4) deal with inértial, body and restoring or
restraining forces, respectively. The last term gives the reaction forces caused by the
constraining elements. The RHS of the equation represents all the non-conservative forces.
The n constraint functions for the different joints in the engine model are represented by
holonomic and non-holonomic functions. Holonomic functions are displacement dependent
constraints, such as the restriction of motion in a given direction; a revolute joint, which is
time independent or a coupling joint of the crankshaft and camshaft according to a set ratio.
These functions can be used to eliminate dependent coordinates of the system, Non-
holonomic constraints restrict the kinematically possible values of velocities of the bodies of
the system such as constant velocity motion. In a non-holonomic system, some coordinates
may be independent, but their variations are dependent. These constraint functions can be

reprcsentéd in matrix form as follows (Rahnejat 1998):

C;
. dC, =0, j=1-6, k=1>n (3.16)
Q‘ja_—

9

For instance, for a revolute joint there are 5 constraining functions (such that C, in equation

(3.4) gives 5 equations, n=>5). The term ac%q provides the effect of the constraint in

direction ¢. The reaction force in the direction g is given by A, ac, B where A, is the

Lagrange multiplier. However, there may be many contributing reactions in a given direction,

thus the summation mark in Lagrange’s equation.

3.2.5 Kinematic System Development

In multi-body systems, kinematic constraint equations may exist because of mechanical joints
~ or specified motion trajectories. The constraint equations of the multi-body system for a

virtual displacement can be written as:
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C,9=0 . ' (3.17)

Where C, represents the constraint Jacobian matrix. For holonomic systems, all system
coordinates can be divided into a set of dependent coordinate ¢, and a set of independent

coordinates ¢,. For instance, for the engine system shown above either 8° or R' can be

considered as the independent coordinates and the rest of coordinates can be considered as

the dependent coordinates. Thus, the vector ¢ of generalized coordinates can be partitioned

and constraint equation can be written as:
Cpuba, +C,69,=0 C (3.18)

Where C, and C,, are the constraint Jacobian matrices associated with the dependent and

independent coordinates respectively. If the constraints of equation (3.17) are linearly

independent and C,; is non-singular, (where its inverse exists), the dependent coordinates

can be written as:
8q,=-C,C,04q, | (3.19)

The whole set of generalized coordinates can then be written in terms of independent

coordinates as follows:

6q,:|' I }
Sa = = ) 8q, = By, 3.20
q [ 5q, [—C,,.}Cq,- q,=Bq | (3.20)

Thus, the configuration or the state of a multi-body system, consisting of interconnected rigid
bodies, for a given virtual displacement of independent variables can be obtained using

equation (3.20).

3.2.6 Equations of Motion

The formulated kinetic energy for each body using equation (3.8) provides the inertial forces
of the system. The virtual work formulated in equation (3.15) provides all conservative and
non-conservative (body forces and external forces) generalized forces including damping

forces in the system. The vector of non-linear algebraic constraints, describing mechanical
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joints in the system as well as specified motion trajectories, provides the reaction forces in

rel;:vant locations. All these generalized forces, inertial forces and constraint reactions can be
| implemented in Lagrange’s equation (3.4). Thus, the differential-algebraic set can be
represented as follows (Orlandea ef al, 1976; Rahnejat 1998):

i[é‘l‘.)_éf_ [9_9}
dr\oq) oq |og [if]=[Q] (3.21)

H

Where Q is the vector of generalized forces. The matrix in the above equation provides the

coefficient of the unknown vector [qT AT ]Tand is known as the Jacobian matrix [J]. In the

engine model there are 109 constraints, thus there are 109 unknown Lagrange multipliers to
be evaluated in each time step, There are also 16 rigid bodies including ground, which gives a
total of 90 rigid body motions in the engine model, such that a total of 199 generalized

coordinates (g ) to be calculated in each time step. Thus, there are 199 differential-algebraic

equations to be solved simultaneously in each time step excluding the flexibility of parts. The
use of Gruebler-Kutzbach equation (5.1) to calculate the total number of degrees of freedom

is given in page 141.

The advantage of using constrained Lagrangian dynamics is that these equations are

automatically genérated by a code such as ADAMS. The disadvantage of the method of

automatic generation of equations is that many equations are set, where the given direction is
already constrained, resulting in a very large Jacobian matrix, which is further filled with zero
entries to form a square Jacobian matrix. The advantage of the method, however far
outweighs this disadvantage, because otherwise the equations of motion must be derived
analytically through the Newton-Euler method, by breaking the system into a number of free-
body diagrams and specifying all reactions accurately, a procedure which is prone to possible

errors, when a very complex system such as the current model is considered.

3.3 Component Flexibility

For multi-body systems consisting of interconnected rigid bodies, kinetic equations can be

used to develop general formulations for the dynamic differential equations of motion. In
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Figure 3.6 Deformable body

coordinates
rigid bodies it is considered that the distance between two arbitrary points on the body
remains uhchanged dluring any form of applied force. Thus, the force can be considered as
producing a linear acceleration for the whole body together with an angular acceleration
about its centre of mass as shown in section 3.2.3. In elastic bodies, while the body is moving
with respect to the global frame of reference according to the kinematic relations, the
patticles inside the body move with respect to its inertial frame of reference according to its
elastic compliance. Therefore, the dynamic equations of motion for a rigid multi-body
dynamics system can be defined in terms of the mass of the body, the inertial tensor and the
generalized forces acting on the body in terms of reference coordinates, as discussed in the
above sections. However, in a deformable body there is an elastic deformatic_m other than the
body (reference) motion. Thus, the configuration of each deformable body in a flexible multi-
body system is identified by using two sets of coordinates, reference and elastic. Reference
coordinates define the location and orientation of a selected body reference, while the elastic
coordinates describe the elastic deformation with respect to the body reference. Thus, the
position vector of any point within a body can be given as follows for a rigid body (see
Figure 3.6):

r.=R +A(u,+u,) (3.22)
r / e 4

Where u, is the displacement due to elastic deformation, which can be given as a

combination of shape functions in consistent mass formulation or shape vectors that can be

obtained either experimentally or mathematically (i.e. mode shapes). -
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3.3.1 Finite Element Analysis

In Finite element analysis a continuous flexible body is represented by a collection of
interconnected beams or elemental regions, with specified constitutive relations. A 3-
dimensional Bernoulli-Euler beam element in the body can be subjected to transverse,
bending and torsional motions, according to the forces applied on the body. The stiffness and
mass matrices for the beam element can be obtained using the beam theory considering
assumed shape functions as described in (Craig 1981). This mass matrix is called the
consistent mass matrix, as the same shape functions are used to obtain both the mass and
stiffness matrices. This leads to a coupling between translational coordinates and rotational
coordinates in the mass matrix, which creates difficulties in solving the mesh for mode
shapes. This problem can be eliminated by using the lumped mass model, which simply
assumes that the mass of the beam element is purely concentrated on its two end points,
which are nodal points of the mesh and these mesh points are connected by a spring, which
has a spring constant depending on the material parameters. These nodal displacements can
be transformed from the Jocal coordinate system to the global coordinate system using the
transformation matrix T, Then, the forces associated with nodes can easily be transformed
into the global system using the virtual work approach, thus:

F =T'F, (3.23)

4

Where F,,F, represent forces in the global and the local coordinate systems respectively. In a

similar manner using the potential energy, the stiffness matrix in global coordinates can be

obtained as:
k,=T"kT (3.24)

where: subscripts g and / represent the global and local systems. Transformation for the mass

matrix ¢can be obtained using the kinetic energy as:
m, =T"mT | | (3.25)

These matrices can be assembled in such a way that system force, stiffness and mass matrices

can be formed. Then, the component stiffness and mass matrix becomes:
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K=Y Ik,1 (3.26)

i=1

And:

M=YImI (3.27)

i=1

Where n, and I, are the number of elements in the component and locater matrix as

described in (Craig 1981), respectively.

3.3.2 Boundary Conditions

Dynamic analysis requires boundary conditions to be stated, so that components can be
connected to each other applying an appropriate synthesis technique. When a flexible body is
constrained certain displacements are inhibited, the most straight-forward procedure for
enforcing such a condition is to partition the system into independent or active degrees-of-

freedom (#,) and dependent or constrained degrees-of-freedom (u, ), as shown below;

e malfil fin kilfa)_(1) 025
My My | |Ya ki ka4 fa
These can be obtained by partitioning component stiffness matrix (3.26) and mass matrix

(3.27) and the force vector (3.23). For instance, if u,=0 due to imposed constraint

conditions, then the equation (3.28) can be written as:
m i, +ku, = f, (3.29)

Then, this equation can be solved for the eigenvalues and the corresponding eigenvectors,
giving the natural frequencies and mode shapes of the component (flexible body) under the
specified boundary conditions, Free-free normal modes can be obtained by equation (3.28),
simply putting the external force vector as zero, where no coordinates are constrained to the
body.
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3.3.3 Modal Transformation

The discretisation of a component into a finite element (FE) model represents an infinite |
number of dcgrees of freedom with a finite, but very large number of finite element degrees
of freedom. The most important aspect of the FE analysis in dynamics problem, as outlined in
section 3.3.1, is that it can take into consideration small linear elastic deformations of the
flexible body relative to the local frame of reference. These elastic deformations or shape
vectors are the eigen-vectors of the body obtained, using equation (3.28). So that the linear

elastic deformations of the nodes can be given as a linear combination of shape vectors as:
=D 6 =04, (3.30)
=l

Where n,, is the number of mode shapes, and the scalar factors of amplitudes g, are the
modal coordinates and modes ¢ are included in the columns of the modal matrix, ®. A

reduced order mode! can be achieved by solving only for #, mode shapes, where n, <n,.

This concept is called modal superposition which means that the behaviour of a component
with a very large number of nodal DOFs can be captured with a much smaller number of

modal DOFs. The n, mode shapes should be selected such that a good approximation of a

pre-determined frequency area of mode shapes is included.

3.3.4 Component Mode Synthesis

The modal transformation method described above can be used to transform a larger set of

physical coordinates u,to a smaller set of modal coordinates g,,. In large scale multi-body

dynamics problems it is necessary to reduce the number of coordinates in this manner, if a
solution is to be obtained within a reasonable time. The Component Mode Synthesis is used
to couple all the sub-structures in the multi-body system in order to obtain a dynamic
response. The determination of the modal mass matrix M can be achieved according to the
Craig-Brampton (Craig and Brampton 1968) reduction method, which is one of the most

general methods for Component Mode Synthesis technique.

In this technique the component is basically divided into two sets of DOFs. First, there are the

boundary DOFs (#,), which are not subjected to modal superposition. These are the nodes
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which are used to connect one body to another in structural coupling. Thus, these are

dependent on the other member of the assembled system. Second set of DOFs are the interior

DOFs (u,) which are subjected to modal superposition, These are the independent DOFs.

Additionally, two sets of mode shapes are defined as follows:

1. The Constrained Modes (g ) are static shapes that are obtained by giving each of the

- boundary degrees of freedom a unit displacement, while holding all other boundary
degrees of freedom fixed. There is a one-to-one correspondence between the modal
coordinates of the constrained modes and the displacement in the corresponding

boundary degrees of freedom, g, =u,. These modes can be obtained by setting f, to
zero and u, as an identity matrix of an order equivalent to the number of boundary

DOFs in equation (3.28).

2. The Fixed Boundary Normal Modes (g,), which are obtained by fixing the

boundary degrees of freedom and computing a solution for the eigen-value problem.

These modes can be obtained by setting f, to zero and #, to a zero matrix, as all the

boundary DOFs are fixed in equation (3.28). These modes define the modal expansion

of the interior degrees of freedom.

The relationship between the physical degrees of freedom, the Craig Brampton modes and

their modal coordinates is expressed as:

u, I 0lgqg, '
Tl T = - 331
’ [u:} [ff’.- @J[q,,] va | (3.31)

where: ¢, are the physical displacements of the interior degrees of freedom in the
constrained modes, and ¢, are the physical displacements of the interior degrees of freedom

in the normal modes. The first column of the matrix y represents the constrained modes and

the second column represents the fixed normal modes. The modal superposition, as described

in section 3.3.3, can be used in matrix ¢, to reduce the number of modal coordinates

accordingly.
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The componént generalized stiffness (k,,) and mass (m,, ) matrices are obtained through the

following transformations:

I 01Tk, £771 o7
ki =w!Tklwl=|: i } dd da:l{ :| (3.32)
¢ 0 q)m _kid kz’i ¢ic ¢m

1 ¢ Tm, m, 71 07
A S A 4 ad  di 333
Mo VMY [0 ) [m m”¢ @,] I

where the superscript I represents the component number. It is shown that the use of

constrained modes leads to an uncoupled stiffness matrix k:.g in the component generalized

coordinates (Craig 1981). Constraint compatibility as discussed in section 3.2.5 in equation
(3.20) for a rigid multi-body system is used to synthesize the system stiffhess matrix (X) and

the mass matrix (M ), which are used in the Lagrange’s equation of motion such as:
K=Bk B (3.34)

Where: k,, is the component generalized stiffness for all components in the system, and:

M=B"mB (3.35)

Where: m,, is the component generalized mass for all the componenté in the system and B is

the transformation matrix (see {Craig 1981)).

3.3.5 Creation of Flexible Bodies

In the engine model the crankshaft, connecting rod and flywheel are modelled as flexible
bodies. As it is explained in section 5.4.1, the experimental results show that the first natural
frequency of the piston is 9000Hz. However significant engine order excitations are starting
from 15Hz which is the half engine order and goes up to about 500Hz. Therefore with such
low excitation frequencies it is difficult to excite modes of natural frequencies of 9000Hz and
thus components with higher first natural frequencies such as piston are included into the
model as rigid bodies. Four nodded, three-dimensional tetrahedral elements have been used in

the super-element creation. The number of elements and their size has been kept large enough
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Figure 3.7 Super-element Crankshaft — Mode shape for the frequency of 2704Hz
(created using MSC/Nastran)
so that the modes with complicated shapes can be captured efficiently. This has been verified
by hammer testing (see section 6.3.1) of these components and comparing the obtained
spectral content with those calculated. Boundary conditions for the meshed component have
been applied according to the required functionality within the engine assembly. This has
been achieved by placing a master node at each of the connecting points of the component
with its neighbouring components, and rigidly connecting the master node with the slave
nodes in the proximity area, which is referred to as RBE2 (Rigid Body Element) element in
the MSC-Patron/Nastran. Since the master node’s DOFs are independent, this node can be
promoted as an attachment point and can be used as the connecting node to the neighbouring

bodies.

The interested frequency area for this analysis is around 1000 Hz, as the prominent lowest
excitation frequency remains around 20 Hz. A sufficient number of natural modes have been
selected for the super-element creation, in order to obtain accurate results in the specified
frequency area. There is no exact rule regarding the number of modes that one should keep in

the super-element model. Although a general rule of thumb is that the number of modes
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should cover at least twice the desired frequency area that should be kept. Consequently, each
component includes a variety of modes, starting from low frequency bending behaviour and
leading onto complicated shapes that are combination of bending, axial and torsional modes.
As an example, a mode shape corresponding to the natural frequency of 2704Hz is shown in

Figure 3.7.

3.4 Method of Formulation and Solution

Preceding sections discuss the use of energy method to formulate the equations of motion for
a multi-body dynamics model, using Lagrange’s equation for both rigid and flexible
components. In the engine model developed there are rigid, as well as flexible components
interconnected by constraints. As it is described in section 3.2.6 this differential-algebraic set
of equations for the multi-body system model can be represented in the form given by
equation (‘3.2.1)‘, even for é systerﬁ ;mcluding flexible components. Thus, the general form of

Lagrange’s equation, which can deal with the aforementioned components can be stated as:

dfer e, 3C, _
— 3.36
dt{aéj aqi *Zl:li an’ % 39

Where Qq} represents applied forces on the system, including the conservative forces,

and

{q ; }j=l—)6 = {x, y,z,y,0, rp}T denotes the rigid body degrees of freedom, and

{qj}jsﬁ_)w ={x,7,2,¥,6,9, q,,,}T denotes the flexible body degrees of freedom (g,

are the modal coordinates and #,, is the total number of g_s)

Then, the Jacobian matrix can be formulated as gfven in equation (3.21) and this is a Sparse
* matrix, where most of elements are zero (Rahnejat 1998). It also contains linear and non-
linear algebraic equations and partial differential equations. Thus, the method of solution
must be able to handle all the above simultaneously. The commercially available multi-body
dynamics simulation code ADAMS is based on automatic generation of the equations of

motion, using constrained Lagrangian dynamics, formulated in the generalized Eulerian 3-1-3
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frame of reference. The compliance of flexible members is given by stiffness and damping

matrices obtained during the super-element modal analysis outlined in section 3.3.4.

3.4.1 LU Decomposition (Cholesky Factorisation)

For a sei‘:. of linear equations which has to be repeétedly solved with different homogenous
terms, the LU decomposition is recommended (Orlandea et al, 1976; Rahnejat 1998). The LU
decomposition represents the replacement of the Jacobian matrix given in equation (3.21) by
a product of two triangular matrices, known as the lower and upper triangular matrices. In the
lower ‘triangular matrix all the non-zero elements occupy the diagnol elements or below it,

whilst in the upper triangular matrix all such terms reside on or above the diagonal. Then:
[Z].{U]=[V] 337

Where [J ] is the Jacobian matrix. Thus, equation (3.21) can be written as: ..

[J]{g A} ={0} (3.38)

The LU decompositioﬁ can be used to solve equation (3.38) as follows:

Ve A=) A =[{U)ie 47)=(0) (39

The above equation can be represented by a pair of equations. The first step is to solve for

vector {V'}, which can be found by:

[£].{r}={2} (340)
Then, the second step is to solve:
W} =0} o 3.41)

These matrices are sufficient for the solution of a linear system. However, the set of equations
in the multi-body system presented here have non-linear equations as well. These non-liﬁear
equations are solved using the Newton-Raphson method with Backward Differencing Method
(BDF).
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Figure 3.8 FFT of Crank Angular Velocity for Rigid Engine Model

As mentioned earlier, the Jacobian matrix contains differential equations of motion other than
linear and non-linear algebraic equations, The non-linear differential equations can only be
solved by numerical multi-step integration methods. The multi-body system of equations of
motion is referred to as a stiff system, as it contains a system of equations, which provide
slowly changing actual solution with another solution nearby rapidly changing. A certain
class of integrators operate well on “stiff” equations. Gear (Gear 1971) has proposed a multi-
step stiff integrator, which is used in ADAMS solver named “Gstiff” to solve a mix of linear,
non-linear and differential equations, simultaneously. The procedure can be extended to a
system including any number of components, unless limitations are imposed by
computational power. MSC/Nastran is used for the super-element creation as described in
previous sections. These components are then connected by the sub-structure coupling
technique called Component Mode Synthesis, while imposing necessary joints such that the
system behaves according to the required kinematic relations. Thus, this system can undergo
non-linear constrained rigid body motions, while also undergoing displacements due to

component flexibility.

Figure 3.8 and Figure 3.9 compare two models, one with rigid bodies only and the other
including component flexibility. Fast Fourier Transformation (FFT) analysis of the crankshaft

angular velocity variation for the rigid engine model is given in Figure 3.8. As the engine
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Figure 3.9 FFT of Crank Angular Velocity for Flexible Engine
Model
speed is 1900 rpm, the first engine order excitations can be seen at 31.79 Hz. Also, the engine
half-order excitations due to combustion gas force variation can be seen at 15.89 Hz. In the
rigid model the engine excitations are progressively diminishing whilst harmonic orders are
increased, where as in flexible model higher magnitudes can be seen even at higher frequency

harmonics (see Figure 3.9).

The procedure outlined so far uses well developed and established methods to assemble the
equations of motion and constrained functions into a mathematically understandable and
solvable form. The solution greatly depends on the reliability of the numerical technique that
has been used to solve the differential-algebraic set of equations. Basically, there are two
types of errors involved in the numerical solutions of ordinary differential equations; the
round-off errors and the truncation errors. The round-off error is caused by the limited
number of significant digits used in the computation. The truncation ‘error is caused by the
approximate procedure used in computed function values, for in.stance. in Euler’s method. The
trunéation error is caused by the truncation of higher order derivative terms in the Taylor’s
series expansion. Again the truncation error can be divided into two categories; the local

truncation error caused by the application of the method in one step, and the propagated
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Figure 3.10 Round-off and Truncation error
(after (Rao 2002))

truncation error caused by the accumulation of errors of the previous steps. The sum of these

two gives the total truncation error (ref (Rao 2002)).

The truncation error in Euler’s method can be reduced by using smaller step sizes. As the step
size is reduced the number of steps to be used increases, thereby increasing the round-off
error. Thus, the round-off error increases as the truncation error is reduced as shown in Figure
3.10. Although this figure shows that there is an optimum step size to minimise the total
error, usually its value is not known before hand. Hence, in practice, for a given differential
equation, a series of solutions, each with a smaller step size, can be generatéd until two

successive step sizes give essentially the same solution.

Another important consideration in the numerical solution of differential equations is the
numerical stability of the method used. In general, a numerical method is considered to be
unstable if it gives an unbounded solution (errors grow at an exponential rate} for a problem
for which the exact solution is bounded. The numerical instability occurs whenever the error

propagates without bounds.

3.5 Engine Dynamics

The main objective of the thesis is to develop and demonstrate the multi-physics, multi-scale
approach in dynamic analysis of multi-body systems. For the purpose of demonstration

engine dynamics has been chosen. In particular, a single cylinder engine is used as example
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for the investigations. Single cylinder engines are often used for developments and j)roof of
concepts, such as the introduction of new technologies and analysis techniques, therefore the
same approach is employed here. In dynamic analysis one objective is to understand the NVH
characteristics of the engine, and the other is its efficiency with regard to minimization of the
frictional and mechanical losses. Validation of any modelling method used in respect of NVH
characteristics can be carried by comparing the results with closed form analytical solutions,
as highlighted by (Rahnejat 1998). This approach is undertaken, and complemented later with

experimental studies (see chapter 6).

3.5.1 Translational Inertial Imbalance

Among most of the engine parts the piston-connecting rod-crank sub-system can be regarded
as the most important system in terms of dynamics. The basic function of this sub-system is
to convert the reciprocating applied gas force into a rotational moment (torque) applied to the
crankshaft. This system can be considered as one, having two degrees of freedom: rotation of
the crankshaft and the reciprocating motion of the piston. The rotation of the crank is pre-
determined by geometric constraints, thus is kinematic. Figure 3.11 shows a simple model of

a single cylinder engine.

In order to yield a realistic solution from this simplified model the articulating mass of the
connecting rod must be divided into two concentrated masses, one at the piston, which is
purely translating, and the other at the crankshaft, which is purely rotating. Thus, the

translating mass of the connected rod and the piston is given by m, and the rotating mass of

the connecting rod and crankshaft pin is given by m, as shown in Figure 3.11.

The combustion force represented by F,, induces a torque on the crankshaft equivalent to:

Fd
= ' 3.42
7 Cos¢ (3.42)

d can be replaced by [, and r,, which are engine design parameters, and:

d =(l, +7)Sing, (3.43)
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Figure 3.11 Geometrical configuration of a
single cylinder engine

Therefore, the torque can be represented by:

T, =(l, +r,)Tang,x F, | (3.44)

The acceleration of the translational imbalance mass m, , gives rise to an inertial force F,, in
the direction of piston travel as shown in Figure 3.11. In turn the inertial force F,, induces a
torque, 7,, about- the crankshaft. This torque, together with the power torque, T,, is

responsible for the twist-untwist motion of the crankshaft.

Referring to Figure 3.11, the simplified displacemen_t of piston, x can be obtained using

binomial expansion, and eliminating the higher order terms as shown in (Rahnejat 1998),

2
x=r,(1- Cosax)+%-Sin2wt (3.45)

¢

The velocity and acceleration of the piston can then be obtained by successive differentiations

of the above expression. Then, the inertial translational imbalance force can be given as:
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F, =mrao* [Cosa)t + ;—CCOSZCOI) (3.46)

¢

Substituting the moment arm d (equation (3.43)) in terms of vertical distance between the

instantaneous piston position and the crank centre, and assuming that ¢, is small, and
ignoring higher order terms, the induced inertial torque can be represented as:

T =—mrlo Te_ Sineot - Sin2at — 3, Sin3awxt ' (347
' ! 2l I

[ ¢

1
2

The practical implications of the above simplified analysis is that due to the translational
imbalance introduced by the piston acceleration and the connecting rod articulation, there
exists a vibration spectrum that contains all the multiples of engine orders ((0,2(0, 3co,....).
The fact that the higher order terms do not appear in the final results here is due to the limited
binomial expansion in the derivation process. These frequencies can easily be seen in the FFT
of crank angular speeds shown in Figure 3.8 and Figure 3.9. However, it is clear that the
influence from higher order terms is quite small compared with the effects from the first few
engine order harmonics for a rigid body system. However, one should not ignore the higher

order terms when considering flexible bodies, as a small excitation can be significant at

resonant conditions.

352 Power Torque Fluctuations

The power torque fluctuations can be expressed as a Fourier series, based upon a complete
engine cycle, which corresponds to a 720° degree crank angle rotation for a four-stroke

engine. Therefore, the power torque T, in equation (3.44) can be represented in the form of

the k™ harmonic of the engine cycle frequency as in (Rahnejat 1998), thus:
T}k =F;jke"’f(¢'¥-'#)/2 . (3.48)

Where j denotes the cylinder identity number. When the equation is simplified for a single

cylinder engine by letting j=1 and y =0 (the phase shift), it can be written as:

.T; =peikmf/2 (3.49)
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It can be observed that the power torque for a single cylinder engine is a function of the
varying combustion force power series, with contributions at all multiples of @. Clearly odd
values of k give rise to half-order contributions, whilst the even values of k yield whole
multiples of engine order. Thus, the effect of the engine whoie order multiples clearly
coincides with the inertial imbalance. The half-engine order responses are quite clear in
Figure 3.8 and Figure 3.9, especially in the lower enginé orders, As frequency increases, the

effect is attenuated.

3.5.3 Rotational Imbalance

Rotational imbalance is caused by mass m,, with the mass of the crankpin rotating at a

distance to the centre of rotation of the crankshaft. This rotational imbalance induces a

horizontal inertial force in the y-direction as:
F, = —m,r 3 Sinex (3.50)

It is possible to reduce or e¢liminate this horizontal inertial force by employing
counterbalancing masses along the crankshaft. The vertical imbalance component will always
remain in a single cylinder engine, although it can be reduced in multi-cylinder engines by

properly adjusted phase angles.

The simple analysis highlighted above is particularly useful in the identification of the
spectral contents of the both experimentally and numerically obtained frequency domain
responses, as they are the most prominent excitations in a single cylinder engine. The
experimentally obtained vibration spectrum is very complex, and contains not only whole and
half-order multiples of engine order, but also other contributions that often appear at rather

strange multiples of engine order.

It is obvious that analytical methods employ various simplifications in order to obtain a
simple solution. For instance, the elimination of higher order terms in the binomial expansion
is already shown to lead to omission of certain higher engine order contributions. Thus, one
cannot completely rely on analytical results. Therefore a numerical model must be validated
against experimental findings as far as possible, that increases the level of confidence of the
model. On the other hand, there are also some limitations in experimentation as it depends on

various factors such as accuracy of instrumentation, environmental effects and physical
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limitations like accessibility, which are discussed later in Chapter 06. Therefore, special care
must be taken when selecting experimental measurements during a model validation.
Conversely, such a validated numerical model can be used to predict the system behaviour,
which otherwise cannot be measured (forces at gudgeon pin) or expensive measuring

techniques (cylinder liner force) has to be utilized.

In this multi-physics numerical model development, so far the emphasis is put on the
development of a rigid body system, incorporating component flexibility. It is aiso important
to note that the basic joint primitives are used for all constraint formulations, which is not
éxactly the physical situation in actual systems. In particular in IC engines, lubricated
contacts, such as crankshaft support engine journal bearings, piston-cylinder interactions are
quite complicated than simple kinematic constraints often used in traditional multi-body
analyses. Proper use of tribological contacts must be made instead of merely introducing
constraints. These provide frictional and contact forces, which may be regarded as forms of
restraint rather than rigid constraints. The next chapter is devoted to basic physical
approaches for development and use of lubricated contacts within the multi-physics analysis

framework.
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4 TRIBOLOGICAL CONTACTS

4.1 Introduction

This chapter provides the theoretical basis for lubricated contacts included in the multi-
physics model of IC engines. The model comprises a number of such load bearing -
conjunctions. These include the sliding contact of piston skirt-to-cylinder bore, which is a
parfially conforming contact, with a fairly large contact area. The contact of piston
compression ring against the cylinder wall is also considered, which has a much smaller
contact area than that of the piston skirt, as well as a lower degree of conformity and smaller
clearance. Thus, the piston ring-to-cylinder wall contact is subjected to a more severe
lubrication condition. The model also includes the closely conforming contacts in the main
crankshaft engine journal bearings (for three such conjunctions). In a real engine there are
clearly other lubricated contacts, such as the highly loaded non-conforming cam-tappet
conjunction, their higher loaded (than the support journal bearings) contacts of the big-end
and small end connecting rod bearings. The model, as described in the previous chapter
pertains to the piston-connecting rod-crank sub-system, thus it does not take into account the
camshaft and valve train system. Furthermore, the connecting rod bearings are represented by
kinematic constraints in order to reduce the model complexity. However, the integrated
methodology reported here can easily be expanded to take these into account (see suggestions

for future work in chapter 8).

In the engine model, the crankshaft is connected to the engine block via the main engine
bearings, which in the case of the test engine used in this thesis (a Ricardo E6 single cylinder
engine) can be treated as a hydrodynamic journal bearing. Main bearing has to withstand
against the transmitted effect of high combustion gas forces and the reciprocating inertia of
the articulated mass of the connecting rod and the piston assemBly. In general, the maximum
number of such main support bearings would be the number of cylinders plus one. One
bearing can be placed in between each set of pistons and two at each end of the crankshaft. In
low power engines the number of bearings could be less than its maxlmum number. Most of
modern engines are fitted with Joumal bearings. As the surface area between the two contacts

is large (i.e. a closely conforming contact) it can withstand very high loads. The frictional

76




Chap 4 - Tribological contacts ' Lubrication Regimes

loss in journal bearings is comparatively high and as a consequence high performance
engines such as those in motorsports are fitted with roller or needle bearings, which are very
expensive and less durable. A coherent lubricating film must be present to keep the two
contacting surfaces apart and guard against incidence of wear. Therefore, there is a designed
gap between the mating surfaces, referred to as the clearance gap. This clearance gap is filled
with the lubricant due to a combination of entraining motion of the lubricant into the resulting
wedge shape and by équeeze film retention due to load. As a result the crankshaft “floats” on
this film of fluid. Journal bearings are designed to support shafts and to carry radial loads

with minimum power loss and wear.

Fluid film lubrication can broadly be categorized into two regimes, namely hydrodynamics
and elastohydrodynamic. Hydrodynamic regime of lubrication occurs mostly at low to
medium loads and moderate to high speeds of entraining motion. Thus, the generated
pressures are insufficient to cause local deformation of contacting elastic solids. Such
conditions are prevalent in closely or partially conforming contacts with relatively large load
bearing surface areas, such as in journal bearings. Under elastohydrodynamic regime of
lubrication the contact area is usually very small, mostly as a result of non-conforming
mating surfaces, and the forces acting are sufficiently high to cause local deformation in the
contact zone. Frictional losses in fluid film lubrication are due to viscous shearing effect in
the lubricant film under sliding conditions. Thus, the viscosity of the lubricant and the film
thickness play crucial roles. If the film thickness is bridged, asperity interactions also play an

important role, and a mixed regime of lubrication results,

4.2 Lubrication Regimes

With regard to the contacts considered in this thesis, three regimes of lubrication must be
considered. These are mixed lubrication, hydrodynamic and fluid film lubrication. The fluid
film lubrication can be divided into hydrodynamic and elastohydrodynamic lubrication
depending on the pressures involved. In the multi-body dynamics model, hydrodynamic
regime of lubrication is considered for the engine bearings. This is true for the particular
engine under consideration (i.e. the Ricardo E6 engine). The bearing bushing is considered
thick, and made of steel, thus not subject to deformatioh. In some modern engines, the

bearing bushing is a shell, made of materials of low elastic modulus such as tin-based alloys.
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This encourages localized deformation of the shell under pressure, enhancing the gap for
formation of a lubricant film. Solutions for such bearings have been provided by (Gupta
2002) and (Rahnejat 2000). The regime of lubrication can alter throughout the piston cycle,
both in the piston skirt-to-cylinder wall or liner conjunction, and in the contact of the piston
ring. For the E6 engine the cylinder liner is 2.5mm thick, made of steel, and the combustion
pressure generates side forces which are insufficient to cause any localized deflection of the
bodies in contact (see results later). Thus, hydrodynamic regime of lubrication is considered,
where depletion of film below a certain level points to mixed regime of lubrication, discussed
later, and taken into account. Friction in such cases due to boundary contributions is also

taken into account.

42.1 Boundary Lubrication

When the speed of entraining motion of the lubricant ceases or becomes very slow the
lubricant film thickness reduces and the contact load is carried by surface asperities in
the contact area. Any tribological contribution is due to the adsorbed molecules of the
lubricant and/or thin oxide surface layers. These are the typical characteristics of
boundary regime of lubrication. Such conditions rarely occur in load bearing surfaces
in engines, but the propensity for its occurrence is most likely in piston-cylinder

interactions at TDC or BDC. The most likely outcome is mixed regime of lubrication.

4.2.2 Mixed Lubrication

A hydrodynamic pressure is built up in the lubricant, when the speed increases.
Characteristic for mixed lubrication is that the loading is carried by a combination of
hydrodynamic pressure and the contact pressure between the asperities of both
surfaces. It is the intermediate region between boundary lubrication and

hydrodynamic lubrication.

4.2.3 Hydrodynamic and Elastoydrodynamic Lubrication

At high speeds the hydrodynamic pressure increases such that the surface asperities
are completely separated by a lubricant film.. Characteristic . for hydrodynamic
conditions is that the applied contact load is carried by the hydrodynamic pressures

generated by the lubricant film. If the load is sufficiently high, then localized surface
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Figure 4.1 Stribeck curve

deformation also takes place due to higher contact pressures. This leads to
elastohydrodynamic regime of lubrication, which also results in a dramatic increase in

the viscosity of the lubricant in the contact.

As a representative example for journal bearings, the Stribeck diagram of Figure 4.1 is
frequently used as a convenient tool to surmise the prevalent regime of lubrication. The

diagram represents friction coefficient u with respect to a dimensionless film parameter A.

At low film thickness where the film parameter becomes low, the asperity tips of two
contacting bodies are in touch and leave stick-slip conditions to occur. This increases the
friction force enormously. However with increasing film thickness the friction is gradually
decreased until the elastohydrodynamic lubrication is taking place, since the amount of
asperities in touch are progressively decreased. At elastohydrodynamic conditions the
asperity tips are deformed and the surface is leveled due to elastic deformation thus
decreasing friction further. In hydrodynamic lubrication the coefficient of friction is increased

with increasing film thickness owing to viscous drag effect of the lubricant.

4.3 Reynolds Equation — General Development

Using Newton’s slow viscous fluid model, Navier (in 1823) and Stokes (in 1845) derived a
generalised equation for fluid flow called the Navier-Stokes equation. Navier-Stokes equation
is derived considering the equilibrium of various forces on a representative element of the

fluid, involved its motion, such as:
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Navier-Stokes equation is the most general form of fluid flow equation. In 1886 Reynolds

simplified this equation by making certain assumptions for the case of lubrication of contact

surfaces in relative motion, separated by a thin fluid film, as follows.

1.

Body forces, such as gravitational or magnetic forces, are neglected. This assumption
is generally true for lubrication with non-conducting fluids.

Owing to slow viscous motion, inertial forces can be ignored.

Pressure through a section of the lubricant film in its depth can be considered to be
constant, since the film thickness is very small.

No slip occurs between the fluid film and the adjacent solid boundaries.

5. The flow is considered to be laminar and velocity of fluid need not change in

direction. In such narrow conjunctions the film is considered to be almost flat, no
change of velocity is considered owing to negligible changes in curvature in small
contacting regions.

The fluid is considered to be Newtonian

As such Reynolds simplified the Navier-stokes equation, eliminating basically the body and

inertial forces (as well as surface tension) and presented the following equation (4.1) for a

lubricated conjunction. In his equation he relates the pressure' at a location in contact to the

film thickness, lubricant viscosity and relative motion of surfaces (see Figure 4.2).
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The right hand side of equatiqn (4.1) contains three terms. Each of them contributes to the
velocity induced flow in the bearing. The first two terms of the right hand side are described
as flow due to surface velocities, and are referred to as Couette flow terms. These are net flow
rates due to pressure gradient. The last term is referred to as squeeze film action, which
considers the mutual convergence of contacting solids at the conjunction. This equation is
equally applicable for EHL lubrication, when the film shape, given by # embodies their
localized deformation under load. For hydrodynamic Iubrication the fluid properties
(viscosity and density, not considered in équation (4.1)) do not vary significantly with
pressure throughout the bearing and thus may be considered to be constant. This condition is

referred to as isoviscous. Also note that Reynolds® equation is for isothermal conditions only.

4.3.1 Short Bearing Approximation

It is quite difficult to obtain analytic solutions for Reynolds’ equation for general cases,
involving film thickness variation in both x and y directions. For these cases one has to resort
to numerical discretisation techniques and solutions using finite differences and relaxation
methods. However, when physically justified various simplifications are used to obtain an
analytical expression for given contact conjunctions. Under hydrodynamic lubrication
condition in the bearing, the motion is regarded as pure rolling along the x- direction and

hence v, is considered to be negligible (this condition is referred to as no side-leakage). The

velocity in the vertical direction (along the contact normal) is called the squeeze velocity w,
which can be ignored under steady-state conditions, since: w= % as the bearing clearance is
vefy small. Under non-steady conditions, the squeeze velocity can be determined in a time-
based analysis by first order approximation as: w=%@’- , wﬁere film thickness at any

location in two successive time steps, denoted by the step-size Af is taken into account.

Taking these assumptions into consideration the Reynolds equation (4.1) for steady state

condition (ignoring the squeeze film effect) can be rewritten as:
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Here, the iso-viscous conditions are considered and density is assumed to be a constant. Side
leakage, or flow in the y-direction, is assoctated with the second term in equation (4.1). If the
pressure in the lubricant film has to be considered as a function of x and y, the solution to the
Reynolds equation can rarely be achieved analytically. In many conventional lubrication
problems pressure variation in one direction is considered to be negligible compared to the
other direction, such as in very long bearings, or short width bearings considered in this thesis
as a good approximation for the engine bearings. If y is considered to be the direction that has

insignificant changes in generated pressures, then:

. ‘
ok =6vx3_h (4.3)
ox\ 1, x Ox

After integrating this equation with respect to x and making use of the boundary conditions:

—d£=0, whenx=x ,andh=h,
dx
Where, A, is the film thickness at the maximum pressure point and x,, is the distance to the

maximum pressure point along x. Then, the Reynolds’ equation for the fluid film in the

journal bearing reduces to:

d h-h,
;§=6vxno = (4.4)

According to the Reynolds pressure distribution there is a maximum pressure point within the

contact. Under hydrodynamic conditions the lubricant pressure reaches its maximum in the

converging wedge which is slightly before the minimum film thickness point along the
entraining direction. In the diverging region negative lubricant pressures exists which does
not support for the load carrying capacity and it is known as the cavitation region in the
contact. Due to this sub ambient pressure the dissolved gasses in the lubricant releases as a
form of air bubbles which may then corrodes the bearing surface. Release of dissolved air

from the lubricant causes the pressure to be close to atmospheric. Thus, it assumes zero
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pressure in the cavitated region. With contact geometry, kinematics and lubricant rheology
solutions to Reynolds equation can be sought. Solutions can be obtained by direct integration
of Reynolds equation analytically, if for the prevailing conditions it can be reduced to a one-
dimensional problem. This means the variation along the other contact dimension can be

considered as negligible. For example, if one of the contact dimensions x or y is considered

to be infinitely long, its effects upon variation of generated pressure distribution is negligible,
or in other words the pressure remains constant in that direction. This condition is known as
Long Bearing Approximation. If this condition persists, then there is negligible side leakage

as assumed earlier. Long bearing approximation is an applicable assumption for bearings with

the diameter to length (some times referred to as width)l ratio: (2%), being less than 0.5 as

highlighted by Sommerfeld and detailed by Cameron (Cameron 1966). Solutions for all
tribological contacts pertaining to long or short bearing assumptions can be found analyticaily
if the film shape is described geometrically. The same, of course, is true for engine journal
bearings (Hamrock ef al, 2004). Yet the expression is not particularly useful as an analytical
solution, since it is difficult to obtain the load components by further integration, In 1904
Sommerfeld neatly overcome this integration problem by introducing a mathematical
relationship called the “Sommerfeld substitution” as it is discussed in Chapter 2. The use of
- Sommerfeld substitution leads to evaluation of pressure distribution for the complete journal.
However, the pressure distribution is skew symmetric, generating positive pressures in the
converging film (0 <« £x) and negative pressures in the diverging gap(z <o £2rx), the
integration of which leads to no load carrying capacity. Thus, half-Sommerfeld condition is
used, where the negative pressures are ignored. Once the pressure is known the load
components can be calculated. It is convenient to determine the components of the resultant
load along and perpendicular to the line of centres (this is the line joining the centre of the

journal to the geometric centre of the bushing).

Then, the force along the line of centres becomes zero due to the symmetry of the pressure
distribution with use of full-Sommerfeld condition, which is not practical. This demonstrates
that for a full-Sommerfeld solution the resultant normal load acts at right angles to the line of
centres, that is the attitude angle is 90°. So that as the load is applied the shaft centre moves
away from the bearing centre at right angles to the load vector. To overcome these difficulties

the half-Sommerfeld solution, which neglects the negative pressures inside the contact
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domain is considered. As mineral oil contains dissolved air and gases liberate in it at low
pressures to maintain its saturation pressure, the above assumption is considered to be
reasonable, but does not indicate the correct film rupture point and the commencement of the

cavitation region.

Similarly, for cases that the length of a bearing is very short compared to its diameter the
pressure gradient along its length alters more dramatically and its effect is taken into account
in favour of abandoning the circumferential pressure variation in the bearing. For a fluid film

bearing the circumferential flow rate (q,) and the axial flow rate (q;) can be given as

follows (Hamrock et al, 2004):

' K op N hr, o,

q, = (4.5)
1207, 0 |2
l" 2
R~ |
g =-—tF 46)

121, oy

(DuBois and Ocvirk 1953) stated that for short-width journal bearings the term 1 in equation
(4.5) is small relative to term 2. That is, for short-width journal bearings the pressure induced
flow (1 in eq. (4.5)) in the circumferential direction is small compared to the Couette flow

term (2 in eq. (4.5)). Therefore, they assumed that:

' k@,

% =" 4.7)

It should be emphasized that this assumption means that: dp/éa =0, and the significant
pressure variation occurs along the y-direction. This condition can be employed for short-
width bearings with diameter-to-width ratios in excess of 2 as indicated by (Cameron 1966)
and as a first approximation for piston ring to cylinder wall contact with very short width

rings. The result of this assumption is that -the Reynolds’ equation given in equation (4.2)

reduces to:
b3 ap " bh '
2P | —6nep L 4.8
ay( ay] Ji b o (4.8)
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Distribution

Figure 4.3 Pressure distribution in a journal bearing

The short-width-journal-bearing theory is valid as long as the diameter to width ratio is
greater than or equal 2 (Kirk and Gunter 1975). Of course larger the ratio, better agreement
with exact numerical solutions is found (Pinkus and Sternlicht 1961). Consider that there is
no misalignment between journal and bushing, and the film thickness is a function of & only.
Then, considering the appropriate boundary conditions and integrating pressure distribution

around the journal one can obtain (Hamrock et al, 2004):

_ 3un,e E,_z_ 2 Sino 4.9)
re 4 (1+&Cosa)’
Where, the eccentricity ratio is defined as:
e=% 4.10)
c

This equation shows that the parabolic function governs the axial variation of pressure,
whereas the geometric film functioﬁ dictates the circumferential variation of pressure (see
Figure 4.3). Sub- ambient pressures predicted by eq. (4.9) are ignored, and it is assumed that
positive pressure region from o =0 to & =x carries the total load of the bearing (i.e. half-

Sommerfeld assumption).

The load carrying capacity can be calculated by integrating the pressure distribution around

the circumference. As such the components of the load vector along () and perpendicular

(W, ) to the line of centres can be expressed as follows (Boysal and Rahnejat 1997; Cameron

1966; Taylor 2002):.
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un,’ me
W, =40 y @.11)
(1-¢7)*
un, €
W, = b"c?g (1 82)2 (4.12)

The altitude angle y, which is the angle between line of centres and the resultant force can

be given as,

tany =ZV1ZE~ @.13)

The friction or the traction force in a lubricated conjunction is generated due to the relative

sliding motion of the two contacting surfaces. Here u,refers to the surface velocity of the

journal, whereas #, is the surface velocity of the bearing bushing.

L2 b -

=L/20

With the short bearing approximation, %’=0 (as already explained above), thus after

integration:

B —2nnu ;L 1
c 1-£*

F

4.15)

The first quotient is known as the “Petroff friction”, which would be present where the
journal and the bearing shell are concentric (i.e. rotating cylinder friction). The second
quotient is termed the “Petroff Multiplier”. Note also the higher the £, the greater the friction
and hence more heat is generated. The negative sign indicates opposition to the direction of

entraining motion. Thus, an estimate of coefficient of friction can be obtained as:

e (=€)
Le (1+0.63%)*

(4.16)
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43.2 Stiffness of Journal Bearing

The total bearing load (¥) can be obtained as:

W= (Wf +W} .17

Thus:

. b
w =—“fff —(l_”;)z [(-17;62-—1)82 +1] ’ (4.18)

Equation (4.18) provides the relationship between load and eccentricity. A more common
way of expressing this relationship is in terms of the dimensionless group called the

Sommerfeld number (S) such as:

2
s=——2 (4.19)
?'j .

Note that r, 1, = % and N is in rev/s. In terms of S, equation (4.18) for a short width

bearing, can be represented:

2 2
S=(£) ZE Jog2e?+1 (4.20)
D) (i-¢) |
From this equation it is clear that S=f (e, %) It can be seen from the definition of S in
equation (4.19), that S W . Also by definition %, =c(1-£). Taking these relations into
consideration the variation of S with the minimum film thickness A, for a given % ratio

can be obtained, which is effectively the load-deflection curve as shown in Figure 4.4. The
figure shows that the bearing is stiffest in the vicinity of the minimum film thickness and

softer at both ends.

As mentioned in (Gohar 1988) a bearing can simplify into a simple mass spring arrangement.

Then, the natural frequency of the system can be given as:
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Where k is the stiffness of the oil film such that:

Lo _ 1w

T 8e ¢ Oe

Substituting this into the frequency equation and making use of Sommerfeld substitution

(4.19) the bearing natural frequency can be obtained as follows: (Gohar 1988}

nh (g
=, = ‘ 4,22
Js 2r N ¢ ’ ( )

Where » is an index such that #=1.3, when £ <0.65 and it increases rapidly for £ > 0.65.
This implies that oil film stiffness is quite non-linear. It is clear that oil whirl becomes severe

in bearings when the shaft speed equals to twice the bearing natural frequency, such that
(Kryniski 1991):

0, =20, =2x27 f, = Zn\/g (4.23)
4

Thus:
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Therefore, for safe operation of a rotor supported by journal bearings, the ratio % o must
' /

always be greater than 0.148 for all values of £. Of course the analysis here is a simplified
approach in one-dimensional analysis. By using equation (4.23) the safe operational region
for a bearing can be found, considering the ratio of bearing rotational speed and its natural
frequency. The stability map, in two-dimensions, using numerical solutions is given in Figure
4.5, which is used in bearing design (Cameron 1966; Gohar 1988).

4.3.3 One dimensional solution for piston skirt and ring contacts

Thus far the theory outlined above (for short bearings) is developed and used in the thesis for
the engine journal bearings, which for the case of the E6 single cylinder engine have a
diameter-to-length ratio of approximately 1.9. This is very close to the value of 2 required for
its accuracy (Kirk and Gunter 1975). The alternative would have been to simultaneously
solve Reynolds’ and film thickness equations (Reynolds’ equation in 2-dimensions}
numerically, This would have added significant time to the model computations, with an
inordinate corresponding rise in analysis time. Such solutions, in fact are already available
(Gupta 2002; Okamura and Morita 1999; Rahnejaf 2000),‘ and should replace the current
approach for diameter to length ratios between 0.5 and 2, where a finite-width bearing results.

However it is noted that at higher sommerfeld numbers and low eccentricity ratios, deviation
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Figure 4.6 Ring Lubrication

of short bearing solution from finite width bearing solution is insignificant (Pinkus and
Sternlicht 1961).

For the case of piston ring, of very short width and long perimeter, such that the ratio of its
diameter to its width is typically of the order of 0.01 or less, one can assume with good
justiﬂcation' that pressure variation along its width is far “more significant than
circumferentially. Thus, many investigators have used infinite line contact analysis approach
such as a roller on a semi-infinite elastic half-space (a one-dimensional analysis) to obtain an
analytic solution, such as (D'Agostino et al, 2002). This is a similar approach to the case of
the long bearing analysis described previously, with the difference that the ring - cylinder
wall constitutes a small contact area which is rather poorly conforming. The full Reynolds
equation can be simplified using an infinitely long contact assumption where there is no side
leakage, thus zero pressure gradient in the y-direction (note that the axial direction of the
contact is along the ring face-width, denoted in Figure 4.6 as the x direction). Thus, using the

same approach as in (Rahnejat 1984):
v=0and OP/oy=0 _ (4.25)

Thus, applying these conditions into equation (4.1):
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Furthermore, for an iso-viscous lubricant, the viscosity 1 =1,, Thus:

2.[;,3 .3_P]=12n0 [&...3_"‘.+w] (427)

v, oh
R I 4.2
[ e + w} (4.26)

ox Ox 2 Ox

Integrating equation (4.27) with respect to x to obtain the pressure gradient in the lubricant

and let w, =w:

hs% = 6un,h+12w1,x+C, (4.28)

The constant of integration C, can be evaluated using the boundary conditions:

i/ =0atx=—x, (4.29)
dx

Which is the point where:
p=P,andh="h

Assuming a parabolic variation for the hydrodynamic film thickness in the direction of flow

as:

nen (102 30
_ 4.
"\ 2Rn (4.30)

The pressure gradient can be obtained as:

d) 6 u,
Do b (o), () @31)

dx 2
A T
2Rh,

Equation (4.31) can be solved, using the following dimensionless groups:

— x

tanx =,J2R—hm
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— X
tanx, = ——=
,/2Rh,,,
. h%p
6u1,(2RY*
w: ==
uS
y=te
R
Thus:
dp'

O Ty 2= 4= W, R P = 4=
={sm Xcos" x—tan" x,cos x + = (smxcos X +tanx, cos x)

4.32)

(4.33)

Implementing these substitutions and integrating equation (4.31), the pressure variation can

be evaluated as:

« 1_

P =—x--—1—-sin4;?—tam2 fa[§3c‘+lsin2f+—1--sin4f)
8 32 8 4 32

4w, | 3

+—== ——-—cosZJ_c—icos45c'+taru?‘z
32

J2,

(§§+lsin 2f+Lsin4J?] +C,
32 8 8 4 32

(4.34)

The constant of integration (C, ) can be found using the following boundary conditions for a

fully flooded inlet condition:
p=0whenx=-c

Which can be represented in dimensionless form as:

* b4
=0 at X=——
P 2

(4.35)

Substituting these values into equation (4.34), the pressure distribution can be obtained as:
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*

p:

-1-3c'—isir14f—tan2 X, (§E+lsin 2f+Lsin4J?)
8 32 8 4 32

+ 4w, -—3-—1005237—Lcos4f+tan3?a [§f+—l-sin 2E+Lsin 43?) (4.36)
32 8 4 32

J2n 32 8

+£{1—3tanzfﬂ+ 12w, tanfa]

Pressure distribution can be obtained, if X, is known. The outlet boundary condition can be

used to calculate this value. Assuming p’ =0 at ¥ =7/2. (Where x=c0 )

L] 43
_12w: + 721/‘;:, +12
NFT N

-6

tanx, =

(4.37)

When w, =0, which is the rolling element condition, the value of tan¥, =i-1/ 3. This

.2
describes the Sommerfeld condition. It can also be seen that when 72;'” >>12, then

m

tanX, = 0. At this point only the squeeze action is prominent and entraining motion is not

that important for the pressure development.

Numerical results obtained for dimensionless pressure variation for given w, values are
illustrated in Figure 4.7. Here, the negative pressures have to be neglected, as they do not
support any load. It can be observed that as w) increases negatively (i.e. larger velocity of

normal approach), the pressure distribution increases in magnitude and the maximum

pressure approaches the position of ¥ =0 (this is the centre-line of the contact and the

position due to pure normal approach). When w, =0, the pressure distribution is that of half

Sommerfeld condition, where tanXx, = -1/43.

As it is mentioned earlier ignoring the negative pressures in the Sommerfeld solution fails to
satisfy the continuity of the mass flow in the contact. Thus, at the outlet a cavitation boundary

condition must be adopted. For this purpose it is usual to employ the Reynolds or Swift-
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Figure 4.7 Pressure distributions with Sommerfeld condition

For different non-dimensional approaching velocities (w))

Steiber boundary conditions (Rahnejat 1984). In such cases both the pressure gradient and the

pressure return to zero at the point of film rapture:

p=—=0atx =X, (4.38)

By applying this boundary conditions into the equation (4.27) and following a similar
procedure or by following the substitution procedure as shown in (Rahnejat 1984), the non-

dimensional pressure distribution can be obtained as follows:

' g L W T S e
p =lf—Lsm4.\'—tan'_\;(3x+—su12x+—sm4x]
32 8 4 32
e | 2 1 e I . AN T
P 1 LT ——¢C054X —tanX, (—.\' +—sIn 2X +—sin4Xx ]l (4.39)
n | 32 8 32 8" 4 32 [
) 12w,
g X 1-3tan" x. - it tan X,
16 )
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Note that equation (4.39) can simply be obtained by just replacing X, in (4.36) by —¥x, . Now
the pressure distribution can be found, if the film rapture point is known. x, can be

determined by utilizing the other half of the boundary conditions (4.38). Thus, equation
(4.39) becomes: '

lf, — L gin 4% —tan’ ¥, Efr +lsin23_c, - sin 4%,
8 32 8 4 32

+_4w_3 —i-—-l—cos 2%, —Lcos43_c, —tanXx, (EIP +lsin 2%, +Lsin 41] (4.40)
/2],; 32 8 32 8 4 32

T 2o 12w
+-——|1-3tan" ¥, -——==tanX, =0
16[ }2;,; }

Even in the contact between piston and bore the pressure variation along the circumferential

direction can be considered negligible compared to the high pressures along the axial
direction. This leads to insignificant fluid flow in the circumferential direction as it is given in
equation (4.25). Moreover, higher stiffness of the piston material which leads to very high
natural frequencies implies that the piston behaves more like a rigid component within the
domain of excitation. Even though there are many studies available in literature considering
the elastic deformations of the piston-bore lubrication (Balakrishnan and Rahnejat 2005;
Dursunkaya and Keribar 1992; Dursunkaya et al, 1994), it is found that these elastic
behaviour prevails only at the peak combustion pressure. However, even in such a location
the pressures are usually insufficient to significantly alter the lubricant viscosity. Thus, as
(Balakrishnan and Rahnejat 2005) have found only isoviscous elastic conditions are
encountered in very small parts of the cycle. Thus, the engine operating conditions
demonstrate that EHL conditions may hardly be present other than possibly at engine start-
up. Taking these facts into consideration the methodology developed so far can be used
reasonably to predict the lubrication characteristics of the contact between the piston and the

bore.

4.4 Analysis of Friction

If a machine element is adequately designed, with proper fluid film lubrication the contacting
surfaces are completely separated. Conversely, when the film thickness is insufficient

asperity interactions take place and this can lead to excessive wear and friction. The theory of
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friction expounded initially for static case by Amontons in 1699 and extended to kinetic
friction by Coulomb in the 18™ century is based on the supposition that it (friction) arises
from asperity interactions, thus dependent on the surface quality (topography). Of course
friction also arises in lubricated coﬁtacts, even with full separation of surfaces due to shearing
between layers of the fluid. This viscous action causes friction, which is not only present in
relative sliding of surfaces but also under pure rolling conditions, but to a much lesser extent.
Therefore, for fluid film lubrication viscous friction is the dominant source, whilst Coulomb
friction acts under boundary regime of lubrication. These two phenomena contribute to the

total friction in mixed regime of lubrication.

In order to identify the lubrication regime a dimensionless parameter can be defined as
follows:
A=t | (4.41)

,/of +07

Smaller A results more frequent random contacts between asperities. Under such conditions
boundary lubrication occurs. Larger film parameters result in more coherent lubricant films,
which lead to hydrodynamic lubrication. However, great differences in geometric conformity
from hydrodynamically lubricated conjunctions to elastohydrodynamically Iubricated
conjunctions make it difficult for clear distinctions to be made. Therefore, rough estimates are
used to distinguish between regimes of lubrication as shown in Figure 4.1. Thus, it is
reasonable to consider friction force between two surfaces to be made up of two

contributions: a boundary friction F, and a viscous friction F,. Film parameter is used to

identify the prominent friction component as shown in Figure 4.1.

F,=F,+F, - | (4.42)

4.4.1 Boundary Friction Force

Boundary lubrication occurs when the asperities are in contact. The lubrication conditions can’
still prevail on asperity tips and in the oil film trapped between the asperities (see Figure 4.8),
but friction arising from these are quite different. The distribution of peaks and valleys on a

surface cannot be calculated precisely due to its random nature. Thus, a statistical approach
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Asperity

/ contact

\ Lubricant
Figure 4.8 Lubricated contact

can be used to predict tribological aspects within a boundary lubrication contact. In the same
manner proposed by (Greenwood and Tripp 1970) and used by (Teodorescu et af, 2003) for a
cam tappet contact, a model considering the Gaussian distribution of asperity heights and
constant radius of curvature of the asperities is used here to obtain the load carried by asperity

contacts. Asperity contact area is given by (Greenwood and Tripp 1970):
4, =7 (y80) 4,F,(A) (4.43)

The load carried by asperities can be given by:

a

_ 82 I (o 2
—-—ls—ﬂ(yﬁo) BE AhF% (A) (4.44)

Where, E' is composite or reduced elastic modulus given by:

2 2
l:l 1;"1_4.1:_"_2_ ‘ (4.45)
E 2| E E,

o is the combined root mean square (RMS) surface roughness given by:

0 =0 +0? (4.46)

The two statistical functions F, (A) and Fy (A) are defined as:
2
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F,(A) =J—;_;1(s—A)" ¢ ds (4.47)

Which has been fitted into two fifth order polynomials such as (Teodorescu et al, 2003):

Fy (A)=-0.0046A° +0.0574A* —0.295A° +0.7844A% —-1.0776A + 0.6167 (4.48)
2

F,(A)=-0.0018A° +0.0281A° —0.1728A° +0.525A% - 0.8043A +0.5003 (4.49)

According to (Greenwood and Tripp 1970; Teodorescu et al, 2003) the group 7o =0.055

and G, 3= 07, has been used for the calculations. If the load acting on the contact is known,

then the Hertzian contact area 4, can be found by the following equation (Kushwaha 2000):

4RI - -
4 = 2R 450
=y .50)

Where R is the equivalent radius of the two contact surfaces: %=l+l. Thus, the
h n
boundary friction force can be given as:
F,=14,+c,k, (4.51)

- Where 7, ~2MPa, which is the Eyring shear stress and ¢, ~0.17 (K.L.Johnson 1985;

Teodorescu et al, 2003). When asperity interactions take place, the lubricant film is quite thin
and its behaviour (in parts, i.e. at the asperity tips) is assumed to be non-Newtonian. Thus, the
Eyring shear stress defines the limiting value of shear stress, where non-Newtonian behaviour
occurs (thus it identifies the asperity tip contacts). The film parameter Acan be used to
distinguish the regimes of lubrication within a contact, As it is shown in Figure 4.1, boundary
lubrication can exist in both mixed and boundary lubrication regimes. Therefore, in the
algorithm developed in this thesis and used in the multi-physics model the film parameter is

used to determine whether boundary lubrication exists, and then equation (4.51) is used to

calculate the boundary friction force.
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4.4.2 'Viscous Friction Force

Viscous friction force is produced by shearing of the oil film trapped between the two
contacting surfaces. Depending on the oil film thickness, the lubricant can behaves as a
Newtonian liquid such that the shear stress is linearly related to the shear strain or it may
behave in a Non-Newtonian manner. (Eyring 1936) has proposed a model, which
incorporates the non-linear viscous behaviour. According to this model the shear stress is
linearly varying with shear strain until it reaches the Eyring shear strength (z,), which is
about 2MPa for most lubricants. Subsequently, it starts to deviate from linearity. Taking this

behaviour into consideration the shear stress can be used to identify the lubricant behaviour

as previously pointed out. Thus:

-’L& <7, (=2MPa) (4.52)

Then, the Newtonian behaviour prevails within the contact and the shear stress becomes:

c=4 (4.53)

- However, if the inequality (4.52) is not satisfied, then the Non-Newtonian behaviour prevails

and the shear stress is determined by the rheological properties of the oil such as:

r=ro+y,[P;P"] | . (4.54)
h

Where ¥, is the slope of oil limiting shear stress-pressure relationship and this could be
approximated to a mean sliding velocity [“% j of the contact. Thus, depending on the

situation the viscous induced stress can be calculated either by (4.53) or (4.54).

During the piston motion inside the cylinder bore any of lubrication regimes can dominate. In
piston mid-stroke the hydrodynamic lubrication condition is predominant due to high sliding
velocities and relatively low side forces. At dead centres the velocity instantaneously
becomes zero, thus producing no lubricant entrainment, especially when this happens at the

TDC during the power stroke of the engine. Here the situation becomes more severe due to a
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high side force. Under these conditions there is a better chance of boundary lubrication

conditions to occur at top dead centre, which can be represented by the described procedure.

4.5 Temperature Effects in Lubricated Contacts

Thus far all the analytical methods described are based on the assumption that isothermal
solutions to tribological contacts suffice as first reasonable approximation. This also happens
to be the approach by many other investigators, such as those cited in this chapter. However,
in all contacts the temperature of the lubricant rises from that of the bulk oil temperature, and
this reduces its viscosity, which in turn reduces the film thickness. In conjunctions with lower
pressures and larger gaps, and particularly at lower shear rates the temperature rise is less
pronounced, and one may ignore the temperature effect, at least as a first approximation.
However, in less conforming conjunctions and at high shearing rates, such as the case of
piston ring to cylinder liner contact temperature rise and its effect of viscous behaviour of the
lubricant should not be neglected. Thus, Reynolds pressure variation at the contact changes
whist altering the reaction force. In fact, prediction of temperature rise‘in such lubricated
contacts of a machine element is an important contribution to the engineering design process.
The conservation of energy at a point in the lubricant film is the fundamental equation that is -
necessary for this prediction. Assuming that there is no other external source of heating
present, the pressure along the thickness of the film is constant under steady state condition.
Considering the fluid flow is only in the x-direction the 2-dimentional energy equation for a

contact is given by (Gohar 1988)as:

2 2 :
) (v 00 5’0
vve|l-=l+nl—=| =pv.C | — |-k | — 4.55
ex (ax n az p xp ax ( azz . ( )
o — e e —— —
compressive viscous convection conduction
heating heating cooling cooling B4

Where 6(x) is the temperature rise of the oil from the inlet, v, is its coefficient of thermal

expansion, C, is the specific heat at constant temperature and £, is the thermal conductivity.

As it can be seen from the equation (4.55), the heat is generated due to compressive action as
well as viscous action in a contact and this heat is dissipated to the environment by
convection or by conduction cooling. Lubricants behave as incompressible (volume does not

change with pressure) fluids in low pressures but it undergoes compression at high pressures
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Figure 4.9 Temperature variation along the contact

such as in 100MPa’s. Under such pressures the heat is generated due to compression action
which is represented in the first term of the left side of the equation. On the other hand low
film thickness and higher sliding velocities cause higher shear rates to happen in the
lubricant, causing heat to generate at the contact. This heat is represented in the second term
in the left side of the equation. Then, this heat is dissipated into the film boundary solid
surfaces either by conduction cooling or by convection cooling. Depending on the situation
various terms in equation (4.55) contribute quite differently and, thus it is possible to simplify
it under certain conditions. For example, under hydrodynamic conditions the pressure
variation is quite small compared to EHL conditions (Gohar 1988). Therefore, it is possible to
neglect the effect due to compressive heating, while it is inadvisable to méke such an
assumption under EHL conditions. Assuming that hydrodynamic conditions are prevalent in
the contact such as piston ring-to-cylinder wall, the affects due to compressive heating has
been neglected from the equation. The viscous heating becomes the most prominent from the

heat generation point of view and the equation (4.55) becomes:

v ¥ 00 5%0)
(w22

The generated heat in the contact changes the temperature in the lubricant and thus it changes

the lubricant viscosity. The change in viscosity affects the Reynolds pressure distribution at

the contact and new pressure variation needs to be calculated in the contact as an iteration

process.
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Figure 4.10 Heat flow within a lubricated contact

First, the relative significance of the terms in the right hand side of the equation must be
determined in relation to the film thickness, which could be used to differentiate the mode of
heat removed from the contact. This would also pave the way for a simplified analytical
solution, since otherwise both terms on the right hand side of the energy equation (4.55) are

retained.

Convection cooling happens when the heat is carried away along by the lubricant film as

shown in Figure 4.10. Let the average fluid velocity be u,/2 and the maximum average

temperature rise in the film will be AG/2. Then, the convected heat flow across a distance

dx ata position xis:

- de ! a0\ uhY, |
pC?deo[ b )dz pC (dx)[ 5 ]ak | (4.57)

Taking into consideration the whole contact domain, which is -%stfy , and

considering a linear temperature rise in the contact such that d%x = A% B’ then:

(4.58)

pCzu h ( Ae) ? e PCh(89)

2B s 4
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Therefore, the total convected heat through the contact can be given by equation (4.58). Heat
within the film can also be removed away by conduction as shown in Figure 4.10. When the
heat is carried away by conduction, then the solution assumes that the temperature gradient

across the film varies linearly for each value of x rising from zero at its bottom surface to a

value of 5% at the top as shown in (Gohar 1988). This gives a parabolic temperature

distribution across the film. Thus, the heat flow rate into the top surface through a column of
width dx and height his:

kcdxhj(d’%z,) dz = k,dx(59/)) | (4.59)

Substituting: 89 =xA0/, as the temperature rises linear across the contact, into equation
g B P q _

(4.59) the total conducted heat flow can be calculated as:

B .
kA0 [t = k.AOB @60
Bh ; 2h

This equation provides the heat removed by conduction. Substituting values from equations

(4.58) and (4.60) into the energy equation (4.56), considering the whole contact domain:

%on 2 ChA® &k
j‘n(@*‘-J dzdx=pu’ £+ (46) B (4.61)
oz 4 2h

=% | | - (4.62)

Thus, equation (4.61) becomes:

muiB _puC,ha0 k,(A0)B

4.63
h 4 2h (4.63)

The temperature rise within the contact can be obtained from equation (4.63). However, it is

known that when the film is thick such as in hydrodynamic lubrication the most dominant
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heat removing mechanism is convection, where as under EHL conditions conduction is most
prominent (Cameron 1966; Gohar 1988; Rahnejat and Gohar). If a condition can be imposed
to distinguish the effective cooling method under prevailing circumstances, then the amount
of caiculations can be reduced, and an analytical solution can be established. The Peclet
number, which is a dimensionless number, defined as the ratio of convected heét energy by
the fluid to the thermal energy conducted by the adjacent solid surfaces can be used to

ascertain the validity of the simplification made. By definition:

Peclet Number (Pe) = Convected heat (4.64)
' Conducted heat
Thus, from the above derivations:
uh uh’
5 Cop(49) [ 2B )
Pe= = (4.65)

(80)k.B _[kc}

2h pCp

The denominator of the right side of equation (4.65) is called diffusivity, which is a constant
for a specific fluid. Diffusivity has the units m% and for the lubricant oil of SAE 15W-40

used in the engine the diffusivity is 7.38x10™*m? /s at 100°C (Shell). Contact width (B) for

the piston ring — cylinder wall interaction is given by the ring width of 2mm. Such that, the
Peclet number variation during an engine combustion cycle is given in Figure 7.27.
Therefore, both convection and conduction cooling are taken into consideration for the

calculation of temperature rise within the contact.

Once the temperature rise (A8) is obtained by equation (4.63), the final temperature (90) at

contact is calculated using a relaxation method such as:
6,=0+kA8 ‘ (4.66)
Where 6, is the inlet temperature and &, =0.5 (relaxation factor) for this case. Then the new

viscosity corresponding to temperature 8, can be calculated using Vogcl equation which is

given by (Hamrock et al, 2004) as:
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700.81 ] 4.67)

In() =—1.845
() +(9—203

where @ is the temperature in Kelvin and 7 is the viscosity in centi-poise, or by Barus

equation as:
n=ne* (4.68)

Where o is the viscosity-pressure coefficient and p is the pressure. Then the minimum film

thickness for the corresponding viscosity under these conditions can be found, if the total
force acting on the contact is known. The detailed implementation of temperature effects at

piston ring — cylinder wall interaction, using the above analysis is presented in section 5.5.7.

Even though almost all lubrication contacts are established based on Reynolds equation, it
can be simplified accbrding to the circumstances of the contact that will reduce the intensity
of numerical techniques needed to solve them, as it has been discussed. This will enable
modern computers to solve such an immense multi-physics numerical model within
reasonable duration of time. The following Chapter is devoted to a discussion of
incorporating these lubricated contacts to a commercially available multi-body dynamics
software tool in an efficient and methodical manner which can be extended to any system that

include kinematic relations and constraint reactions.
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S NUMERICAL_MODEL DEVELOPMENT

5.1 Introduction

In the former chapters, theoretical basis used for multi-body dynamics, component flexibility
and tribology within this thesis have been ldiscussed, with particular reference to internal
combustion engines. In this chapter these methods are combined to develop a multi-physics
numerical methodology with a single cylinder engine model. Firstly, multi-body dynamics is
used to develop the constrained rigid body inertial dynamics of the engine. This base model
includes rigid body motions only, such as the translation of the piston, its secondary motions,
angulations of the connecting rod, and rotation of the crankshaft. Then, selected rigid bodies
are replaced with flexible components. These are the elements of the system that in practice
are more prone to structural deformation, when subjected to the applied combustion gas
force. The introduction of component flexibility lessens the stiffness of the model, while it
makes it more realistic. Idealized primary joints used in the usual multi-body models such as
revolute, translational, etc with well-defined motion trajectories and DOFs do not exist in real
physical systems, which are subject to compliances offered by system flexibility and
clearance. This also includes the reaction forces offered by the load bearing systems, which
should be modelled in realistic tribological terms. Current multi-body dynamic analysis codes
such as ADAMS, used in this thesis and widely in industry, do not possess these very
important features, thus the analyses reported in literature using such approaches are usually

devoid of practical significance, particular with regard to an in-depth scientific investigation.

Almost all contacts of an engine are ideally regarded as lubricated. The purpose, of course, is
to minimize friction, wear and thus better efficient engines. One should also not under-
estimate the contributions made by the lubricant by removing the generated heat away from

load bearing conjunctions, and thus enhance the thermal stability of engines.

Whilst the multi-physics approach expounded here includes a number of key disciplines in
the same analysis, it must be noted that there are many other aspects of an IC engine that are
not considered in depth during this analysis such as the behaviour of Big—end bearing and the
gudgeon pin interaction with piston, which also behaves in a complicated manner
(Balakrishnan and Rahnejat 2005; Cho et al, 2003; Koizumi et al, 2000). Also, engine
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housing flexibility can be quite influential in investigation of overall NVH performance in an
IC engine (Gamnier ef al, 1999). This aspect is also not considered here. However, it is not
possible to include all these effects into a single model with the available computational
capabilities, and within sensible analysis times. Furthermore, very large and complicated
models with many interactions are often not the most useful. Thus, those aspects included in
the multi-physics analysis are deemed as the most influential from a combined dynamics,
NVH and triboloy viewpoint, The method employed also provides structural deformation
data (within the elastic limit), which can be used for durability analysis (not discussed in this
thesis), aside from its contributions to structural vibrations. Furthermore, within the NVH
spectra, the thesis focuses on two key aspects: firstly, the engine order vibration that
contribute to vehicle harshness at low frequencies, and secondly on vibrations of the piston-
connecting rod-crankshaft sub-system, which are structure-borne. Thus, airborne noise is not
considered, which may arise from inclusion of other attachments such as casing, covers,
manifolds or other components of lighter construction. This, however, can readily be

achieved by simple additions to the model. ‘

5.2 Rigid Single Cylinder Model

5.2.1 The ADAMS Multi-body System Software

ADAMS (an acronym for Automatfc Dynamic A_nalysis. of Mechanical. Systems) is a general
purpose dynamic systém simulation code and is a product of MSC Software. It automatically
generates equations of motion of a mechanical model, based on constrained Lagrangian
dynamics, described in Chapter 3. Thus, ADAMS is used to analyse a wide range of multi-
body dynamic sysfems. It has become an industry-standard analysis code, and is used in all
kind of industries such as automotive, aerospace, machinery and construction as reported by
(Blundell 1991). It has an open architecture that allows users to create their own extension
data set, features or subroutines (ADAMS/Solver).

In ADAMS a “marker” defines a position to which an orthogonal triad of unit vectors is
attached. It identifies a location and its orientation with respect to a reference frame that can
simply define geometry or a point of attachment, or centre of mass and inertial properties of a

body (referred as a part in ADAMS). Orientation of any marker with respect to the global
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frame of reference (a fixed model-based reference frame) is given by Euler Angles, whilst
position of a marker is given either with respect to this global reference frame (GRF) or a

local part reference frame (LPRF), depending on the manner of formulation chosen.

Input to the program consists of part geometry, mass and inertial properties, reference frame
definitions, description of body types and compliances, topological and analytical constraints
and the externally applied forces. The Graphical User Interface (GUI) can be used to create

geometries or these can be imported from other design and analysis software.

Part translational and angular velocities, applied forces and reactions due to constraints (in
terms of Lagrange’s multipliers) are considered as state variables of the system. The
constraint equations are predefined for each joint, when the model elements are specified.
External forces and user-defined differential equations are defined as state variables and are
appended to the set of equations. Description of method of formulation of equations of

motion is given in Chapter 3.

52.2 Modelling Procedure in ADAMS

As the first step in the modelling procedure the reference coordinate system (GRF) and the
system units (such as the SI units) are defined. Then, each part in the system model should be
defined with its mass and inertial properties, the centre of mass location and part position and
orientation with respedt to a fixed global frame of reference (GRF). Each parf possesses a
certain number of markers, as previously mentioned. These markers move with the part. In
every model there is a fixed part (referred to as Ground), which acts as the datum, with

respect to which all motions are determined.

After defining all parts with appropriate properties, the required motions and constraints will

No Description Joint Type Constraints Total
y z X Iy Iz

1 Crankshaft-ground Revolute L * o * 5

2 Crankshaft-flywheel Fixed L 6

3 Crankshaft-connecting rod . Cylindrical O 0% 4

4  Piston-connecting rod Universal ¥k Ok * 4

5  Piston-ground  Cylindrical * * 0k * 4
Total constraints 23

Table 5.1 List of constraints for rigid engine model
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Figure 5.1 Rigid body Engine Model

be introduced between the parts to simulate required functional behaviour of real systems,
being modelled. The standard joints in ADAMS include revolute, planar, cylindrical etc.,
which reduce the number of DOF of the system. NOW the model is restricted to move in a
way, which complies with the introduced constraints and imposed motions, according to the
kinematic relations needed. In Table 5.1 a list of basic joint types used to mode! the rigid

single cylinder engine model is given.

Having defined the constrained motions in the model, the next step is to introduce the
external and internal forcing elements of the system. These forcing elements can be in the
form of a force or a torque, such as the combustion gas force and the load torque. These
forcing elements can be imposed as a user-defined function or a standard forcing function.
Internal forces such as springs, dampers etc, are forms of reaction or restoring forces. The
action force on one element essentially creates the reaction from another element within the

system. The basic rigid engine multi-body system is shown in Figure 5.1.

ADAMS uses Gruebler-Kutzbach expression to calculate the degrees of freedom of the

assembled model of the system:

DOF = 6x (Number of parts—1) - Z Constraints (5.1)

In Table 5.1 the list of constraints are given for the single cylinder rigid-body engine model.

In this model, there are 23 constraints and 5 parts, including the ground, here representing the

109




Chap 5 - Numerical Model Development Basic Components in the Engine
No Description Material Mass(kg) - I (kgmm®) 1, (kgmm?) I (kgmm®)
1 Flywheel EN353 (Carbon 85.23 1329590 1329590 2454628
steel)
2 Piston LM12 (Cast 0.45 1950 1950 462
Aluminum)
3 Connecting ENI100 (Carbon 2.01 45305 849 45745
rod Steel)
4  Crankshaft EN353 (Carbon 14.96 246534 236228 30071
~ Steel) '

Table 5.2 List of materials of engine components

- engine block. If these are substituted into equation (5.1), the number of DOF becomes one,
which represents a kinematic system, because the motion of the crankshaft due to the
variation in combustion process is prescribed. A system having no degrees of freedom, after

_prescribing a motion is regarded as kinematic.

5.3 Basic Components in the Engine

In this analysis a single cylinder 4-stroke E6 Ricardo experimental type engine is modelled,
which has a bore of 3 inches, and a stroke of 4.375 inches and produces a maximum power of
13 Bhp at speed of 3000 rpm and a maximum torque of 40 Nm at 1800 rpm. The test is
carried out at the crankshaft speed of 1800rpm. Due to complexity of the problem, modelling
is confined to its basic components in the dynamic analysis of piston-connecting rod-
crankshaft sub-system, which is necessary for the prediction of engine torsional NVH
behaviour. Thus, the parts of interest are: the flywheel, crankshaft, connecting rod and piston
(see Table 5.2). The solid geometries of various components are modelled in Solid Edge and
imported into ADAMS as parasolid files.

The physical engine was disassembled into its components and exact dimensions were taken.
Later flexibility was introduced for the necessary parts using MSC/Nastran. The structure of

the parts analysed and the global frame of reference are shown in Figure 5.1.

For all the parts shown in Figure 5.1 and listed in Table 5.2, the mass and inertial properties,
geometric specifications, the location and orientation of the local part frames of reference are
defined. Critical locations, such as points connecting other components through joints and
points where external forces are applied are also defined by inserting markers in relevant

locations. Materials for each component are carefully selected to be compatible with the .
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actual values. List of materials used and the mass and inertial properties are given in Table
52.

53.1 Flywheel

Flywheel acts as a source of potential energy in an IC engine. Its heavy weight, bolted to the
crankshaft, helps to smoothen the power flow fluctuations by resisting sudden changes in the

crankshaft rotational speed due to the applied varying combustion power strokes.

Some engines have dual mass flywheels, which consist of two separate parts called the
primary and the secondary inertias. These two parts are usually connected by a spring-damper
system with appropriately selected stiffness and damping properties (Harry 1994). When the
electrical systems of automobiles evolve from 12 volts to 42 volts for the future generation of
engines, the starter and the generator can be built as part of a multi-purpose flywheel
(W.Pullrabek 2003). In the Ricardo E6 engine the flywheel is rigidly connected to the
crankshaft by means of a threaded joint, which is represented numerically (in the model) by a

rigid joint, with no relative DOF.

Normally the flywheel is connected to the gearbox through a clutch, ensuring a smooth
engagement between engine and the gearbox. This thesis is mainly concerned with engine
dynamics, thus the effect of the clutch is not considered. A torque element, acting opposite to
the direction of rotation, is applied to the flywheel in order to represent the resisting torque on

the engine, which is detailed in section 5.5.2.

5.3.2 Crankshaft

Crankshaft represents the transmitting torque medium through which the engine work output
is supplied to the external system. The mass and inertial properties of the crankshaft are given
in Table 5.2. The crénkshaﬁ rear-end is connected to the flywheel. In most engines,
crankshaft front-end is connected to a pulley through a torsional damper. However, in this
particular engine there is no such damper and a pulley is attached to the crankshaft at the

front-end, Figure 5.2 shows the crankshaft of the E6 engine.

111




Chap 5 - Numerical Model Development Basic Components in the Engine

Main Bearing
Bushing

Figure 5.2 Single cylinder engine crankshaft

53.3 Connecting Rod

The connecting rod transfers the combustion gas force from the piston to the crankshaft. One
end of the connecting rod is connected to the piston through a gudgeon pin and the other end
is connected to the crankshaft (see Figure 5.3). The connection between the piston and the
connecting rod is represented by a universal joint in the model, translating with the piston.
The connection between the crankshaft and the connecting rod is represented by a cylindrical
joint used in ADAMS, which rotates about the crank axis. Therefore, the connecting rod can
be regarded as an articulated mass in combined translation and rotation. The universal joint at
the piston end does not represent the gudgeon pin, but it ensures that the system maintains its

intended function, whilst eliminating any redundant constraints.

5.3.4 Piston

Pistons are subjected to large temperature variations such that thermal expansions are
apparent. There should be a clearance in between piston and the cylinder wall in order to
cémpensate for this thermal expansion, This clearance may lead to lateral motions, referred to
as secondary motions other than the intended transverse primary motion. These can lead to an
NVH phenomenon known as piston slap (Haddad and Howard 1980). Initially, the piston is
connected to the ground by a cylindrical joint allowing it to move in the vertical direction
(allowing translation only) and by a universal joint connected to the connecting rod. The
joints used for the piston assembly are listed in Table 5.1. Later the translational joint was

replaced by the four thrust forces acting on the piston skirt in the lateral direction, which are
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Figure 5.3 Connecting rod and Piston

generated due to piston skirt-to-cylinder wall interactions as discussed in section 5.5.5. A

planar joint, restricting the piston to move in the yz plane is used (see Figure 5.1).

5.4 Flexible Engine Components in ADAMS

The kinematic relations in a mechanism provide the behaviour of its various components in
the global frame of reference. Basic joints in ADAMS constrain the motions of components
in specified manner. These rigid body motions are large displacements (of the order of meters
or radians). However, there are micrometers to sub-millimetres range elastic deformations,
which take place in the elastic components, depending on its modal behaviour under applied
loads. If components in a mechanism can be represented with flexible properties, then these
motions can be identified and their inclusion renders a more representative model of the

physical system.

Flexibility of a component is introduced via use of FEA, converting the component into a
finite number of nodes, connected by Euler beams. The discretization of a flexible component
into a series of finite elements represents an infinite number of DOF with a finite, but very
large number of DOFs. For a béttcr representation of a component there should be a large
number of elements in the finite model that would be sufficient to capture all the major
modes that can be excited during its operation. However, a finite element model with such an
accuracy needs a significant computational memory, which renders it impractical. Therefore,
it is necessary to use a representation method to condense this large finite element model into

an acceptable size, which can work with the available computing capability.
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In this regard, ADAMS uses Component Mode Synthesis (CMS) in one of its modules, called
ADAMS/Flex to introduce a new flexible inertial element called FLEX _BODY that has been
created by transforming the large number of DOFs of a component into a smaller number of
modal DOFs, using the modal truncation method outlined in section 3.3.4. The most
important step in this transformation is matching fhe properties such as mass, centre of mass
location, moment of inertia and natural frequencies of the actual component with the created
flexible element that could not be achieved by previous reduction methods such as the Guyan
reduction (ADAMS/Solver).

Component Mode Synthesis is used to find the global elastic deformation of the engine
components. However one should not confused this with the localized elastic deformation
takes place due to high lubricant pressures at lubricated contacts known as
elastohydrodyanmics (EHL). Since these deformations are localized only to the contact
conjunction its affect upon the system kinematics can be neglected as long as the net contact

reaction force is included correctly.

5.4.1 Modelling Procedure

The crankshaft, connecting rod and the flywheel are considered as flexible components of the
engine during the model development process. The software tool Nastran was used for FEA
representation of the flexible components in the model. The components’ CAD geometries
were built in Solid-Edge, which is a CAD software tool and then exported into Patran, which
is the pre-processor of Nastran FEA software. Parasolid file format is used to transfer the
CAD model information between the various software packages. In Patran, the geometry is
discretized into a number of tetrahedral quadratic elements, using iso-mesh meshing
technique, which maintains a constant length between the nodes, wherever possible (Figure
5.25). During this process the required elemental density is obtained by comparing the system

natural frequencies through analysis with some experiméntal findings.

First, the component was meshed with very high element density and then the obtained
natural frequencies through calculation of eigen-values were compared with that of
experimental values acquired through impact hammer test data. Element density was
gradually decreased, while carefully monitoring the deviation of the calculated natural

frequencies from the experimental values. The minimum mesh density that still holds good
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' crankshaft
for the correlation between the calculated and experimented natural frequencies was selected
as the optimum mesh density. The procedures followed for the impact tests are explained in

section 6.5.

Material properties for ail components are given in Table 5.3. The boundary conditions are
defined using an RBE2 element, which transfers the vector summation of the resulting
displacement of the selected nodes into a single node, which is a rigid body element
(MSC/Nastran). Therefore, the boundary conditions imposed on the crankshaft at locations of
the main crankshaft support bearings, the big-end bearing and the flywheel are represented by
such RBE2 elements. Figure 5.5 shows the meshed crankshaft, including the RBE2 elements
at the bearings and the flywheel positions. A more clear illustration can be seen in Figure 5.4,
showing linking of nearby nodes into the rigid body element (RBE2). These RBE2 elements
can be used to connect a FLEX BODY with a neighbouring rigid bedy, using the ADAMS

basic joints, or it can be used as a point, where an external force is applied.
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Component Crankshaft Flywheel Connecting rod
Nodes 7519 4848 6009
Elements 4322 2741 3399
Young’s modulus (GPa) 205 205 205
Poission’s ratio 0.29 0.29 0.29
Density (kgm™) 7850 7850 7850
Volume (ml) 1959 10857344.2 .256.2
Mass (kg) 15.38 85.23 '2.011
Surface area(mm®) 174464 452389.34 51475

“Table 5.3 Material and nodel properties for engine components

(Material as well as elastic properties of the piston is not included since it is

considered as a rigid body)

These rigid body nodes are used as the juncture nodes in the process of sub-structure coupling
as discussed in section 3.3.2. Nastran is used to solve the eigen-value problem for the normal
modes and the constrained modes. These truncated linearly independent shape vectors for
each component are then tranéferred into ADAMS, using the ADAMS/Flex module, which is
called the Modal Neutral File (MNF).
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Engine Components
Frequency No|Crankshaft  [Flywheel Con Rod Piston

1 415 1345 569 9208

2 513 1345 740 9333

3 1002 2216 1376 13736

4 1097 2808 1864 14125

5 1496 2809 3805 14909

6 1564 4431 4375 16993

7 2221 4437 4599 17136
- 8 2325 4589 5086 18377
-9 2937 4590 6903 18892
10 3174 5201 7687 15244
11 3316 5204 7917 19346
12 3545 5759 8919 20942
13 3603 5760 9373 22297
14 3979 6550 10286 23241
15 4208 6552 11422 23374
16 4348 7061 13336 23763
17 5240 7083 14675 24525
18 5287 7487 16886 25399
19 6052 7615 17323 25841
20 6105 7617 18874 26497
21 6944 7829 19379 26882
22 7425 8628 19916 27178
23 8302 8629 20489 27663
24 8397 9070 21488 28364
25 8690 9073 21658 30078
26 8783 9441 22893 30173
27 9041 9444 22918 30823
28 95643 9887 23398 32492
29 9818 9887 23647 33007
30 10076 10726 24131 33166
31 10274 10762 25117 33176
32 10490 10782 25406 34407
33 10872 10783 26247 34777
34 12112 10837 27975 35236
35 12800 12008 28166 35389
36 13071 12011 29821 36602
37 13916 12034 30150 35981
38 13918 12034 30262 36243
39 14432 12267 30528 36465
40 14474 12268 30710 36865
41 14702 12472 32169 37681
42 15012 12475 32516 38218
43 15092 12984 32845 38456
44 15426 12992 33012 38695

Table 5.4 Frequencies calculated by FEA

As mentioned in section 3.5, the most prominent excitations of a single cylinder engine are its
engine orders, which are induced by the combustion gas force. On the other hand, inertial

imbalance also contributes to untoward motions. The experimental E6 engine was operated at
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1800 rpm. Thus, the fundamental source of excitation is at half-engine order for this 4-stroke
engine; i.e. at 15Hz for the crank speed of 1800 rpm. Therefore, the main excitations occur
below 200Hz (about 6™ engine order multiple) as can be seen in Figure 3.8. The first 66
flexible modes for the crankshaft, the first 32 modes for the connecting rod and the first 56
modes for the flywheel are considered during the MNF creation, which goes up to the natural
frequencies of about 18000Hz. Table 5.4 shows the first few natural frequencies of these
engine components. It can be seen from the table that the first natural frequency of the Cast
Aluminium piston is around 9208Hz, which is a far higher value than the significant engine

order multiples.

This leads to the conclusion that the piston behaves in a rigid manner in the system.
Therefore, hereinafter it is considered as a rigid body. Table 5.3 lists the material properties
and model information for the flexible components. The connecting rod, crankshaft and the

flywheel have similar material properties.

As already discussed the inclusion of flexibility into the model is mostly handled by FEA,
during which the component is transformed into condensed mass and stiffness matrices. Such
a model can produce sufficient modal representation within the frequency range of interest
with a minimum computational effort. The increase in the number of elements that the
component is divided by probably would enhance the validity of the obtained mode shapes.
However, concurrently, it would intensify the modal analysis procedure, which creates
difficulties in solving the kinematic equations in ADAMS. As there are three flexible
components in the model, reduction of number of elements even by a small percentage can
save enormous computation times during a simulation, involving usually thousands of time

steps.

As a convention, the rigid body element is not directly connected to a neighbouring body
through a normal joint or does not apply a force to it. Instead, a dummy part, which has a
very low mass (typically 2.5x 107 kg in this model, not to unduly affect the system dynamics)
is attached to the rigid body element, using a fixed joint (completely constrained). Then, the
forces and the necessary joint compliances acting on the flexible body at the attachment
points are applied onto these dummy parts. The dummy parts attached to the rigid elements

can be seen in Figure 5.6.

118




Chap 5 - Numerical Model Development Flexible Engine Components in ADAMS

Piston Flywheel Dummy
Camshaft

Dummy
Crankshaft Part Connecting Rod

Figure 5.6 Flexible engine model in ADAMS

Two additional dummy parts are used other than dummy parts at rigid elements, called
“Dummy camshaft 1" and “Dummy camshafi 2" as shown in Table 5.5. These are attached to
the ground through revolute joints and connected to the crankshaft through a coupler, which
is a joint primitive used in ADAMS to connect two revolute joints according through a set
rotational ratio. The only purpose of these dummy parts is to provide proper positioning of
the engine in its 4-stroke combustion cycle during its operation. Therefore, these elements act
as the camshaft in the engine model. even though it is not modelled with its exact inertial
properties. The “Dummy camshaft I" rotates with the coupling ratio of 1:2, whereas the
“Dummy crankshafi 2 rotates with the coupling ratio of 1:148. The former has been used to
define the position in the combustion cycle for many calculations carried out during the
simulation studies, whilst the latter is used to calculate the combustion gas force, coupled

with the crank angle, as discussed later.
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Moment of Inertia (kgmmz)

No Part description Mass (kg)
IX.\( l\’\‘ If_/
Crankshaft (flexible) 15.0 246534 236228 30071
Connecting Rod (flexible) 2.0 45305 849 45745
Flywheel (flexible) 85.2 1329590 1329590 2454628
Piston 0.5 1950 1950 462

Dummy camshaft | - - - B
Dummy camshaft 2 - = E e
Ground - - " .
Crank dummy| - - - "
Crank dummy?2 - - . .
Crank dummy?3 - - e "

N - LR R S

Crank dummy#4 - - - -
12 Crank dummy5 - - 5 2
13 Crank dummy6 - - . "
14 Crank dummy?7 - - S S
15 Crank dummy8 - - . =

16 Crank dummy9 - g i :
17 Connecting rod dummy]1 - - 2 .
18 Connecting rod dummy 2 - - - -
19 Flywheel dummy - = g =

Table 5.5 List of parts used in the model

5.5 Applied Forces

5.5.1 Combustion Gas Force

The gas pressures generated by the process of combustion are applied to the piston crown as a
single component force. This force is calculated by multiplying the instantaneous combustion
pressure with the crown surface area of the piston and introduced as a single component
force, acting orthogonally there (along the centre axis of the piston). The gas force variation
is shown in Figure 5.7. The “Dummy camshaft 1" is connected to the crankshaft through a

coupler, which has a ratio of 1:2. This implies that for every two revolutions of the

crankshaft, the Dummy camshafi 1 rotates once, commencing from —180° to 180" as shown

in the figure. According to the cam angle. the piston gas force is calculated using an Akima

spline fit.

The Akima Fit (ADAMS/Solver) is used in ADAMS to fit scattered data into a continuous
function. Both the combustion gas force and the crank angle were recorded in the same time

domain during the data acquisition from the test engine (see chapter 6). Then, the combustion
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Figure 5.7 A cycle of combustion gas force
gas force variation is transformed into the cam angle domain as is shown in Figure 5.7. This
experimental pressure data can be converted into a continuous linearly varying function of
cam angle, using the following expression, which is then used in the numerical model to

represent gas pressure force as a function of cam angle.
(AKISPL(.par eng.cam orient,0,spl comb, ()

Where Cam orient is the cam angle and is calculated based on the camshaft rotation.

Spl_comb is the combustion data taken from experiments. Then, the force is obtained by

multiplying the pressure by the piston crown surface area of 4.3e—3 m".

However, in an actual engine, there can be slight differences from one combustion cycle to
another as shown in Figure 5.8, which affects the NVH characteristics of the engine, which
can be captured by implementing many number of combustion cycles into the model. This
cycle-to-cycle combustion variation is minimized in more modern engines, and more
noticeable in older engines such as the E6. Thus, using a similar approach as described
earlier, 74 measured combustion gas force cycles were inserted into the model. The “Dummy
camshaft 2" is connected to the crankshaft through a coupler with a ratio of 1:148 such that it

rotates one revolution per 148 revolutions of the crankshaft, which is used to introduce 74
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Figure 5.8 Combustion gas force variation for 74 engine cycles
combustion cycle data into the model. Figure 5.8 shows the combustion gas force variation

for 74 combustion cycles with respect to the angular position of the “Dummy camshafi 2”.

The model has the flexibility to run either with repeating the same combustion gas force cycle
or with repeating blocks of 74 combustion gas force cycles, including cycle-to-cycle
variations. This second feature is very useful for the study of engine mis-firing, which is of
course not within the scope of this investigation. Most of the analyses in the model are carried

out using the earlier method which does not consider the cycle-to-cycle combustion variation.

552 Engine Load Torque

The resisting torque applied to the engine is considered as the load torque. In general, load
torque multiplied by the angular velocity gives the power output of an engine. The engine
load torque depends on many factors such as the engine speed, air-fuel ratio, throttle position,
etc. Figure 5.10 shows the load torque variation for the E6 engine for an optimum air-fuel
ratio and with full throttle. Again the load torque is applied to the model as a Single
Component Torque in the ADAMS formulation, using an Akima Fit to represent the torque

variation as a continuous function of crank angular velocity as follows:

AKISPL(.ang vel fly,0,spl trq, 0)
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Figure 5.10 Spline fitted engine load torque variation with angluar
velocity

Where ang vel fly is the crankshaft angular velocity and sp/ frq is the torque data taken from
experiments. Therefore, for every angular speed there is a corresponding load torque, which
is applied to the flywheel end of the crankshaft opposite to the direction of crankshaft

rotation. Figure 5.9 shows the load torque and the crank speed variation for two combustion

cycles (a crank angle rotation of 1440").
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No Description Notation Source

1 Viscosity n Constant (18Pa.s)
2 Bearing length L Cons. (40mm)

3 Bearing radius r, Cons. (30mm)

4 Bearing clearance ¢ Cons. (30um)

5 Journal eccentricity dx, dy From ADAMS

6  Angular velocity w, From ADAMS

Table 5.6 Engine main bearing details

5.5.3 Main Bearing Reaction Force

The crankshaft is connected to the engine housing by two journal bearings. With known
kinematic relations, thus solution for lubricant behaviour can be sought through Reynolds
equation, as discussed in section 4.3.1. The lubricant reaction forces are represented by a
General Force Vector element in ADAMS, which has 3 force and 3 torque components. The

bearing is assumed to be a short-width bearing, even though the diameter (27, ) to length (L)

ratio of the bearing is actually 1.5, which is less than the typical limiting value of 2 (Hamrock
et al, 2004). However, (Pinkus and Sternlicht 1961) has compared the finite-width solution
with short-width approximation and results are plotted as shown in Figure 2.8, which shows
that at low eccentricity ratios and high Sommerfeld numbers. short-width approximation
deviates from the finite length solution by a negligible amount. A constant viscosity of 0.018
Pa.s and an initial clearance of 30 um are used for the calculation of the lubricant reaction

force (other parameters used are listed in Table 5.6)

A separate Fortran subroutine is written to calculate the bearing reaction forces. ADAMS
needs these reaction forces at the two main crankshaft support bearings in order to generate
the Jacobian matrix for the iteration in each time step. ADAMS needs to call this subroutine
twice during each iteration. Crankshaft pin (journal) displacement in the x-direction (dx) as

well as in the y-direction (dy) and the crankshaft angular velocity (@,) are the main

parameters that ADAMS passes into the subroutine at each call in relation to the bearings.
Inside the subroutine the eccentricity (e ), the eccentricity ratio (€ ), the angle of inclination

of the line of centres to horizontal (8) and journal surface velocity (u,) are calculated as

shown below ( Figure 5.11).
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Figure 5.12 General force vector at main bearing

e = Jd +ady’ (5.2)

£ =; (53)
0 =tan '[j—i} (5.4)
u,=rm =no, (5.5)

Having calculated these values, equations (4.11) and (4.12) are used to calculate the force

components acting along the line of centres (W, ) and perpendicular to it (W.) (Figure 5.11),

followed by the calculation of force components F, and F . These are the values that are

X

returned back into the ADAMS core inertial dynamics model as components of the General
Force Vector. Figure 7.12 in chapter 7 shows the total bearing load variation in both front end

bearing. as well as flywheel end bearing.

5.5.4 Main Bearing Friction Torque

The friction torque at the main bearing is generated due to the viscous action of the lubricant.

The two contacting bodies: the journal and the bearing bushing have relative motion (in fact
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No Part | Part J Constraint Number of
type constraints
| Crank dummy 1 Connecting rod dummy 2 Cylindrical 4
2 Piston Ground Planer 3
3 Connecting rod Connecting rod dummy| Fixed 6
4 Connecting Rod Connecting rod dummy 2 Fixed 6
5 Crankshaft Crankshaft dummy 1 Fixed 6
6 Crankshaft Crankshaft dummy 2 Fixed 6
7 Crankshaft Crankshaft dummy 3 Fixed 6
8 Crankshaft Crankshaft dummy 4 Fixed 6
9 Crankshaft Crankshaft dummy 5 Fixed 6
10 Crankshaft Crankshaft dummy 6 Fixed 6
11 Flywheel dummy Crankshaft dummy 6 Fixed 6
12 Flywheel Flywheel dummy Fixed 6
13 Flywheel dummy Crankshaft dummy 7 Hook 4
14 Crankshaft dummy 8 Crankshaft dummy 9 Hook 4
15 Crankshaft dummy 2 Ground Planer 3
16  Crankshaft dummy 4 Ground Planer 3
17 Dummy camshaft 2 Ground Revolute 5
18  Dummy camshaft | Ground Revolute 5
19 Crankshaft dummy 9 Ground Revolute 5
20 Connecting rod dummy 1  Piston Revolute 5
21 Crankshaft dummy 7 Crankshaft dummy 8 Translational 5
22 Crankshaft Dummy camshaft | Coupler |
23 Crankshaft Dummy camshaft 2 Coupler |
Total 108

Table 5.7 Holonomic and non-holonomic constraints

the bushing is stationery). This relative sliding motion causes shearing of the lubricant,

resulting in a resisting force, which is given in equation (4.14).

With the short bearing approximation, the aforementioned equation can be reduced to
equation (4.15). The friction force is multiplied with the journal radius to calculate the
friction torque. These calculations are performed in the same subroutine (gfosub see Figure
5.25), also used to calculate the bearing reaction forces. The calculated friction torque is then
passed back into the ADAMS main code as the torque component about the z-axis for the

General Force Vector, which acts opposite to the direction of crankshaft rotation.

The General Force Vector, acting on the bearing is illustrated in Figure 5.12. The forces in

the x-direction ( F,) and the y-direction ( F ). and the friction torque about the z-direction

(T.) are calculated by the subroutine gfosub and passed back into ADAMS. The crankshaft at

bearing positions is constrained to move only in the xy plane by introducing planar joints
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(joint numbers 15 and 16 in Table 5.7). There is no force component in z-direction in the
General Force Vector, as this is taken by the planar joint, while restricting any motion of
crankshaft in z-direction at the bearings’ positions. Figure 5.13 shows the friction torque

variation at the two main bearings during a combustion cycle.

5.5.5 Piston SKkirt Interaction with Cylinder Wall

The piston in the IC engine is a component subjected to many axial and lateral forces, such as
the combustion gas force, friction force between the piston and the cylinder bore or liner, as

well as the side forces from the cylinder wall (on the major thrust and anti-thrust sides).
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Figure 5.13 Main bearing friction torque
These forces also include friction force from piston ring, reaction forces from the gudgeon
pin and the inertial forces due to the piston and the gudgeon pin. As mentioned earlier, it is
assumed that the piston behaves in a rigid manner in the cylinder and it does not undergo
large elastic deformations (due to global thermo-elastic effects). However, it can be subjected
to localized elastic deformations, due to generated lubricant pressures in the various contact

conjunctions.
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Figure 5.14 Posible piston modes inside the cylinder
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Figure 5.15 Minimum film thickness variation at piston edge
Piston skirt-cylinder wall interaction is sought by solving Reynolds equation for an iso-
viscous regime of lubrication with known kinematic conditions and lubricant rheology.
Assuming that the piston behaves in a rigid manner inside the cylinder, the possible modes of

piston motion can be obtained as shown in Figure 5.14, depicted by (Haddad and Tjan 1995).
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Figure 5.16 Forces acting on the piston skirt

According to these configurations almost all the time piston forms a wedge effect (contact)
with the cylinder wall by its edges to a varying degree of conformity, while at configurations
(a) and (b). one side of the piston completely touches the cylinder wall as an exception. If
kinematics of the system are known, the piston misalignment and lubricant film thickness,
sliding velocity, etc can be obtained for each edge of the piston, which can then be used to

calculate the thrust force at various locations within the cycle.

For this analysis. it is considered that the piston is free to move only in the xy plane, as all the
forces acting on the piston are almost symmetrical about the xy plane. This is a reasonable
approximation, used by many researchers (Cho et al, 2002: Dursunkaya and Keribar 1992:
Haddad 1995). and simplifies the analysis. This condition is imposed on the piston by

introducing a planar joint between the ground and the piston (see Table 5.7).

As shown in Figure 5.16, one quarter of the piston circumference, symmetrical about the
thrust plane is considered for the contact as its width. This width of about 58mm and of
length 20mm along the piston skirt is considered as the contact domain for the calculation of
force at each edge of the piston, according to the proposed model. The length of the contact is
selected by considering the contact pressure distribution under critical conditions. Figure 5.17
shows the contact pressure variation for the sliding speed of 7500mms™ and with various
approaching velocities (varying squeeze effect due to piston secondary motions), indicating a

minimum film thickness of 4um (see Figure 5.15), in which a maximum thrust force of
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about 300N is obtained. From the figure, it is clear that the pressure starts to rise from
—10mm and diminishes at 4mm . Even at these extreme conditions there is no significant
pressure beyond thelOmm limit. Therefore, a skirt length of 20mm is a reasonable

assumption for the length of contact.

For the contact length of 20mm there exists a width of 58mm that forms the width-to-length
ratio of 2.9. This is well above the limiting factor of 2 for it to be approximated as a long
bearing (Hamrock er al, 2004; Pinkus and Sternlicht 1961). Film thickness variation along the
contact is considered to have a parabolic variation with the radius of curvature of 0.5m, as it
is described in section 4.3.3, and is given by equation (4.30). Minimum film thickness (4,) is
obtained by kinematics and geometrical relations of the piston. Knowing all the parameters as

outlined in Figure 5.18, the minimum film thickness can be calculated, using the following
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Figure 5.17 Pressure variation along the contact at piston edge
(For a sliding speed of 7500mms™" and film thickness of 4uum )

relationship:

h, =x, —aSind—-r, Cost) (5.6)

m
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Figure 5.19 Spline fitted temperature
variation along the cylinder wall (Heywood
1988)

The temperature along the cylinder wall does not remain constant throughout. At the TDC,

the temperatures are as high as 125"C due to combustion. This reduces to about 90"C" at the
BDC, as significant amount of heat is absorbed by the expansion of gas. These are some
approximated values taken from (Heywood 1988) for a different type of spark ignition I1C
engine. These values are illustrated in Figure 5.19. However, there is a significant effect on
the lubricant viscosity due to the temperature variation along the cylinder. The viscosity-
temperature variation for the lubricant can be sought by solving the Vogel’s equation (5.7) for

each temperature. Vogel's equation can be given as (Hamrock et al, 2004):

- [ 700.81 .

In(n):—l.843+(ﬂj (5.7)
6-203

where 6 is the temperature in degrees Kelvin and 1 is the dynamic viscosity in Centi-Poise.

Then, knowing the piston position along the cylinder from the inertial dynamics output,
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determined by ADAMS, the effective temperature can be calculated. This temperature value
is used to calculate a new temperature-adjusted value for viscosity, which is used to calculate

the pressure distribution in the contact.

Pressure distribution in the contact is sought by solving the Reynolds equation, using the long
bearing approximation as it is outlined in section 4.3.3. The pressure distribution is calculated
in a subroutine called SfoSub (see Figure 5.25). Necessary kinematic parameters for each time

step, such as the approaching or squeeze velocity (w,) . sliding velocity (#,) and minimum

film thickness (A ) can be obtained directly from the ADAMS output. First, the film rupture

m

point (x,) for the given set of conditions is obtained by solving equation (4.40) for x,_. Then,

this value is fed into equation (4.39) to obtain the non-dimensional pressure distribution. The
non-dimensional pressure distribution for various squeeze-roll ratios for Reynolds fully

flooded boundary conditions (D'Agostino et al, 2002).

Suction Compression Power Exhust

. Piston position
Top Anti-thrust (1)
— ——— Top thrust (2)
Bottom thrust (3)
Bottom Anti-thrust (4)

Friction force (N)

e X : | : | '
-360 -180 0 180 360
Crank Angle (deg.)

Figure 5.20 Piston friction force during one combustion cycle
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No Description Parameter Source

1 Contact width _ - Constant (58 mm)
2 Contact length - Cons. (20 mm)

3 Contact radius R Cons. (0.5 m)

4  Minimum film thickness h, ADAMS

5  Approaching velocity W, ADAMS

6  Sliding velocity u, ADAMS

7  Viscosity n SfoSub

8§  Temperature 0 ADAMS

Table 5.8 List of parameters used for thrust force calculation

Compute A
A>3 Yes
No
Yes Yes
No No
F, = eq{4.51) F,=eq(S51) F=0 F,=0

F=eq@53) F=eq@54 F=eq@453) F=ecq @459

Newtonian Non-Newtonian  Newtonian Non-Newtonian

Figure 5.21 Flow chart for friction force calculation

Once the non-dimensional pressure distribution is obtained for the contact domain, it is
transformed back into its physical values using the same non-dimensional groups given in
equation (4.32). Then, it is doubly integrated over the contact domain to calculate the thrust
force, acting on the piston skirt at a particular location of the piston. This force is then passed

into the ADAMS solver as an external force on the piston at a given time step. ADAMS calls

the subroutine SfoSub.four times for each time step as there are four points considered in the
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particular piston skirt location as shown in Figure 5.18. Thrust force variation at four corners
of the piston during one combustion cycle is illustrated in Figure 7.18, chapter 7. The list of

parameters and their values used for force calculation is given in Table 5.8.

5.5.6 Friction Between the Piston Skirt and the Cylinder Wall

Friction force acting at each point of consideration on the piston skirt is calculated using the
boundary and viscous force contributions as outlined in section 4.4. Boundary friction is
calculated using the statistical approach described in section 4.4.1. The parameters used for

boundary friction calculation and their values are given in Table 5.9,

Sliding velocity (u,), minimum film thickness (/#,), maximum pressure and thrust force at

the contact are the main values necessary for calculation of friction, Sliding velocity and
minimum film thickness can be obtained from ADAMS. Maximum pressure and the thrust
load at the contact can be obtained from load calculation as described in the previous section

5.5.5. Knowing these basic values other parameters such as, the Hertzian contact area (4,),
the non-dimensional film parameter (A) and the shear stress (1) can be calculated, using

equations (4.50), (4.41) and (4.53) respectively. Then, non-dimensional film parameter is
used to calculate values of statistical functions given by equations (4.48) and (4.49). Then,

the asperity contact area (4,)and the asperity load (2,) are calculated, using equations (4.43)

and (4.44) respectively.

Then mode of friction is obtained by examining the film parameter. If it is greater than 3, then
viscous frictional conditions are regarded as prevalent and the friction force is calculated
using equation (4.53). Non-Newtonian conditions may be prevalent for whatever the film
thickness and this must be tested by examining the shear stress against the critical value of
the Eyring stress (Cameton 1966). If it is greater than this limit, then the equation (4.54) must
be used for calculation of friction. However, if the film parameter is less than 3, then both
boundary friction and viscous friction may be present. Boundary friction is calculated using
equation (4.51) and it is added to the viscous friction contribution, calculated using the same
method as already described. Flow chart for friction force calculation is given in Figure 5.21.
The friction force variation at four piston edges for a one combustion cycle is shown in
Figure 5.20.
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5.5.7 Friction Between The Ring and The Cylinder Wall

The forces acting on the piston ring section are most simply considered in terms of their axial
and radial components. Axial forces such as gas pressure, inertia and ring weight in the axial
direction are neglected in the analysis as these are considerably smaller, when compared to
the friction force at the cylinder wall, which is also acting in the axial direction, In the radial
direction ring tension, gas pressure force, lubricant reaction force and asperity contact force

are considered, whilst neglecting the inertial force. Gas pressure force (F,) and the ring
tension (F,) act radially outwards, whilst the lubricant reaction force (F,) and the asperity -

contact force (P,) act radially inwards on the ring as shown in Figure 5.22.

These forces are in balance during the ring operation as given by equation (5.8). Throughout
most of the engine cycle the piston ring enjoys hydrodynamic lubrication even though
effective film thicknesses are only of the order of micrometers. At TDC and BDC it behaves
either in mixed or in boundary regimes of lubrication, and in some extreme conditions it may
enter elastohydrodynamic conditions (Dowson et. al, 1983) However, while having
comparatively a large ring thickness of 3mm, and a low operating speed of 1800 rpm, thel
piston ring in the experimental E6 engine is strongly expected not to be operating under EHL

conditions.

No Description Notation - Source

1 Surface roughness o Constant (2um)
2 - 8o Cons. (0.055)

30 - o/B Cons. (0.001)

4 . Young’s modulus (sleeve) E, .- Cons, (200GPa)
5 Young’s modulus (piston) E, Cons. (70GPa)
6  Poisson’s ratio (sleeve) v, “Cons. 0.3)

7  Poisson’s ratio (piston) v, | Cons (0 33)

8  Contactradius R " Cons. (0.5m)

9  Contact length - Cons. (20mm) -
10 Sliding velocity u, ADAMS

11 Minimum film thickness h, ADAMS

12 Viscosity Mo - ADAMS

Table 5.9 List of parameters used for friction force calculation
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Figure 5.22 Forces acting on piston ring

F,+P,~Fy~F, =0 (5.8)

Knowing the sliding velocity, which is considered to be the same as the piston translational
velocity, lubricant film thickness necessary for the radial force balance can be obtained. The
gas flow from combustion chamber to the inner side of the piston ring, which creates the

radial pressure force (F ) is distributed during the downward motion of the piston as the

ring resides on the top groove surface. In contrast, inner side is exposed to crankcase pressure
and hence this pressure is acting on the inner ring face during the piston downward motion.
However, during piston upward motion the combustion chamber pressure is applicable for the

inner ring face pressures.

Normally, the undeformed ring has a diameter of 10% more than that of the cylinder bore.
Changes in the ring radius during its operation inside the cylinder is almost 0.02% of its
initial radius, which is very low compared to the initial deformation of the ring, such that
neglecting the change in ring tension due to variation of its diameter is permissible as the film
thickness between the ring and the cylinder wall varies. Thus, the radially outward ring

- tension force is considered to be a constant at 65N in the case of the E6 engine as mention in
Table 5.10.
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No Description Notation Source
1 Gas pressure force F, ADAMS
2 Ringtension F, Constant(65N)
3 Lubricant reaction F, SufSub
4 Asperity force P, SfoSub
5  Ring face radius of curvature R Cons. (0.01m)
6  Ring height - Cons. (3mm) |
7  Meanring radius Cons. (37mm)
8 - Viscosity N SfoSub

Table 5.10 Parameters used for ring friction calculation

Asperities of the two contacting 'surfaccs can interact, when the film parameter is less than 3,
which means that boundary lubrication condition can contribute to friction. Under these
conditions the regime of lubrication can either be mixed or entirely boundary. Under these
conditions the asperities take certain amount of the applied contact force by themselves. This
is given by equation (4.44). In whichever regime of lubrication, the friction force can be
calculated using the method already described in section (5.5.6) for piston-cylinder wall

interactions.

A parabolic ring face is considered with a radius of curvature of 0.01m for the calculation of
friction force on the piston ring. As the hydrodynamic pressures generated are relatively high,
with small contact area, the heat generated due to viscous action of the lubricant in this
contact can cause significant effects on the rheological parameters, particularly viscosity of
the lubricant. Thus, thermal effects at the contact conjunction are sought by consideration of
heat balance. At certain instance of time heat can be generated in the contact conjunction,
basically due to compressive (pressure loading) or viscous (shear loading) contributions. As
already mentioned in section 4.5 under hydrodynamic regime of lubrication, viscous heating
is dominant due to. relatively low pressures compared to Elastohydrodynamics (EHD)
conditions. In the mean time the heat is dissipated into the surrounding either by convection
or conduction cooling. Taking these facts into consideration the heat balance is sought, using
the energy equation (4.63) and the avefage temperature rise at the contact is obtained. As
viscosity is affected by this temperature rise the new effective viscosity applicable to the
- contact is obtained through use of Vogel’s equation (i.e. equation (5.7)). Then, the minimum

film thickness, which satisfies the force balance with this new viscosity, is obtained. This
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Figure 5.23 Flow diagram for piston-
ring friction calculation

procedure is repeated until the convergence criterion is satisfied on the minimum film

thickness as shown in the flow chart of Figure 5.23.

Convergence procedure commence with an initial temperature, taken according to the
instantaneous position of the ring on the cylinder wall. The same temperature profile as
shown in Figure 5.19 and the same method as described for the piston side force calculation
in section 5.5.5 are used to obtain the initial temperature at the contact. The initial

temperature and the final average temperature in the contact are shown in Figure 5.24.
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Figure 5.24 Lubricant temperature variation at piston ring-cylinder
wall interaction

Once the film thickness is obtained, friction force on the ring is calculated, based on a new
film thickness and the effective lubricant viscosity. Friction force and the minimum film
thickness variation on the piston ring-cylinder wall interactions are given in Figure 7.23,

chapter 7.

As the forces acting on the ring are highly time dependent, the consideration of dynamic
response of the ring is highly recommended. However, with the available computing power
such an in-depth analysis may take considerable amount of time., which may hinder the ability
of solving the simulation in an acceptable time limit. On the other hand, for the cast iron ring
of 3mm thick with operating speed of 1800rpm, this is a reasonable acceptable assumption
than that for a high speed. high performance engine with relatively very small ring thickness,
where modal behaviour of the ring in in-plane and out-of-plane distortions become

significant.

The maximum pressure generated in the contact is greatly affected by the approaching
velocity of surfaces (squeeze film effect)(Dowson et al, 1983). However, it is noted that this
effect is not taken into consideration during the entire analysis of the ring friction force,

which may create some difference, especially at dead centres where any lubricant pressure
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Figure 5.25 Schematic diagram of multi-physics model

building up is dominated by squeeze film action. In the current analysis, the approach of the
piston towards the cylinder wall is taken into account by its secondary motions through the
integrated dynamic analysis. Thus, in an indirect way the effect of rigid body approach is
accounted for, but not the history of squeeze film action. which would require a transient
solution of Reynolds equation in each step of time. Thus, one can regard the analysis of
lubricated conjunctions here as a series of quasi-static steps. Low film thickness at dead

centres can be seen in Figure 7.23, chapter 7.

Figure 5.25 illustrates the basic approach employed for the numerical model development
discussed throughout this chapter. As it can be seen many software tools have been used in
various detail, linked to ADAMS. Basically, the model can be divided into three major
modules, namely finite element analysis handled by the MSC/Nastran, multi body dynamics

handled by ADAMS and tribology handled by the developed Fortran subroutines.

A complete list of components used to develop the numerical model is given in Table 5.5.
Also, a list of holonomic and non-holonomic constraints used in the model to interconnect

components is given in Table 5.7. The total number of DOF of the multi body engine model,
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including the elastic DOFs due to component flexibility can be obtained using the Gurebler-

Kutzbach expression as:

Number of DOF = flexible body modes (flywheel + crank + conrod) +
6 (number of rigid parts - 1) - Z(Contraints)
=(56+66+32)+6x(16-1)-108
=154+90-108
=136

Thus, the model comprises 136 DOF, including 90 rigid body motions and 154 structural
modes, which leads to a total of 362 algebraic and differential equations to be solved in the

ADAMS solver as discussed in chapter 3.

Whatever the method used for the development of the numerical model, its validity must be
ascertained as the derivations are based on certain assumptions and use of certain numerical
methods. The following chapter is devoted to measurements carried out on the E6 engine in

the process of validation of the multi-physics numerical model developed thus far.
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6 EXPERIMENTATAL INVESTIGATION

6.1 Introduction

This chapter describes the experimental measurements of vibration from the E6 Ricardo
single cylinder engine. The numerical prototype described in the previous chapter is
developed, based on the application of the multi-physics multi-scale modelling method to the
same engine. Therefore, the main purpose of the experimental work is to obtain results, which
can be used to gauge the practical use and degree of conformity of the proposed analytical

approach to a real life application.

There are a number of key parameters involved in any experimental verification of a
numerical method. For the current study it was important to determine parameters that can be
predicted and also easily measured for the purpose of model validation. Of course many
predicted parameters can also be measured. However, the task can become very arduous, if
micro-scale parameters are to be measured, such as lubricant film thickness in the various
modelled conjunctions. This would usually require use of optical engines, running under
motorised (rather than real fired) conditions. This approach, however, is not useful for
practical applications. With optical engines, it is possible to use LIF, as pointed out in the
literature review to obtain a measure of film thickness in the piston-cylinder conjunction
(Seki et al, 2000). Another approach may be the use of newly developed ultrasonic sensors
attached to the outside wall of the cylinder liner, and usable under engine firing condition
(Dwyer-Joyce et al, 2005). Alternatively, indirect measurements may be taken, for example, a
measure of cylinder friction, using a floating liner (Cho et al, 2000). All these approaches are
rather time consuming and require a fair amount of development. They are deemed as rather
beyond the main scope of this research, with its focus on the development of multi-physics
method and application to prediction of engine conditions. Thus. the approach undertaken in
this chapter uses remote, non-contact measurements of vibration, the philosophy being that
the degree of conformity of predictions with these measurements would indirectly indicate

the relevance of the underlying methods used to practical applications.

Thus, the following measurements are undertaken here:
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1. Flywheel nodding motion (being due to its conical whirl) is measured using state-of-

the-art laser torsional vibrometers.
2. Engine angular velocity variation at the flywheel end

Additionally, frequency responses of engine components are also determined by impact

hammer excitation. These are compared with those employed in the model.

Combined eccentric motion of crankshaft-flywheel assembly, gives rise to a conical whirling
action, especially at the flywheel end due to eccentricity of the heavy mass of flywheel. This
motion of the flywheel is commonly referred to as flywheel nodding action in industry. Due
to this motion, points on the surface of the flywheel move in the axial direction, as well as
undergoing torsional oscillations about the crankshaft axis. Some relations and details of this
motion have been outlined by (Kelly 1999) with relation to an impact noise and vibration

phenomenon resulting in the clutch system, referred to as whoop.

Vibration measurements are equally important in many areas such as design of structures,
durability testing, machine diagnostics, etc, other than for the purpose of validation of
analytical models. Natural frequencies of a machine or a structure play an extremely
important role in predicting and understanding the dynamic behaviour of a system. Hence, the
major reason for performing vibration test of a system is to determine its natural frequencies
and mode shapes under dynamic excitations. Detailed description of such an experimental
modal analysis, used with Component Mode Synthesis (CMS), which can be used to

determine natural frequencies, mode shapes and damping ratios are given in this chapter.

As previously explained, engine rotational speed is affected by many factors such as, the
combustion gas force, rotational and translational imbalances. Even though certain
precautionary measures can be undertaken, such as balancing of parts, critically adjusting
bearing clearances, employing energy reservoirs (flywheel), balance shafts, dual mass
flywheels, in order to minimize angular velocity fluctuations, it is not possible to entirely
eliminate these sources of excitation, which are usually inherent to system dynamics.
Therefore, these excitations are embedded in engine rotational speed to a certain degree and
can be captured by measuring the crankshaft angular velocity response with a required level
of accuracy. Many types of sensors and transducers have been used for monitoring engine

conditions. These include: eddy current gap sensors for measuring bearing loads (Moreau ef
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al, 2002), strain gauges for measuring stresses at various points, including in bearings
(Mihara and Someya 1995), physical vapour deposited pressure transducers (Mihara et al,
1995; Mihara er al, 1996; Mihara and Someya 2002)and most commonly accelerometers.
Although all these measuring devices have reported to have certain degrees of success, and
can be regarded as direct measurement of events, there exists a number of major problems.
Firstly, those used in contact conjunctions are often subjected to wear or separation from
surfaces. Secondly, those used to monitor these conjunctions as non-contact devices, such as
the eddy current probes or ultrasonic sensors have insufficient resolution (sensing head being
larger or of the same order as the contact dimensions), thus provide an average value at best.
Finally, the response time of some of these devices are insufficient to obtain adequate data,
showing variation of events. The advantage of using lasers is operation at speed of light, as
well as the precise nature of measurements in a non-contact manner, thus not interfering with
the process itself. The current study employs laser Doppler vibrometry (Bell and Rothberg
2000a; Bell and Rothberg 2000b), as well as piezoelectric crystal accelerometers and pressure

sensors for measurement of vibrations and combustion pressure.

6.2 Engine Testing

6.2.1 Description of Test Rig

A single cylinder poppet valve 4-stroke E6 Ricardo experimental-type engine was first
manufactured in 1958 by Ricardo Consulting Engineers. This engine has the flexibility to
operate either with diesel fuel or gasoline at different compression ratios. Cylinder head can
move relative to the cylinder, piston and crankshaft assembly, in the vertical direction, thus
changing the compression ratio. Experiments were performed setting the compression ratio of
1:8 and with gasoline fuel. According to the manufacturer’s specification, the engine can
produce a maximum power of 13 Bhp at the speed of 3000 rpm and a maximum torque of 40
Nm at the speed of 1800rpm. The engine has a cylinder bore of 3 inches and a stroke of 4.375
inches as listed in Table 6.1. This is an undersqure or longstroke engine which has a higher
stroke compared to bore of the piston. Such a configuration creates higher friction force as

well as the wear rate since its higher transverse velocities. However due to higher crank

radius it can create considerably higher torques compared to shortstroke engines.

144




Chap 6 - Experimentatal investigation Engine Testing

Engine specifications

Cylinder bore diameter 3 inch (76.2 mm)

Stroke length 4 3/8 inch (111.125 mm)
Engine speed range 1000-3000 rpm
Compression ratio 4.5-20

Spark plug size 14 mm

Table 6.1 E6 Ricardo engine manufacture specifications
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Figure 6.1 The E6 Engine Test Rig

The engine was fitted with a two channel pulse encoder, which can be used to obtain the
crank angle position, as well as noting the position of TDC, providing 3600 pulse/rev of the
crankshaft and an additional pulse, when the piston is at the TDC. Additionally, the engine
can accommodate a spark-plug type Kistler pressure sensor in the combustion chamber to
measure pressure variations. A number of thermocouples were fitted at various locations,
including at the inlet manifold, exhaust, cooling water inlet, cooling water outlet and at the oil

sump, allowing temperature measurements to be undertaken at all these locations.

The air-to-fuel ratio is optimized during the operation, using a flue-gas analyser, fitted to the
engine. An integral dynamometer is coupled at the flywheel end as shown in Figure 6.1,
which provides flexibility to run the engine under a pre-determined torque or speed with
maximum +5% fluctuations. As the frequencies of interest of the engine is in the range of 15
— 500 Hz, and these fluctuations are taking place at very low frequency such as less than 0.5
Hz such a speed fluctuation can be accepted for the experiment. The throttle position can be

adjusted, depending on application, using the attachment provided as shown in Figure 6.2.
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Figure 6.2 E6 Engine front end

During experiments the engine was run at 1800 rpm producing an average output torque of 35
Nm with full throttle, allowing the engine to produce its maximum torque. Air-to-fuel ratio of
13:1 by volume was used. Flue gas temperature of nearly 130°C at the exhaust, and a
constant outlet and inlet cooling water temperature of 70°C and 20°C were marked with

relevant thermocouples.

A dual beam laser vibrometer and a single beam laser vibrometer of type PolyTec OFV4000
were shun onto the flywheel surfaces as illustrated in Figure 6.7 and Figure 6.1, capturing
rotational and translational vibrations respectively. A water cooled Kistler type 7061B
pressure sensor was inserted into the combustion chamber as shown in Figure 6.2, measuring
the combustion gas pressure variation. The TDC indicator of dual channel pulse encoder was
extensively used to locate the angular position of the crankshaft with respect to the engine
combustion cycle, while using laser vibrometers to obtain the rotational and translational (due
to nodding action) of the flywheel. Once the setting up procedures were completed. the
engine was left to run nearly half an hour in order to reach its steady state operating
conditions, especially with regard to lubrication and thermal conditions, before commencing

to record any measurements.

6.3 Measurement Hardware

Rapid advances in solid-state and computer technology have considerably changed the data

acquisition and signal processing hardware in recent years (Inman 2001). Vibration
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Figure 6.3 Schematic of hardware used in impact test

measurements, as well as, state measurements such as velocities, displacements, generally
require several hardware components. The first basic hardware element in data acquisition is
.a transducer that converts a mechanical signal from a structure into an electrical signal.
Signal conditioning amplifiers match the characteristics of the transducer to the input
electronics of the digital data acquisition system. This general arrangement, including a
power amplifier and a signal generator in case of an artificial signal is needed for the analysis
to be carried out (such as a hammer in an impact test), and transducers to measure both the

input, as well as the output signal (see Figure 6.3).

Model validation and data acquisition process of this study are based on a number of
transducers. Main components in the engine model are first tested against their natural
frequencies, using impact hammer tests, which recorded the acceleration response of
components under controlled excitation. The impact hammer and accelerometers are the main
transducers involved in this process. Subsequent testing were to measure the flywheel
nodding motion and crankshaft rotational speed, using scanning laser vibrometers, which
employ the Doppler frequency shift of a scattered light source caused by a moving target.
Combustion chamber pressure was measured using a Quartz pressure sensor that produces an
electric charge according to the applied pressure. This section discusses these transducers,

their physical behaviour and the selection procedures related to the present study.
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6.3.1 Controlled Impact Excitation

Vibration test methods are based on several assumptions. The main assumption is that
lumped parameter models adequately represent the test structure and its linearity during
excitations is considered to be most important. During vibration tests that mostly rely on
controlled excitations imposed on the system such as impact test, shakers {electromagnetic or

electrohydraulic) or impact hammers are the most widely used devices.

Shakers are capable of producing a predetermined waveform within a required frequency
range, resulting easily in measurable outputs, Shakers are attached onto the test structures,
while carefully selecting the size and method of attachment, minimising the mass loading
effect that could lower the measured frequency. Even though the use of a stringer can
minimize this effect, while controlling the direction of excitation more precisely, impact

hammer has become a more popular device due to its simplicity and comparatively low cost.

Impact hammer is intended to apply an impulse excitation onto the structure that can excite
system’s natural frequencies. This is possible to achieve by an ideal impact excitation as it
can be shown by decoupling the equation of motion of the lumped parameter model to its
modal degrees of freedom (Craig 1981; Inman 2001). The peak impact load on the structure
is proportional to the head mass and velocity. The load cell at the head measures the impact

force.

Figure 6.4 illustrates the time history and corresponding frequency response of a hammer hit
involved in a crankshaft natural frequency test, Generally, an excitation is considered to be
impulsive, if its duration (Af) is small compared to the period associated with component’s
maximum undamped natural frequency of interest. However, the Frequency Response
Function (FRF) of the particular impulse shows consistence of its frequencies up to nearly
6000Hz, and it has sufficient energy to excite frequencies up to 3200Hz , which is the cut-

off frequency in this case.

The time history of the impulse, shown in the figure, does not represent an ideal impulse, but
rather one of a finite time duration of 230us. Hence, the frequency response is not a flat
straight line as it should ideally and theoretically be, but has a periodic form. This periodic
form can be seen from the frequency response function (FRF). The duration of impulse and

hence the shape of the frequency response is controlled by the mass and stiffness of both the
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Figure 6.4 Time and frequency domain response of an impact excitation

hammer and the structure. Thus, the hammer is equipped with a number of tips that has
various stiffness and mass properties. These are used to obtain an appropriate impulse

excitation as far as possible.

Stiffness of hammer tip determines the cutoff frequency (@,), the largest value of frequency

reaé.onably well excited by a hammer hit. As illustrated in Figure 6.4, the cutoff frequency

corresponds roughly to the point, where the magnitude of the frequency response falls more

149




Chap 6 - Experimentatal investigation Measurement Hardware

N

Moving N \\
t
mass\ o tndustrial acccelerometer
Mounting m | Plezoelectric Bruel & Kjaer
Base crystal 4393Vtype
]
y(t)

Ay

Figure 6.5 Schematic diagram of an accelerometer

than 20dB from its maximum value, which is 3200Hz in the particular case reported here.

However, the test structure does not receive enough energy to excite the modes above @,,

which defines the useful frequency range during the excitation.

Upper frequency limit excited by the hammer is decreased by increasing the hammerhead
mass and is increased with increasing stiffness of the tip of the hammer. Hammer hit is less

effective in exciting modes of structure with frequencies higher than «,. Although impact

hammer is simple and does not create mass loading problems to the structure, it is often
incapable of transférring sufficient energy to obtain adequate response signals within a larger
frequency range as it can be seen from Figure 6.4. Also, excessive peak loads may potentially
be damaging to the tested component, Furthermore, the direction of the applied load is

difficult to control.

Experiments were carried out using a preloaded piezoelectric impact hammer of type 8200

and sensitivity of load cell 3.75pC /N . It includes a hammer head mass of 40 grams and

number of head tips with various stiffness values. The hammer head was selected such that
the time history of the impact gives a better agreement with the ideal impulse, while

eliminating multiple hits instead of one, which is quite a common problem in impact testing.

6.3.2 Acceleration Response Measurement

Once the system is excited in a controlled manner, the response of the system must be
recorded in a reliable manner. Displacement or acceleration response of a component can be
measured by a piezoelectric transducer, also known as a vibrometer that generates an
electrical charge proportional to the relative displacement between its base and its moving

mass as illustrated in Figure 6.5.
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Piezoelectric Bruel & Kjaer type 4393V accelerometers were used during this study. These
have a resonant frequency of 55kHz. When the ratio between the measuring frequency over
resonance frequency (r) is small, the measured acceleration deviates only by a small amount
from the actual acceleration of the measuring body. Generally, the range of frequency fatio

(r) of 0-0.2 is considered as the efficient range after experimental validation (Inman 2001).

The accelerometers are suitable for measuring responses up tol1kHz . However, according to
manufacturer’s specifications those chosen can reliably measure up to 15kHz, even though

experiments carried out needed a maximum of 8kHz response only.

Mounting the accelerometer at the measuring sites is one of the most critical factors for
obtaining accurate results from practical vibration measurement. Sloppy mounting results in a
reduction in the mounted resonant frequency, which can severely limit the useful frequency
range of the accelerometer. The ideal mounting is by a threaded stud to a flat smooth surface
with a thin layer of grease between surfaces to improve the stiffness of the mounting by
which a resonance frequency of 32kHz can be attained (Kjaer 1982). However, as this
method needs much preparation work, as well as machining on the measured component, the
most commonly used alternative mounting method is a thin layer of Bees-wax sticking the

accelerometer onto the component’s surface. From this method a maximum resonant

frequency of 29kHz could be achieved with the maximum usable acceleration of 100ms™ as

the accelerometer weight used was 2.9g.

6.3.3 Velocity Measurement at Flywheel End

Successful measurement of vibration, using accelerometers mostly relies on firm contacts
between the transducer and the measurement surface, as described above. Nevertheless,
torsional, as well as translational vibration of a moving body such as the flywheel nodding
motion, is not possible using an attached type transducer, especially due difficulties in rooting
the connecting leads out of the crankcase. Thus, a non-contacting type vibrometer such as the
scanning Laser Doppler Vibrometer (LDV) was used for this aspect. The physical principle
behind LDV relies upon the detection of a Doppler frequency shift in the coherent light

source scattered by a moving target. The measured frequency shift £, relates to object

surface velocity component #, in the direction of the incident beam as given by following

equation (Halliwell 1996):
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Figure 6.6 The laser torsional vibrometer optical
geometry

fo="n ©.1)

Where A, is the wavelength of the incident light beam. In this way, by measuring and
tracking the frequency shift f,, that is in the order of MHz, a time resolved measurement of

the solid surface velocity #, can be made.

The most important and useful form of measurement that can be made using a LDV is
torsional vibrations of a rotating disc in a non-tangible manner, using a dual beam laser
configuration as shown in Figure 6.6. In this case the photo-detector compares the back-
scattered light of two parallel beams reflected from the rotating disc. Then, the frequency

shift can be related to the distance between the beams; d,, and the disc speed of rotation N,

by the following equation (Halliwell 1996):

fo= (4”% ) N, 6.2)

Under nominal conditions LDV uses a low powered (D 2mW) Helium-Neon beam that

produces red light at a wavelength of A, =6328x10™"m. The maximum frequency shift of

1.5MHz, which the photo-detector is sensitive to, and the constant distance between the two
beams of 8mm enabled a maximum rotational speed of up to 56000rev/min to be measured,

which is considerably above the requirements of this investigation. Most important aspect of
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Figure 6.7 Flywheel vibration measurements

the dual beam laser is its non-dependable nature on the topography of the flywheel rim, rigid
body motion and surface irregularities in angular velocity measurement (Halliwell 1996).
When the measurements are made, it is important to hold the instrument so that the incident
laser beams is parallel to cross section of the flywheel as is also shown in (Bell and Rothberg
20002). The intensity of the reflected beam from the moving object must be strong encugh
that photo-detector can identify. Thus, a reflected tape was adhered to the object (in this case
the flywheel) and the distance between the laser head and the flywheel was optimized,
ensuring a strong reflected beam to the photo-detector. The optimized distance between the
laser head and the flywheel surface was found to be 400mm for the LDV used in this

investigation.

A pair of Polytec OFV4000 dual beam rotational laser vibrometers, capable of measurihg
rotational vibrations, were used during this investigation. One of these was arranged to
measure translational vibrations of the flywheel, whereas the other measured the rotational
vibrations as shown in Figure 6.7. Reflecting one beam directly back into the laser head with
a single point adopter lens cap yielded a single beam configuration for the LDV, which
measured the translational vibrations. The rotational and translational velocity decoder

sensitivities of 6000°/s/¥V (or 1000rpm/V') and 1000mm/s/V were used respectively

during all the measurements. Two LDV’s were placed about 400mm away from the

measuring point with the velocity scanning rate of 1600Hz, corresponding to the time

153




Chap 6 - Experimentatal investigation Measurement Hardware

Pressure Sensor calibration curva /Sansor cable

Cooling water
inlet & outlet

Actual variation

Fitted curve

Voltage (V)
]

Prassura
{ransducer
{insida)

tbhy ™

JEJ o g

0 20 40 60 80 Kistler Type 7061B
Pressure (Bar) Pressure sensor

Figure 6.8 Pressure sensor and calibration

interval of 625us. Retro-reflected taﬁes were adhered to the appropriate surfaces of the
flywheel in thin strips to ensure that the incident beam was reflected with minimum
dispersion, providing sufficient intensity light towards the photo-detector. The LDV which
measured the rotational velocity was fdcused as much as possible directly to the centre of the
flywheel, using an intensity meter, provided with the laser head. Also the LDV used for
translational velocity measurement, was aligned perpe_ndicular to the face of the flywheel as

much as possible.

6.3.4 Combustion Gas Pressure Measurement
Combustion gas pressure is measured by a Kistler type 7061B sensor inserted into the
combustion chamber. This is a Quartz piezoelectric pressure sensor, having a measuring

range of 0-250bar ata maximum temperature of 200°C . The water cooled transducer has a
sensitivity of 80pC/bar and is calibrated at room temperature. Voltage reading is noted,
while applying a known pressure force to the pressure sensor during its calibration, Values
were then plotted against pressure to obtain a calibration curve as shown in Figure 6.8.

Following the relation of 0.1341V per bar of pressure is obtained from the calibration curve.

Y = 0.1341098901 x X - 0.3330769231 6.3)
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During experiments the observed voltage reading from the transducer was converted back
into a pressure reading. Cool water was circulated to the transducer to protect it from possible

damage that may be caused due to higher temperatures.

Output impedance of most transducers is not well suited for direct input into the signal
analysis equipment. Hence, signal conditioners, which may be charge amplifiers or voltage
amplifiers are often used to amplify signals prior to their analysis, and must be properly
calibrated along with the transducers in terms of both magnitude and phase over the

frequency range of interest.

Once the response signal has been properly conditioned, it is routed to an analyser for signal
processing. The analyser type that has become the standard is called the digital Fourier
analyzer, also called Fast Fourier Transform (FFT) analyser. Basically, the analyser accepts
an analogue voltage signal that represents acceleration, velocity, pressure, etc. which is then
filtered and digitized for computation. The analysed signal can then be manipulated in a
variety of ways to produce such information as natural frequencies, damping ratios, etc.

which forms the topic for the following section.

6.4 Signal Processing and Data Acquisition

6.4.1 Brief background in Digital Signal Processing

Much of the analysis, especially in modal impact testing and engine responses is of a periodic
nature and needs to perform an analysis in the frequency domain. Therefore, it is required to
convert the analogue time domain signals into digital frequency domain information. The
method used to perform a transformation of this nature is called the Fourier transformation
from which, a periodic signal of time period T is represented by the Fourier coefficients or

spectral coefficients at various frequencies.

Basically, this process is started by an Analogue-to-Digital (A/D) conversion that multiplies
the signal by a square wave function, which is zero over alternate values of Az and has the
value of unity at each At for a small time. Here At is called the sampling time and special
care must be taken when choosing its value as this can lead toa wrong interpretation of the
analogue signal, A common error incorporating with improper sampling is called aliasing,

which can cause high frequencies to appear as low frequencies (Inman 2001). Aliasing results
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from Analog to Digital (A/D) conversation and refers to the misrepresentation of the analog
signal by the digital record. Basically, if the sampling rate is too slow to catch the details of
the analog signal, the digital representation will cause high frequencies to appear as low

frequencies.

Aliasing is avoided by choosing a sampling time small enough to provide at least two
samples per cycle of the highest frequency of interest. In fact, experience indicates that 2.5
samples per cycle is a better choice, which is referred to as the sampling theorem (Otnes and
Encochson 1972). It is also possible to avoid aliasing by using an anti-aliasing low pass filter,
which only allows low frequencies to pass through, Accordingly, the engine tests using LDV

used a sampling time of 62515, which is equivalent to a frequency of 1600Hz, whereas the

frequencies of interest of engine excitations are up to 500Hz with a cycle time of 2000.s .

Once the digital record of signal is available, the discrete version of the Fourier transform is
performed. The task of the analyser is to compute the Fourier coefficients, using Fast Fourier
Transform which is developed by (Cooley and Tukey 1965). To make the digital analysis
feasible, the periodic signal must be sampled over a finite time. This can give rise to another
problem referred to as Jeakage (Inman 2001), which can simply occur due to not cutting the
signal at any integral multiple of its period. This causes erroneous frequencies to appear in
the digital representation, as a Fourier Transforms assumes that a signal is periodic within the
sample record length, which is not actually the case. However, this can be minimized either
by using a window function that forces the signal to be zero outside the sampling period or by
collecting data for a longer time period that takes into consideration many number of cycles.

The most commonly used window function is the Hanning Window.

6.4.2 Signal Analysis

Most of the signals processed during the experiments were non-deterministic or random with
a collection of tifne histories resulting from various excitations; which could have been
severely affected by disturbances {noise) of various form. Such a random signal with an
assembly of information of data can only be treated in a statistical manner in order to
distinguish its spectral contents and separate these into spectral contributions. This process
can effectively be simpliﬁed by transforming the signal from its time domain to frequency

domain, employing well developed techniques as it is discussed in the previous section. Once
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the obtained signals were transformed, clear spectra could be seen such as in the engine
output response, which is dominated by engine orders and half orders that are due to
translating mass and combustion force respectively. Impact testing accomplished to capture
natural frequencies of components associated with its modal deformation, the situation was
rather complicated as some of the frequencies resided very much closely to each other within
the spectrum. In such a scenario it is important to eliminate other excitations as much as
possible, which is also known as noise of the signal that would be mistaken with natural
frequencies. As such, confidence in a measured quantity is increased by performing a number

of identical tests and averaging the results.

If the signal is deterministic, then the Frequency Response Function (FRF), which describes
the relationship between the input and the output, for the system can be derived by
mathematical relations, However, when the input and output behaviour is available in the
form of statistical data in time domain, a rather diffefent approach is used to determine the
FRF of the system. As such the Power Spectral Density (PSD) of autocorrelation of the

excitation spectra S, (@) and PSD of cross correlation between the excitation and response

S (@) canbe related to FRF H(jo) as follows:
S(@)=H(jw)S 7 (0} (6.4)

In the same manner PSD of autocorrelation of response spectra S_(w) and PSD of cross
correlation between the excitation and response S, (@) can be related to FRF H(jw) as

follows:
S ()= H(jw)S (@) (6.5)

Such that FRF for the same system can be calculated employing two completely different
approaches as given by equations (6.4) and (6.5) that underlie the complexity of the process
behind the coherence function, which is widely used to identify whether a signal is
contaminated with noise (more rigorous derivation can be found in (Newland 1993)).

Whatever the method used to calculate FRF, it must produce the same function as it is for the

same system. Therefore, the coherence function denoted by ¥*, which is the ratio between
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two FRF values, is used as the determining factor for the consistency of the data. Coherence

can be given as follows:

__s,@f
5.(@5,(@)

(6.6)

If the FRF is consistent, then both equations must produce the same result independent of the |
way it is calculated, and thus it should possess the value of unity. The coherence is a
measurement of the noise of the signal. If it is zero the measurement is of pure noise and, if it
returns the value of unity, then both excitation and response are considered not contaminated

with noise.

The coherence was plotted against the frequency during each reading of the impact test as an
indication of the accuracy of the data collected over the frequency range. Figure 6.9 shows
the variation of FRF with the corresponding phase angle and coherence of the crankshaft,

during its impact test.

Once confident of obtaining correct coherence, the data was analysed to obtain natural
frequencies and mode shapes. Such a data analysis was simplified to a greater extent by using
the so-called single degree of freedom curve fit approach. In this method the frequency
response function for the compliance was sectioned off into frequency ranges bracketing each
successive peak. Each peak was then analysed by assuming that it was the frequency response
of a single degree of freedom system. This assumes that in the vicinity of the resonance, the
frequency response function is domiriated by that single mode, which is accurate for a system

with such a low damping ratio.

Closely spaced natural frequencies or repeated natural frequencies of the FRF as can be seen
at peaks 1 and 3 in Figure 6.9, is one of the major difficulties in modal testing of this sort.
When the signal is contaminated with noise or due to leakage into side-bands, then it may be
difficult to differentiate the peaks due to modal excitation. However, during resonant
conditions the response signal is more prominent, and hence it is less affected by noise. As it

can be seen from the figure, the peaks 1-5 occur when the value of coherence is unity.

Even though the value of coherence is below unity in between the peaks, it reaches unity at

resonance. At resonance, the phase shift between excitation and the response is 90° as it can
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Figure 6.9 FRF with the corresponding phase angle and coherence function

(Obtained during crankshaft impact testing)

be seen from a single degree of freedom system. This is also another factor that strengthens
the conclusion that a peak is actually due to resonance, and which can also be seen in Figure

6.9.

When the frequencies are greater than nearly 6000z, the coherence as well as phase shift
shows inconsistency, indicating that the signal is contaminated with noise or leakage. Thus,
analysis of higher frequencies is omitted. Therefore, even if FRF of the system shows a

noticeable peak at this range as it is shown by peaks 6 and 7 in the figure, these values are not
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Figure 6.10 Enlarged FRF magnitude corresponding to 2nd peak of
Figure 6.9

considered as natural frequencies of the system. It is a common practice to eliminate data

with coherence less than 0.75.

Even though a single degree of freedom system is defined with a single damping ratio, this is
not entirely true for a lumped parameter model that has many mode shapes. The damping
ratio associated with each peak is calculated separately and it is regarded as the modal
damping ratio. Figure 6.10 illustrates the enlarged FRF magnitude, corresponding to 2™ peak
of the crankshaft FRF, given in Figure 6.9. For a system with light damping a peak of the

magnitude at resonance is noticeable and the modal damping ratio £ can be related to

frequencies corresponding to two points, where the magnitude is I/ﬁ times the peak

magnitude, such that:

H\@
H(w,)=H(o,)= % 6.7)
And:
- ©,~0, _ 1496 —1475 ~0.007 6.8)

20, 2x 1488
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Figure 6.11 Impact test apparatus set up for the crankshaft

Here, @, refers to the damped natural frequency and this relation is known as 3-dB down

point (Inman 2001). As it can be seen from the calculations, the damping ratio is very low:
0.007 (equation (6.8)). corresponding to the second peak. As such damped natural frequency
is considered as the undamped natural frequency of the system, as there is very little

difference between them.

6.5 Testing Procedure

This section deals with the testing procedures undertaken for the impact tests. The impact
tests were performed to validate the natural frequencies that have been obtained during FEA.
The engine was dismantled and components such as crankshaft, flywheel and connecting rod

were tested for their natural frequencies separately.

Figure 6.11 outlines the experimental setup during impact testing on the crankshaft. The
crankshaft was hung by two strings, each 1 m long. This may damp out some mode shapes
as strings impose a restricted motion along their direction. The most suitable method is to
have a free-free boundary condition, while the response is measured. However, such an ideal
condition cannot be obtained as there must be some means to hold the test piece during the
test. The strings remove only the translational degree of freedom (DOF), allowing all the

other possible movements to take place.

The ultimate objective of the impact testing on components was to capture all their natural

frequencies, unlike the mode shape estimation, where impact test is mostly used. In mode

shape estimation, it is necessary to calculate the magnitude of the response, as well as the
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components

phase difference between the response and the excitation. Phase is essential to predict the

direction of motion of the response.

The component to be tested (i.e. the test piece) was excited by an impact hammer in a
controlled manner and the response was recorded at various locations with mounted
accelerometers. Figure 6.12 shows the locations of impact excitation and the mounted

accelerometers in the cases of the flywheel, crankshaft and the connecting rod. In this
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No Accelerometer Position on Crankshaft Average
1 2 3 4 5 6 T 8 9 10 11
1] 413| 406| 406 406 406 400| 406| 406| 406| 406 406
2| 525| 525] 525 513 513] 519 519| 519 519 519 519
3| 988 975 975| 988| 981 969 975| 975 975 978
4| 1131 11191 1119| 1119| 1125 1125 1125| 1125] 1131] 1131 1125
5| 1481| 1488| 1481| 1481| 1488| 1481| 1481| 1488| 1481| 1488| 1481 1484
6 1600 1606| 1600| 1600| 1606| 1600| 1600| 1600 1602
7| 2213| 2206| 2206| 2206| 2213| 2213| 2206 2213 2213 2210
8| 2281| 2288 2275 2275| 2275 2275| 2269| 2288 2278
9 2894| 2894 2900| 2900| 2894| 2906| 2906 2899
10| 3044 3056 3050
11 3175 3181| 3175| 3181| 3175| 3175| 3181 3178
12 3331| 3338 3344| 3338| 3338| 3338| 3338| 3338 3338

Table 6.2 Hammer test frequency results for crankshaft

manner, resonant frequencies were obtained as shown in Table 6.2 for the crankshaft (for
illustration purposes the complete set of frequencies only for the crankshaft are shown). It can
be noted that there are some missing frequencies at certain positions on the crankshaft. There
are a number of reasons for this other than possible experimental errors, such as a node point
of the relevant mode shape having coincided with the specific measurement point or there
occurred no displacement in the direction of the mounted accelerometer, corresponding to a

relevant mode shape at that location.

The electric charge produced by the load cell at hammer and the accelerometer were filtered
and amplified by the Bruel & Kjaer conditioning amplifier and the corresponding voltage
signal was fed into the PULSE type 3560C portable Data Acquisition Card (DAC).
Conditioning amplifier is capable of handling 4 channels, whereas the DAC can handle 3
channels with the maximum capturing frequency of 25kHz . However, only 2 channels were
actually needed for these experiments as they involved use of two transducers. The signal

conditioning amplifier and DAC are shown in Figure 6.13.

The data was processed by a PULSE LabShop software tool with a dual channel FFT
analyzer. This is capable of calculating the FRF, cross correlation, auto correlation, etc of the
excitation and response signals. Front end of the LabShop is shown in Figure 6.14, including

some data on it.
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Figure 6.13 Bruel & Kjaer Conditioning Amplifier and DAC system

The FRF obtained by impact testing on the piston does not show any peak within the
frequency range of 0—6000Hz, which the data acquisition system is capable of capturing.

This underpins the fact that higher natural frequencies of about 9000 Hz , which have been

Crankshatft Connecting Rod Flywheel
FEM Hammer FEM Hammer FEM Hammer
Error Error Error
results results results results results results
415 406 -2% 569 636 -12% 1345 1330 1%
513 519 1% 740 1345
1002 978 -3% 1376 1206 12% 2216 2138 4%
1097 1125 3% 1864 2030 -9% 2808 2938 -5%
1496 1484 -1% 3805 3291 13% 2809
1564 1651 5% 4375 4431 4424 0%
2221 2210 -1% 4599 4600 0% 4437
2325 2278 -2% 4589 4780 -4%
2937 2899 -1%
3174 3178 0%
3316 3338 1%

Table 6.3 Comparison between the hammer test results and FEM results
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Figure 6.14 Front end of the PULSE software

observed during the analytical investigation, using the FEM approach on piston, reported in
chapter 5. Therefore, as there is no reliable method to verify the modal behaviour of piston
and it is obvious that its first natural frequency occurs above 6000Hz, it was decided to
include the piston as a rigid body in the numerical model. The solid piston geometry. mass,
inertial properties, and its centre of mass location were validated against experimentally

measured values.

The crankshaft, the connecting rod and the flywheel were also subjected to impact testing,
and a considerable number of natural frequencies were found within the frequency range of
0—4000H:z . These values show very good agreement with the natural frequencies obtained
by FEA as shown in Table 6.3. Experimental and analytical frequency values obtained for the
crankshaft show good agreement with error level of +5%. Frequency values obtained for the
flywheel show good agreement even though there are couple of repeated frequencies present
in the FEA predicted values. Error levels for the connecting rod are quite large compared
with those for the other two components. As it can be seen in Figure 6.15 the actual
connecting rod is an assembly of components bolted together, whereas the corresponding
CAD model is a single component. This can create some differences in experimental and
analytical frequencies as can be seen around 12%. However as can be seen from the Table 6.3
the first natural frequency of the connecting rod is at 569Hz which is quite high compared to
the frequencies of interest during this analysis. But one should not underestimate the fact that
affect of resonance even with very small amplitude excitation. Therefore a CAD model of

much precise connecting rod would be better. However such an accurate model increases the
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Figure 6.15 CAD model and the actual
model of the Connecting Rod

number of element in the model quite considerably and bolted connection between lower half
and upper half of the bigend bearing is only possible with fixed joint primitive in ADAMS.
Such an addition increases the number of degrees of freedom considerably thus increasing

thus increasing the simulation time.
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7 RESULTS AND DISCUSSION

7.1 Single cylinder engine dynamics

As highlighted in Chapter 2, modern engine development is dominated by reduction of noise
and frictional losses while enhancing the system efficiency. This became further challenging
with the introduction of high powered low weight (high power to weight ratio) engines that
use light and low stiffness material, thus reflecting the need for a detailed investigation of
dynamic behaviour of an engine, with special regards to emission of noise and frictional
losses. Internal combustion engine is a complicated system that includes many other sub-
systems such as, fuel delivery system, cam-tappet, accessory gears, piston rings, pistons,
crankshaft and main bearings that exhibit different dynamic behaviours. It is not possible to
develop a numerical or an analytical model that would be capable of addressing all these sub-
systems including their dynamics, elasticity, lubrication and thermodynamic behaviours with
a reliable degree of accuracy. Therefore, many authors studying NVH characteristics of the

engine have paid their utmost attention only to a sub-system or a part of the sub-system.

The frequency spectrum of the measured combustion gas force (see Figure 7.1) shows many
excitations belonging to engine order multiples and half engine order multiples (Note that
engine is running at nearly 1800rpm ., which gives a first engine order of 30Hz). In IC
engines the gas pressure force acting on the piston is converted into a driving torque at the
crankshaft end through a slider crank mechanism. During this process of conversion, many
excitations are developed, which are also shown in the analytical equation (3.47).
Particularly, these integer multiples of engine order excitations are due to variable inertial
effect of the translating mass of the piston and the connecting rod. Even though the equation
shows only up to three engine orders, there are many excitations in it, which were omitted
during the binomial expansion of equation (3.45), owing to their negligible amplitude.
However, it must be noted that under resonant conditions even very low amplitude
excitations can cause vibrations with higher amplitudes. In fact, these excitations are

responsible for the twist-untwist action of the crankshaft, which leads to torsional vibrations

of the crankshaft.
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Figure 7.1 Fourier frequency spectrum for combustion gas force

The crankshaft system can be constructed in one of two possible configurations, a planar type
structure in which all the crank throws are arranged in the same plane, and a solid type
structure. in which the crank throws are in different planes for different cylinders. thus
enabling the combustion cycle phase balance, particularly in multi-cylinder engines. In the

planar type structures, coupled vibrations occur between the bending mode in the y—z crank

throw plane and the axial mode in the z-direction. Furthermore, coupling effect takes place
between the bending mode that occurs in the plane orthogonal to the plane of the crank throw,
which is the x—z plane and the crankshaft torsional mode about the z-direction (orientation
of the crankshaft in the xyz directional coordinates is shown in Figure 5.5). The former
coupling effect is referred to as the in-plane mode, because it is in the same plane as the
direction of the crank throw for the planar type structures. In-plane and out-of-plane modes
for the crankshaft of the E6 engine can be seen in a larger number of frequencies and some of
them are shown in Figure 7.2. The responses at the first few frequencies in each case are the
most significant, since they exhibit larger amplitudes and reside closer to the engine order
harmonics, thus are more prone to excitation. For four cylinder in-line engines with planar
structures the natural frequencies of the in-plane modes usually occur in the range
125-1250Hz, and 150-200Hz for the out-of-plane modes (Rahnejat 1998). However, the
single cylinder crankshaft of the E6 engine used for this study contains the first bending

natural frequency in 415Hz and torsional natural frequency at 513Hz (see Table 5.4).
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Both in-plane and out-of-plane modes not only depend on the configuration of the crankshaft.
The properties of the materials used, the stiffness of the supports, manufacturing methods are
some other significant factors. Owing to the bulky and rigid construction of the E6 engine
crankshaft, it possesses a higher first natural frequency of 415Hz. However, there is no
significant combustion force excitation at frequencies greater than 300Hz (see Figure 7.1),
such that there is no adverse effect from the crankshaft modes at this engine speed. Yet,
crankshafts of most modern engines have a very low first natural frequency of around 100z
and they tend to rotate at very high speeds, producing higher engine orders, thus these effects
are more significant. Low frequency excitation from the engine can cause resonance in the
vehicle panels and the air cavity in the cabin, which is known as “boom™ noise and occurs

between 25-160Hz. This is coupled vibration of the structure and cavity.

In plane bending mode at 4/5Hz Out of plane torsion mode at /002Hz

S
[ ——

Conrod bending mode at 569Hz Conrod torsional mode at 740Hz

Figure 7.2 Major modes of the crankshaft and the connecting rod
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Figure 7.3 Forces acting on the connecting rod

The connecting rod is another important component in an internal combustions engine. In the

process of converting translational motion into a rotary motion, the connecting rod is the one

which undergo both translational, as well as rotational motion.

The small-end of the connecting rod is connected to the piston through a gudgeon pin, which

translates. while the big-end is connected to the crankshaft as the rotating end. Basically,

there are two force components, acting on the piston. One is the inertial force and second is

the combustion gas force. The piston and ring interactions with the cylinder wall generate

friction force on the piston, which is comparatively low (in the range of 20N ). These force

variations are shown in Figure 7.3. Therefore. the connecting rod is subjected to its maximum

force a few degrees after the TDC, attributed to the combustion gas force. The inertial force

variation on the piston contains multiples of engine order, owing to its translational motion,

while the spectrum of combustion force acting on the piston comprises multiples of half

engine order frequencies. This concludes the fact that main excitation frequency of the

connecting rod comprises engine orders and half engine orders. However, as already

described the combustion gas force is an assortment of many other excitation frequencies. In

the E6 engine, the first natural modal frequency of the connecting rod is 569 Hz , which is a

bending mode (see Figure 7.2 and Table 5.4). At the maximum load the connecting rod is

subjected to a compressive force as a slender beam and this increases the prospects of
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exciting the bending mode. However, as the excitation frequencies are much lower than this
first natural frequency. the tendency of exciting the bending mode is quite slim. Nevertheless.,
this is considered to be a vital aspect during the engine design process (Fantino et al, 1983;
Goudas and Natsiavas 2004).

Eccentric orbit of the main journal bearing can take place due to the dynamic nature of the
transmitted force onto the bearing supports as described in section 2.2.2. This problem is
more pronounced with the bearing at the flywheel end. Jump phenomenon. which takes place
due to the existence of different equilibrium positions within the orbit for the same operating
conditions, can produce excitations in many frequencies. The whirling motion that happens at
twice the speed of rotation creates another excitation at second engine order as discussed in
section 2.2.2. Even though primary motion of the piston is well-defined by the slider crank
mechanism, there exists a secondary motion owing to clearance between the piston skirt and
the cylinder liner. Though this clearance is small, it is large enough to produce secondary
tilting and translational lateral motions that may create unwanted noise and vibration as

discussed in section 2.2.3.

These observations highlight the complexity of the combined effects of the inertial force and
torque excitations upon the formation of coupled out-of-plane and in-plane deflection modes
of the flexible bodies such as the crankshaft and the connecting rod. There are many
analytical approaches for solution of various engine dynamic phenomena that are useful in
the understanding of complex engine dynamics spectra. A simple analysis for a single
cylinder engine, including inertial forces and combustion force has been presented in section
3.5 and some other complex analysis can be found in literature (Cho er al, 2003; S.H et al,
2002). Nevertheless, many of these analytical approaches do not include the effect of other
sources of non-linearity or these are included in very abstracted forms. Most prominently,
these sources of non-linearity include journal bearing hydrodynamics, piston skirt - cylinder
wall lubrication and friction, its secondary tilting motion and piston ring-to-cylinder wall

interactions.

Furthermore. the assembly of parts in the engine model incorporates constraints, representing
the attachment of parts that describe certain motions, such as translations and rotations.
Analytical solutions can be obtained by linearizing these non-linear equations. However, their

omission from the system dynamics equation can lead to erroneous interpretations or
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conclusions. These shortcomings can be minimized or totally eliminated by using multi-body
dynamic formulation for engine dynamics problem that can incorporate all sources of non-
linearity. Many multi-body dynamics approaches related to engine dynamics can be found in
literature. However, most of these concentrate basically on one aspect of an overall study as
detailed in Chapter 2 rather than a system approach. (Boysal and Rahnejat 1997) have
modelled a single cylinder four stroke engine, using multi-body dynamics approach, that
includes hydrodynamic main journal bearings, torsional damper at the front end of the
crankshaft, piston skirt — cylinder wall friction and rigid body dynamics. Current study,
presented here is based on an extension to their work on single cylinder internal combustion

engine.

7.2 The single cylinder engine model

7.2.1 Experimental verification

As discussed in previous chapters, the piston, connecting rod, the crankshaft and flywheel
system of the E6 experimental engine was modelled in multi-body dynamics code, ADAMS.

The model was developed starting from the basic rigid body system with constraints.

Then, the model was improved by replacing the rigid bodies with flexible bodies and some of
the basic constraints with proper description of contact conjunctions, using multi physics

numerical approach.

Figure 7.4 shows the spectrum of torsional vibration predicted by the multi-physics numerical
model developed. The frequency composition compares well with the experimentally
obtained spectrum, shown in Figure 7.5. The magnitudes also compare well, particularly for
the lower frequencies. However, the experimentally obtained spectrum obtained shows higher

magnitudes at higher frequencies. Unlike the numerical model, there are various other

components in the actual engine such that this kind of variations could be expected.
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Figure 7.6 shows the experimentally measured nodding velocity of the flywheel and its
frequency spectrum is given in Figure 7.8. As it can be seen the mean velocity has been
shifted from zero velocity line in the Figure 7.6. The LDV which was used to measure this
velocity, as explained in section 6.3.3 was originally built to measure rotational velocities.
Therefore when it is used for translational velocity measurement a certain voltage reading is
observed even at zero velocity thus, showing a mean velocity shift in the figure. The
difference in amplitude is also possible due to stiffness of the engine block that the crankshaft
and flywheel resides on. The frequency composition of the experimental data compares well
with the frequency spectrum obtained from the numerical predictions, shown in Figure 7.9
(note that frequency spectrum of flywheel nodding velocities are not plotted to the same
vertical scale). Also the flywheel nodding velocity is given in Figure 7.7. However, the
magnitudes contributions are closely inline with experiments. It is not possible to have a
rigorous comparison between these experimental and numerical spectra due to many possible
reasons. In the actual engine. there are various other subsystems such as the valve train.
timing gears, oil pump, etc which are not considered in the numerical model. Even in the
modelled piston-connecting rod - crankshaft sub-system, complicated tribological
conjunctions, such as the big-end bearing and the small-end bearing are represented by basic
revolute and cylindrical joint primitives, respectively. As a result, the crankshaft bending
excitations due to the combustion gas force, which are dominant at low frequencies, may not
have induced bending of the crankshaft, thus under-estimating the combined torsional
deflection modes (i.e. responsible for the conical whirl of the flywheel). This argument is in
line with the lower spectral contributions of the numerical predictions up to 2.5 engine orders,
when compared with the experimentally obtained spectral contents. The 3" engine order

compares well with the experimental results.

In both the experimental spectra a clear peak can be seen particularly at 50Hz, which is
neither a half engine order nor an engine order. This is basically due to the frequency of
mains electricity supply. This kind of behaviour can be seen in many experimental data

acquisition, involving power supply from the mains.

It should also be noted that FFT is an averaging process, thus actual magnitudes cannot be
completely relied upon. The number of time steps, the time step size and windowing method
can adversely affect the amplitudes at various frequency contributions. However, when these

factors are selected to coincide for the experimental and the numerical results, a different

176




P LS B

Chap 7 - Results and Discussion The single cylinder engine model

level of leakage may appear due to the slight differences in the engine speeds between them.
This problem can be seen in the various comparable spectra, showing slight differences in the
values of engine order harmonics. The size of the time step cannot be controlled in the
numerical model owing to Corrector changes based on Predicted values in the predictor-
corrector approach in ADAMS solver. However, FFT is calculated on a larger time duration
compared to the minimum frequency of interest. which is the half-engine order frequency,

which eliminates most of these difficulties. A reasonably good comparison is obtained.

The main crankshaft journal bearings are subjected to a maximum load at an interval of every
two revolutions of the crankshaft in a four stroke single cylinder engine. The induced forces
due to combustion gas pressure and induced inertial forces (as shown in Figure 7.3) are
balanced by the instantaneous hydrodynamic pressures generated in the main crankshaft
journal bearings. Eccentricity of the journal alters and, thus, the film thickness within the
designed clearance between the crank journal and bearing shell, producing necessary
pressures that yield reaction forces. A typical clearance of one thousandth of the journal

radius (30um) is assumed for this analysis.

The hydrodynamic pressure distribution in the journal bearing also depends on its diameter-
to-width ratio, which is 0.6 for this analysis. The short-width bearing, infinitely long-width
bearing and finite width bearing approximations are used, if this ratio is less than 0.5, greater
than 2.0 and in between these two limits, respectively. For the current analysis the main

bearings are approximated as short-width bearings.

As discussed in section 2.2.2 and illustrated in Figure 2.8, at higher Sommerfeld numbers and
lower eccentricity ratios the deviation of finite-width solution from that of the short bearing
solution is very small. Calculation of Sommerfeld number for a short-width bearing is given
by equation (4.20). Figure 7.10 shows the variation of Sommerfeld number and journal
eccentricity during a four stroke combustion cycle for the crankshaft front end journal
bearing. The results verify that during a combustion cycle Sommerfeld number remains low.,
when the eccentricity is also low and the Sommerfeld number becomes large at higher
eccentricities. Therefore, the assumption of short-width bearing is acceptable, even though it

is just beyond its traditional accepted limit.
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Figure 7.11 Bearing centre eccentricity ratio during a combustion cycle
The eccentric motion of the journal generates the hydrodynamics entraining motion, as well
as the rigid body squeeze effect. The approach of the journal surface towards the bearing

shell is regarded as the rigid body squeeze motion. The squeeze effect is regarded as rigid,
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when the elastic deformations are ignored during hydrodynamic analysis of journal bearings.
However, modern bearings are significantly light in construction (i.e. made of materials of
low elastic modulus, such as Tin-based alloys). Thus, under extreme operating conditions the
bearing shell would be elastically deformed due to high pressures. In fact, this will generate
sufficient lubricant film to separate the two contiguous bodies apart, a mechanism which is
referred to as elastohydrodyanmic lubrication. However, during these conditions viscosity of
the lubricant substantially increases and pressures are as much as hundreds of MPa that are

capable of deforming the adjacent elastic bodies. This is not the case for the E6 engine.

However, the solution of thin shell elastohydrodynamic problem is computationally
complicated and difficult to include in the same multi-body analysis. The E6 experimental
engine is fitted with a thick journal bearing bushing of 5mm thickness, made of steel and
subjected to low combustion pressures of nearly 35har, compared to modern engines with a
shell thickness of 1.5mm and combustion pressure of 150bar . During a four stroke cycle,
shown in Figure 7.11, the maximum eccentricity ratio is close t0 0.6, which means a fluid
film is maintained throughout the cycle. Therefore, it is concluded that hydrodynamic

lubrication exists throughout the cycle as assumed.

During the engine operation the planar-type single cylinder crankshaft is subjected to coupled
bending and torsional vibrations. Therefore, this can act as a source of excitation for the
crankshaft and the flywheel bending and axial float, which is known as flywheel nodding
action. The bearing closest to the flywheel end is subjected to higher loads during the engine
cycle. This effect is particularly pronounced during the peak combustion force. The bearing
force variation is shown in Figure 7.12, which confirms this supposition. Whilst a maximum
load of nearly 6000N is obtained for the front end bearing, that for the flywheel-end bearing
is 7500N . Higher the reaction force, the eccentricity of the bearing becomes larger in order
to produce the necessary hydrodynamic reaction. During a 4 stroke engine cycle most
pronounced force component is the combustion gas force as can be seen from Figure 7.3,
other than the inertial forces due to the various moving components. This force must be
balanced by the bearing reaction force. Therefore, the bearing reaction also exhibits a similar
force variation (or pattern) (see Figure 7.3 and Figure 7.12). It must be noted that other
inertial forces, such as the crankshaft are not taken into consideration during this total force
calculation in Figure 7.3, as it contains almost a constant inertial contribution due to its rotary

motion.
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Figure 7.12 Bearing load at 4 stroke combustion cycle
The eccentricity ratio. given by equation (4.10) is a function of bearing reaction load.
Therefore, the variation of eccentricity ratio has almost the same pattern as the bearing
reaction, see Figure 7.11. The hydrodynamic reaction force in the bearing is due to combined
fluid entraining motion and squeeze film effect. The approach velocity of the joumal surface
towards the bearing shell introduces the squeeze action upon the lubricant film. Figure 7.13
shows the bearing centre velocity variation in the radial direction. This shows that the
hydrodynamic pressure is dominated by the squeeze action before its maximum value (close
to the TDC in the power stroke). Once it passes over this peak reaction force the two
contacting bodies are departing, decreasing at the contact reaction. It must be noted that
radially outward direction from the bearing centre is considered to be positive for velocities

in this plot.

This is further augmented by the variation of coefficient of friction in the bearing as shown in
Figure 7.14. Under hydrodynamic conditions, the friction force in the journal bearing is
dominated by the entraining motion of the lubricant. Before the bearing is subjected to its
peak load the hydrodynamic pressure is dominated by the squeeze film, thus the friction
coefficient decreases. However, after the peak load the two contacting bodies are departing

and thus the lubricant is dragged into the contact more readily.
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The same behaviour can be observed throughout the combustion cycle. Whenever the
squeeze velocity becomes zero the coefficient of friction increases and it decreases when
there exists a squeeze velocity. Consequently, the friction coefficient is decreased at the peak
bearing loads due to squeeze action of the journal bearing and reduced effect of entraining
motion (i.e. viscous friction is dominated by relative velocities of the surfaces or entraining of
the fluid into the contact). Further to this, the angle between the line of centres and resultant
bearing force, which is called the attitude angle (given by equation (4.13)) tends to decrease
with an increase in eccentricity (which is expected as found analytically by (Cameron 1966:
Pinkus and Sternlicht 1961)). Hence, the resultant force is more towards the line of centres
rather than in the perpendicular direction to it. This perpendicular component is mainly
responsible in the friction force (or torque) at the contact and the potential unstable bearing
motion. Therefore, at higher loads, causing higher €. stability of the journal bearing motion
is enhanced while reducing the resisting torque. Consequently, with decreased € the reaction
force component in perpendicular direction to the line of centres is increased whilst
increasing the friction torque. This phenomenon is also shown in the shaft whirling stability
map given by Figure 4.5, which indicates bearing instability at low values of €, as well as at

higher rotational speeds.

During the power stroke, the crankshaft and the connecting rod are arranged such that the
radial component of the force is acting towards the x—(—y) quadrant of the crankshaft as
shown in Figure 7.31. Therefore, the bearing orbit is shifted towards this direction during the
peak pressure of the power stroke as shown in Figure 7.15. However, it must be noted that
both the x and the y axes in the figure are not drawn to the same scale in order to provide a
clear illustration, and this should not get confused with that front end bearing, which exhibits
a higher eccentricity. The corresponding bearing centre orbit for the flywheel end exhibits a
larger radial displacement compared to that of the front end bearing, as expected. This is

because of larger distribution of inertia towards the flywheel end.

The magnitude of the combustion gas force is negligible at the BDC and increases to a
maximum of 15000N close to the TDC at peak combustion pressure, as shown in Figure 5.7.
The vibration spectrum of the applied gas force (i.e. the signature of the 4-stroke process) is
of particular interest, since its various spectral contents excite the vibration modes of the

crankshaft system. Figure 7.1 shows the vibration spectrum of the combustion gas force. The
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Figure 7.15 Crankshaft bearing centre loci
during a combustion cycle

contribution at 30Hz is due to the steady state engine speed of 1800rpm. There is a
significant contribution at 15Hz . which is the main combustion forcing frequency of a four
stroke combustion cycle as anticipated by the analytical derivations, given in section 3.5.2.

The other peaks of the spectrum correspond to the multiples of this half engine order.
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As combustion gas force is the main excitation in an IC engine, its effect can clearly be seen
in most locations in the structure. Figure 7.16 shows the frequency spectrum of the bearing
force at the front end of the crankshaft and significant spectral contents up to 300Hz can
easily be seen, as it is observed in the spectrum of the combustion gas force itself. However,
the half engine order content is significantly larger than the others as anticipated due to half-
speed oil whirl of the journal bearings, discussed in section 1.4. Both synchronous and
fraction non-synchronous whirl of the journal centre is prevalent in shaft systems supported
by journal bearings and have been observed both experimentally and predicted numerically

(see section 4.3.2). Figure 7.15 shows the bearing centre variation during a four stroke cycle.

An NVH concern in the internal combustions engines is piston secondary motions. This
problem has been addressed by many researchers, but mainly isolating the piston and mostly
under hydrodynamic conditions or sometimes using very abstracted forms such as spring
damper representation of the various load bearing contacts. The complex and transient nature
of forces acting on the piston, together with clearance between piston skirt and the cylinder
wall encourages piston secondary motion other than the primary motion required for
transmission of the useful power. This secondary motion of the piston leads to its slapping
action against the cylinder bore wall that leads to wear of the piston skirt, as well as

contributing the NVH spectrum of engine vibrations.
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Figure 7.17 Piston secondary motion

7.2.2  Piston secondary motion

The secondary tilting motion of the piston can be obtained in the single cylinder multi-body
model, using appropriate constraints between the cylinder bore (which is the ground/external
frame) and the piston, and the latter and the connecting rod. As depicted earlier the
connecting rod is constrained by a revolute joint, whilst the piston and the ground are
connected by a planar joint, which is free to move on a plane orthogonal to the crankshaft
axis. Piston rotation in this orthogonal plane, which leads to the slap motion is constrained by
four single component forces as explained in section 5.5.5 and shown in Figure 5.16. The
magnitude of these force components depend on tribological conditions in the contact
conjunctions. The piston is allowed to undergo its primary translational motion along the
cylinder wall, as well as the tilting motion about the z-axis (which is parallel to the crankshaft
axis). The translational motion along the x-axis is also allowed (lateral motion within the

confine of piston-cylinder clearance), as shown in Figure 7.17.

Piston as a rigid body is subjected to various forces within the confine of cylinder. Owing to
changes in orientation of the connecting rod, the direction of reaction force alters

instantaneously. Combustion gas force changes its magnitude quite rapidly during the
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Figure 7.18 Piston thrust force variation at positions 1 and 2
combustion cycle. As a result piston executes small oscillations within the cylinder clearance,
rubbing and slapping against the cylinder wall. Larger impact can then result in the major
thrust side wall (see Figure 5.18). However, piston secondary motion can be decomposed into
two motions. First is the tilting motion that takes place due to side-to-side oscillations of the
piston and second is the translation of the piston perpendicular to the piston axis (its lateral
motion). The variations of these two motions are shown in Figure 7.17. Note that piston tilt
towards the thrust side is considered as positive. These two movements are greatly
responsible for the piston skirt-cylinder wall lubrication as this controls the squeeze film

action in the hydrodynamic lubrication.

In fact, almost all of the modern engines are fitted with the offset gudgeon pins. Particularly,
gudgeon pin offset supposed to be a method of reducing frictional losses between the piston
skirt and cylinder wall (Dursunkaya e al, 1994). However, in the current study the gudgeon
pin offset is not taken into consideration as the E6 experimental engine used does not report

any details for this.

From Figure 7.17, it can be seen that the tilting angles are indeed quite small. Nevertheless,
these small angles lead to instances of repetitive slap of the piston against cylinder wall.

Figure 7.18 shows the thrust force variation at the cylinder wall at the major thrust side and
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Figure 7.19 Film thickness and squeeze velocity variation at thrust side
(at piston position 2)

the anti-thrust side (piston positions 1 and 2, refer to Figure 5.18). Tilting oscillations with
longer time period result in lower impact forces, while sharper oscillations result in higher

impact forces.

Thrust force is at its maximum during the power stroke. Figure 7.19 shows the variation of
squeeze velocity and the lubricant film thickness at piston position 2, which is the thrust side.
From the figure it can be seen that soon after the piston traverses the position of the TDC

during the power stroke, the squeeze velocity is sharply increased.

The variation of coefficient of friction at the piston skirt-to-cylinder wall is shown in Figure
7.20 and it varies in between 0.002 — 0.02 confirming the fact that it entertains fluid film
lubrication through the combustion cycle. At the beginning of the suction stroke the force at
the thrust side is very small as can be seen from the Figure 7.18 and at the same time it
undergoes with small or no entraining motion. There is no squeeze velocity at this point to
build a lubricant pressure. Thus, there exists a higher friction coefficient. However soon after
the power stroke the friction coefficient is lowered to very small value. At this point there is a
very high squeeze velocity as can be seen from the Figure 7.19. Such that the load it carried

by the squeeze film pressure which does not support much for the viscous friction.
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Figure 7.20 Coefficient of friction for the piston skirt-to-cylinder wall
contact

In a real engine, normally a mixed regime of lubrication takes place particularly at the TDC

and the BDC. Figure 7.19 shows that the film thickness never falls below 9um in this

particular engine, thus there is no contribution due to boundary friction at piston-cylinder
wall contact, even though entraining action of the lubricant has ceased. There is
circumstantial evidence that this prediction is fair, since this engine was manufactured in late
1950’s and it has been running for a considerable period of time, whilst there has been no
requirement of either change of the liner or a noticeable increase in friction during its
lifetime. If the engine had been running under boundary regime of lubrication for such a long
period of time, this would have resulted in some failures. The large nominal clearance in this

engine essentially means that it tends to avoid boundary interactions at the dead centres.

In the vicinity of the dead centres, the friction coefficient is increased. At the beginning of the
suction stroke (=180" to —170° cam angle). the contact force at the major thrust side is
almost zero as can be seen in Figure 7.18. Again the same incidence, as described above can
be seen at the end of the compression stroke. At this point the thrust force is nearly zero,
particularly due to rigid body separation. However, at the beginning of the compression
phase, as well as the exhaust stroke, higher friction coefficients can be observed. This

happens particularly due to small squeeze velocities (nearly zero) and very small film

188



Chap 7 - Results and Discussion The single cylinder engine model

Piston filt angular acceleration (degs?)

Frequency (Hz)

Figure 7.21 Fourier spectrum for angular acceleration of piston tilting
motion

thickness, as can be seen in Figure 7.19. It should be noted that the analysis of piston skirt-to-

cylinder wall contact indicates that a hydrodynamic film is always retained, even under pure

squeeze film effect. Thus, no boundary contributions occur. Hence, reducing the speed of

entraining motion reduces the sliding friction, which is observed in all the predictions made.

With a lower film thickness, these conditions are not observed such as in the piston ring pack.

The frequency domain representation of tilting angle is shown by the response FFT of the
tilting angular acceleration given in Figure 7.21. The figure shows that main contributions
occur at engine orders and half engine orders. However, most of these contributions are at
engine order multiples, owing to the induced inertial torque. as anticipated. The first engine
order, dominant in the piston translational motion, is absent from its tilting motion. The half

engine order frequency indicates that tilting motion is coupled with combustion gas force.

7.2.3 Piston ring analysis

As already pointed out in the literature review (chapter 2) many researchers have directed
their attention to piston ring lubrication, but mainly in isolation from system inertial

dynamics and mostly under hydrodynamic conditions only. In most studies the piston

secondary motions have been ignored. There is a clearance gap between the piston ring and
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Figure 7.22 Reaction force variation at piston ring cylinder wall contact
the groove as it is shown in Figure 5.22, thus the ring is free to move in the piston groove.
Owing to this clearance the ring resides on the lower groove surface during the upward
motion of the piston, whereas it resides on the upper groove surface during piston’s
downward motion. Therefore, when the piston is moving upwards the inner surface of the
ring is subjected to the combustion chamber pressure, whilst it is subjected to the crankcase
pressure during the downward motion of the piston. The force due to ring tension and inner
ring pressure is balanced by the lubricant reaction force acting on the ring face-cylinder wall

interface.

The total reaction force at the ring face-to-cylinder wall interface consists of two main
components as mentioned in section 5.5.7, those due to hydrodynamic lubricant reaction and
interaction of asperities (boundary component). Hydrodynamic force is mainly due to
lubricant entrainment and vanishes with cessation of entraining motion at the dead centres.
Therefore, at the dead centres the ring is totally supported by the asperity forces. Figure 7.22
shows the variation of reaction force at the piston ring face in contact with the cylinder wall.
This comprises the boundary force and the hydrodynamic lubrication force. During the
suction stroke and the power stroke the piston is moving in the downward direction.
Therefore, the inner ring face is subjected to crank case pressure, which is almost equal to the

atmospheric pressure. Therefore, the reaction force is dominated by the outward ring tension
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Figure 7.23 Variation of film thickness and friction force at piston ring
cylinder wall contact

force, which is a constant force. Hence almost a constant reaction force can be seen during
these two strokes. During compression and exhaust strokes the piston is moving upwards,
whilst exposing the inner ring face to the combustion chamber pressure. Therefore, during
these two strokes the reaction force is augmented by the gas pressure other than the ring

tension and, thus, a higher ring force can be observed (see Figure 7.22).

Figure 7.23 shows the variation of minimum film thickness and the friction force at the ring
face-to-cylinder wall contact for a 4 stroke combustion cycle. The film thickness is
comparatively large, particularly at the suction and power strokes, where the contact loads are
low. At the mid span of the stroke the peak sliding velocity occurs and, therefore, the
maximum film thickness can be observed. However, the inner side of the ring is exposed to
the combustion pressure during the compression and exhaust strokes. Hence, the contact load
increases. whilst the minimum film thickness decreases, in order to support this higher load.

The ring inner surface is subjected to the maximum gas pressure at the end of the
compression stroke (=30 to 0° crank angle). Therefore, the ring load reaches its maximum

value at this point, as can be seen in Figure 7.22.
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Figure 7.24 Piston ring friction forces
The reason for the generated friction force acting on the ring is two fold. One is due to
viscous friction and the other is due boundary friction as can be seen in Figure 7.24. The
maximum friction force occurs just prior to the dead centres, where the sliding velocity is
zero and thus, the viscous friction component disappears. Therefore, the boundary friction is
dominant at these locations, and most of the parasitic losses are due to boundary friction.
Elsewhere, with the increase of sliding velocity, particularly at the mid span, the friction is
increased but, by ever so small an amount, owing to the increasing viscous shearing effect.
Therefore, dramatic friction force variations are due to boundary friction. Unlike friction at
piston skirt-cylinder wall contact, where the minimum film thickness is quite large, here the
boundary friction plays a significant contributory role to the total frictional effects with the

minimum film thickness being fractions of a micrometer, predicted as low as 0.01um.

At the end of the exhaust stroke the combustion chamber pressure reduces and further goes
into a suction pressure (see Figure 5.7). At this point the ring resides on the lower side of the
piston groove as the piston is still moving in an upward direction, and hence a negative
pressure force is applied on the inner ring surface. Thus, the negative pressure force (towards

the centre of the ring) is counter-balanced by the ring tension force (acting radially outwards)
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Figure 7.25 Maximum lubricant pressure at piston ring to cylinder wall
contact during a combustion cycle

and ultimately the force between ring face and cylinder wall diminishes. There is film without
a load (see Figure 7.23). Furthermore an almost zero friction force (see Figure 7.23) and a

zero ring load (see Figure 7.22) are observed at the same point.

Energy lost is due to friction. The contacts dissipate mechanical energy in the form of heat
and increase the contact temperature. As a part of its function the lubricant acts also as a
cooling agent and takes the generated heat away from the contact. Owing to this heat
generation the temperature of the lubricant increases and alters its rheological properties,
particularly resulting in lowering of its viscosity (a phenomenon known as shear thinning).
Unlike other contacts such as the piston skirt-to-cylinder wall and the main crankshaft
support bearings, the piston ring-to-cylinder wall contact is subjected to fairly high pressures
(see Figure 7.25) and a high load (see Figure 7.22). Figure 7.25 shows the maximum
lubricant pressure at the piston ring-to-cylinder wall contact. The pressures are calculated
based on Reynolds pressure distribution at the contact. When it comes to the dead centres the
asperity contact area and the load can be calculated from equations (4.43) and (4.44),
respectively. Such that with known sliding velocity, the pressure distribution at the asperity

contact can be calculated.
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Figure 7.26 Heat dessipation in the piston ring - cylinder wall contact
Figure 7.25 shows the variation of maximum lubricant pressure in piston ring-to-cylinder
wall contact during a 4 stroke combustion cycle. As the film thickness is lower at the dead
centres higher lubricant pressures can be seen, particularly due to the influence of asperity
contacts as shown by the proportion of load carried by asperity tip contacts in Figure 7.22.
However, in the vicinity of the dead centres a very low sliding velocity exists, creating low
entraining action. This reduces the extent of the lubricant film (as well as its thickness), thus
reducing the area of the contact patch. Higher generated lubricant pressures provide the
necessary reaction force. As discussed in section 4.5, the heat generated due to compressive
heating and viscous heating are dissipated to the environment through convection or
conduction. At very high pressures such as under EHL conditions the heating is dominated by
compression of the fluid in the contact. As the maximum lubricant pressures are as low as
9MPa within this contact, the effect of compression heating is ignored in the current
analysis, as also mentioned in section 4.5. However, heat generation due to viscous action is
dominant at low pressures and higher sliding velocities, thus it is considered as the main

source of heating in this analysis.

Figure 7.26, shows the heat dissipation from various cooling terms. Wherever the film

thickness is larger, convection cooling is significant as the film carries more of the heat away
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Figure 7.27 Variation of Peclet number in the piston ring-cylinder wall
contact during a combustion cycle

from the contact. Therefore, a higher contribution from the convection cooling can be seen at
the mid span of each stroke, where the film thickness is relatively larger. At the dead centres,
even though the regime of lubrication is not EHL, and in fact is mixed, with dominance of
boundary lubrication, the film is not thick enough to carry the heat away from the contact.
This is further exacerbated with smaller entraining velocities. Therefore, at the dead centres
the effect of convection cooling is very low. At the vicinity of the dead centres the film
thickness becomes smaller (see Figure 7.23) and the pressure is higher (see Figure 7.25). Due
to these facts conduction cooling becomes more significant, particularly at the vicinity of the
dead centres. The Peclet number, which is the ratio between convected heat over the
conducted heat (given by equation (4.64)) also shows the same variation, see Figure 7.27. At
the dead centres a low Peclet number is obtained, because of the prevalent mixed regime of
lubrication, and with relatively thin films. Conduction is the dominated heat removal

mechanism in these locations.

Most of the heat generated at the contact would be carried away by the solid bodies at the
contact (particularly the conducted heat), which can cause thermal distortions at the solid.
Although the affects of thermal distortion at the contact is not modelled in this thesis, it can

be predicted by introducing thermal analysis of the solid, as the source of heat is already
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Figure 7.28 Variation of viscosity in the piston ring-to-cylinder wall
contact during the engine cycle

analysed in the model. The lubricant temperature inside a contact does not increase linearly as
it is assumed in this analysis. Inside the contact the lubricant temperature is quite high owing
to transient conditions and the contact must be solved thermo-elastically in order to predict
these values accurately. However in the current analysis, the contact is solved isothermally
which does not take transition conditions in to account such that, the predicted inlet and outlet
temperatures are very low. Remarkably higher temperature values would have been obtained,
if the contact was solved in thermo-elastic conditions, which would definitely be responsible

for higher thermal distortions.

Heat removal rate is directly proportional to the temperature difference in an interface.
Higher heat generation in the contacts results from higher lubricant temperature difference
between the film’s inlet and outlet regions. The temperature rise in the piston ring-to-cylinder
wall contact for different ring widths are shown in Figure 7.30. Note that in the actual engine
the ring thickness is 3mm . A higher temperature difference between the inlet and the outlet of
the contact is prominent during mid span of the compression and exhaust stroke. As can be
seen from Figure 7.26 the same positions are responsible for the higher heat dissipation. The

amount of heat generation at the contact is progressively proportional to the contact lubricant

pressure. Such that at about —80" crank angle there is a sudden drop in temperature rise as
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Figure 7.29 Percentage energy loss in the E6 engine model

can be seen in Figure 7.30, owing to a reduction in the ring face reaction force at the same

point as that in Figure 7.22.

Rheological properties of the lubricant such as viscosity and density change with temperature,
particularly the viscosity, which is taken into account in the current analysis. Changes of
viscosity significantly affect the lubricant reaction. There are two main parameters that the
affect the contact temperature. Firstly, the temperature along the surface of the cylinder wall
is not uniform throughout its length. As shown in Figure 5.19, the temperature varies along
the cylinder wall, with a higher temperature towards the TDC due to higher combustion
temperatures. Secondly, the temperature in the contact increases due to the viscous heat
generation as already described, which is rather small, when compared with the change in the
cylinder wall temperature (see Figure 7.30). However, both of these directly affect the
lubricant viscosity in the contact. Figure 7.28 shows the variation of viscosity at the inlet and
at the outlet of the contact during a combustion cycle. The change in viscosity at the inlet is
due to cylinder wall temperature. The difference between the inlet and the outlet is due to
viscous heat generation in the contact. As it can be seen a dramatic change in viscosity occurs

due to temperature variation. However, a noticeable change in viscosity between the inlet and
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Figure 7.30 Temperature rise at piston ring to cylinder wall contact for
different ring thickness

the outlet can be seen particularly at compression and exhaust cycles. This is mainly due to a

higher contact load, causing a higher temperature difference at these locations.

Change in viscosity, kinematics and degree of conformity of the contact affect the frictional
characteristics in different ways. As various contact conjunctions of the engine are modelled
by introducing their characteristics, it is possible to estimate the losses in the engine that
would affect the engine power output. With known frictional forces and sliding velocities
energy losses at sliding contacts can be calculated. Figure 7.29 shows the percentage losses in
this E6 engine’s crankshaft-connecting rod-piston sub-system in terms of energy. However, it
must be noted that there are many other components contributing to the engine losses, which
are not considered in this model such as, cam-tappet conjunction, timing gears, oil and water
pumps, etc. Even within the modelled sub-system the effect of frictional losses in big and
small-end bearings are not included in the current model. Furthermore, the speed fluctuations
that occur in the engine speed itself can result in mechanical losses due to imbalance and

vibration.

It must be noted that unlike the E6 engine, used for the current study the operating conditions

of modern engines are somewhat different. The operating speeds and combustion pressures of
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modern engines are significantly higher compared to speeds and pressure considered in this
study. On the other hand, in most modern engines the inner ring face is exposed into the
combustion chamber through drilled holes between the ring groove and the piston top
surface. This would allow high pressure combustion gasses to penetrate into the piston ring
groove and increase the ring groove pressure, which is acting on inner ring face. This would
increase the ring face force particularly during the power stroke, where a better sealing
becomes mandatory. This paves the way for reduced initial ring tension needed to ensure
better sealing at lower inner ring pressures and hence the size of the ring can be reduced.
Owing to low stiffness and softer ring constructions the natural frequencies of the piston ring
are reduced and enhance the chance of their coinciding with engine order multiples, particular
in high performance high speed engines. In such cases the dynamic analysis of the piston ring

is crucial in order to obtain a better representation of the piston ring physical behaviour.

Owing to the rather rigid (stiffer) construction of the E6 engine piston ring, when compared
to the more modern engines, higher fundamental natural frequencies can be observed, which
are far higher than the major engine order excitations. Also, the flexibility of the piston ring is
not included in the current numerical model. In this series of quasi-static analyses, the effect
of squeeze film action cannot be considered. However, for a full transient analysis, this effect
must be considered. which would have to also include the modal excitation of the ring.
Moreover, many papers in the literature report that in modern engines the contact between the
piston ring and the cylinder wall undergoes EHL conditions, owing to its flexibility and

higher contact forces acting on the small contact area.

Due to dynamic nature of the forces on the piston ring, the ring modes are easily get excited
and in-plane and out-plane ring deformation takes place. This would result a higher radial
clearance between the ring face and cylinder liner at some points on the ring circumference
allowing high pressure gasses to pass through. When the out-plane modes are excited the
clearance between the ring and the piston-ring-groove at ring top and bottom surface is
affected at some points. These clearances create paths all around the piston ring allowing high
pressure combustion chamber gasses to pass through to the low pressure crankcase which is
known as blow-by. The effect of blow-by is further enhanced by ring wear and ring flattering
that causes ring to oscillate within the piston groove. In multi-ring pack systems, the inter-
ring gas pressure is mostly dependent on the extent of blow-by. Most of these effects are not

included in the current model as these are not applicable to the E6 experimental engine. In
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modern engines with short stroke lengths and higher combustion gas force the change in

viscosity due to heat generation at the contact would play a greater role than observed here.

Even though the temperature rise in the contact is quite low with the piston ring of 3mm
thick, the situation can be greatly changed if some key parameters are changed, such as the
ring face-width. As an example the temperature rise along with increased ring thickness (for
4mm thickness) is also shown in Figure 7.30. When the face-width is increased ring force
due to gas pressure is also increased, affecting the contact temperatures. As most numerical
models are based on isothermal assumption, they will not include such a variation. Therefore,

isothermal analysis cannot be regarded as a valid assumption for piston ring lubrication.

The methodology developed in this study can easily be adopted for an engine with any
configuration such as, a four cylinder, a six cylinder, with in-line and v-type configurations.
Lubricant reaction forces, combustion forces and resisting torques can be applied. using the

same approach.

7.3 Effect of offsetting the crankshaft

So far, the numerical model developed for the E6 single cylinder engine is discussed in some
detail, with particular reference to its tribo-dynamics. Once such a numerical model produces
predictions consistent with the physical system, and thus validated, it can be used as a design
tool to study various scenarios, as it is to a large extent parameterised. This is one of the main
advantages of the multi-physics approach, potentially reducing the cost of physical
prototyping and tests, particularly at the conceptual design stage. One particular current
question of interest is offsetting of crankshafts in order to ensure adherence of the piston to
the major thrust side, thus reducing the side to side motion of the piston, and the subsequent
problems in loss of lubrication and also piston slapping and radiated noise. As a case study
the following section is devoted to investigation of the effects of crankshaft offset. if it was to

be implemented for the E6 internal combustion engine.

Crankshaft offset of an internal combustion engine is surmised to be quite effective,
particularly against engine NVH, friction and slap noise (Cho er al, 2003; Nakayama er al,
2000). As it is mentioned earlier most modern engines are fitted with off-setted gudgeon pins

in order to have a smooth force transfer at the TDC. mainly during the power stroke. The
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same kind of effect is expected to be achieved by offsetting the crankshaft from the piston
axis. The side force acting on the piston exactly at the TDC is zero, if the crankshaft is in-line
with the piston axis, as the connecting rod and the crank-throw reside on a vertical line.

However, a few degrees before the TDC a net resultant force F, acts towards the Anti-thrust

side of the cylinder wall, while this reverses in direction a few degrees after the TDC, as
shown in Figure 7.31. Such a sudden force variation results in the piston slap noise. The
sudden rise in the side force can also lead to depletion of lubricant film, and thus undesirable
conditions. Offsetting the crankshaft towards the major thrust side is expected to smoothen

this force transformation.

It must be noted that change in the crankshaft position (offsetting), changes the orientation of
the piston crankshaft assembly. As the multi-body numerical model developed in this study is
parameterised, such a complicated change can easily be accomplished. Figure 7.32 shows the
variation of major thrust side force with the crankshaft offset for a four stroke engine cycle.
As can be seen an increase in the crankshaft offset progressively decreases the peak side force
during suction, as well as in the power stroke, while it slightly increases the force,

particularly in the exhaust cycle. Conversely, the force variation at the minor thrust side
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shows a slight reduction in the peak force at the suction stroke, while an increase is noted

during the compression and exhaust strokes.
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Figure 7.32 Major thrust side force variation with crankshaft offset
towards thrust side

These two graphs only represent thrust forces acting at the top edges of the piston (piston
position 1 and 2 in Figure 5.16). Almost similar variation can be seen at the lower edges as
well. However, the maximum thrust force between the piston skirt and the cylinder wall
exists on the major thrust side during the power stroke. With the crankshaft offset this peak
thrust force is considerably reduced, while the thrust forces at some other points slightly

varies as already discussed.
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Figure 7.33 Minor thrust side force variation with respect to the
crankshaft offset towards the major thrust side

The piston lateral motion becomes maximum in the negative x -direction during the suction
stroke (at crank angle of —320") and in the positive x — direction at the power stroke (at crank
angle of 40") for a 3mm offset towards major thrust side. The piston is translated within
these two limits during the four stroke engine cycle as shown in Figure 7.34. Along with the
crankshaft offset these maximum limits have been reduced as can be seen in the figure. On
the other hand, the displacements at other places such as at compression and exhaust strokes
have been increased. The crankshaft offset can be regarded as a process that smoothen the
dynamic behaviour of the piston. However, excessive increase in crankshaft offset would not
be supported by the numerical model and results shows a maximum of about 4mm is
possible with the current model. Excessive offset creates massive forces on the thrust side

thus EHL would need to support such a load which is not modelled.

Crankshaft offset is also regarded as a process to change friction forces, acting on the piston
skirt-to-cylinder wall. However, it is also reported that these variations are mostly dependent
on the engine operating speed (Cho er al, 2003). Additionally, the change in viscosity of the
lubricant changes the frictional force characteristics of the engine. However, the behaviour of

an internal combustion engine can be changed due to various reasons.
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A

8 CONCLUSIONS AND SUGGESTIONS FOR FUTURE

WORK

8.1 Overall Conclusions

The investigations in this thesis highlight the complexity of the piston, connecting rod,
crankshaft and flywheel multi-body dynamics. The problem is multi-disciplinary in nature
drawing the attention towards a multi-physics approach. It involves rigid inertial body
motions, component flexibility, tribological contacts and their thermal considerations.
Although the motion of the engine is largely prescribed, based on kinematics, induced by
combustion gas force, it is greatly affected by inertial dynamics, elastic distortion of the
flexible components and the complex nature of the power torque, comprising many
harmonics. Furthermore, the piston is subjected to small amplitude lateral and tilting motions,
which are induced by interactions between the piston and the cylinder bore, referred to as
piston secondary motion. Kinetics in the contact of the mating surfaces is affected by these
interactions, other than primary engine kinematics. Clearance between the piston ring and the
groove allows it to move relatively freely within its confinement, Higher lubricant pressures
are generated within the piston ring cylinder wall contact, which are highly transient in
nature. Generated pressures and viscous friction cause a temperature rise within the contact
that affects the rheological parameters of the lubricant. Therefore, the analysis includes
physical disciplines, such as tribology, heat transfer, flexibility, constrained multi-body

dynamics and small amplitude vibrations.

The regime of lubrication in crankshaft main bearings is considered to be hydrodynamic,
" even though the more modern main bearing lubrication problems with thin shells are solved
based on EHL conditions. The results obtained for these bearings illustrate that the
assumption is valid, with relatively large minimum film thickness existing in the case
considered, giving an eccentricity ratio in the range: 0.09-0.6. The complexity of the problem
is in combined solution of all the involved phenomena, all of which are non-linear in nature.

The solution is obtained quasi-statically such that the contribution of both lubricant
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entrainment and squeeze film effects can be seen. Particularly, at power stroke, the squeeze

film action is significant in these bearings.

All the results obtained for piston - cylinder wall interactions point to the dominance of the
hydrodynamic regime of lubrication, with relatively large minimum oil film thickness in the

range: 8—10um, and with relatively low generated pressures in the range of few MPa, even

at the thrust side under critical operating conditions, With the aforementioned pressure
distribution and the contact conformity, iso-viscous regime of fluid film lubrication prevails.
This is certainly the case in more unloaded parts of the piston cycle. When the speed of
entraining motion is significant such as in the mid-stroke of piston motion a lubricant film
can be retained and the coefficient of friction is quite low. At the TDC and the BDC, with
diminished entraining motion, the lubricant film thickness is sufficient in the case of the E6
engine to ensure fluid film lubrication. The approaching velocities of the contiguous bodies
are large enough to create necessary pressures or gaps through separation of solids, in order
to keep the two bodies apart. The results of this thesis, with particular regard to film thickness
have indicated that during the whole piston cycle the hydrodynamic conditions prevail in the
piston to cylinder wall contact, for the particular engine under investigation, although
boundary contributions have been noted at the dead centres on the case of piston ring to

cylinder wall contact.

The dynamic behaviour of the engine is greatly influenced by the inclusion of flexibility of
engine components. The difference in amplitude contributions at higher frequencies in the
spectrum (at higher engine orders, particular half-engine order multiples) between rigid and
flexible engine models provide the justification for their inclusion in the model. These
frequencies are found to be well below the modal response of ﬂexible parts for the
investigated engine. This may not be the case for more modern engines using lighter
constructions. Adverse effects would have been observed if the lower natural frequencies of
flexible compbnents would be c]o'ser to engine cxcitat_iod fréquencics, which can be the case

in some modern engines.

The thesis has achieved its primary aims and objectives with good correlation between its
analytical predictions and experimental measurements, for the case of engine dynamics.
Clearly, it is important to include details of the system up to a certain level that can represent

prevailing conditions quite accurately. However, this can lead to a very complex, as well as
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computationally inefficient numerical model that would tend to become impractical with
regard to analysis times from an industrial perspective. Thus, the inclusion of component
flexibility was confined only to the connecting rod, crankshaft and the flywheel. This can be

regarded as a simplifying assumption.

8.2 Contributions to Knowledge

The development of multi-physics multi-scale model of a single cylinder, 4-stroke internal
combustion engine model, which is verified to a certain extent against experimental findings
constitutes the méin contribution of this thesis. Development of such an integrative model,
which is able to predict structural integrity issues, tribological aspects and vibration concerns
in a simultaneous manner would yield to a better platform for design engineers. The 37
traditional approach of detailing one tribological conjunction at a time may not represent
better overall reliable results due to lack of proper inclusion of excitation and interplay
between various conjunctions, through inertial dynamics. Particularly, piston skirt-to-cylinder
wall interaction cannot be considered in isolation from piston primary, as well as secondary
motions. Such a conjunction may easily be affected by not only large rigid body kinematics,
but also from structural deformation, as well as tribological behaviour of crankshaft main
bearings. Therefore, development of such an integrated model can provide the necessary

information within a reasonable time limit.

8.3 Critical Assessment of the approach

Construction of an accurate numerical model depends on many aspects, since the model is
aimed towards examining system dynamic behaviour. Deformation of elastic members under
dynamic loads depends on mode shapes for various modal frequencies. Even though the
accuracy of these modal deformations is paramount, its accuracy is progressively increased
with an increasing number of elements. However, an increasing cdmputing power is needed
to solve such a model and thus, the number of elements used were based on experimentation,
which indeed neglects the higher frequency modes. The influence of higher frequency modes

during a low frequency excitation should not be under-estimated.

1-D analysis for the crankshaft bearing lubrication resolves the bearing reaction force into a

single component force acting at the journal bearing position. Even though the bearing width
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is considered for this analysis, the lubricant pressure reaction force variation along the
bearing axis within the confinement of the bearing width is not considered. This force
variation may lead to an in-plane and out-of-plane bending moments, Only a 2-D analysis of
the journal bearing can possibly be taken into consideration for these bending moments. Even
in such an analysis the accuracy is increased along with increased number of grid points,
which would dramatically add to the computation times. Extensive use of 1-D solution for
journal bearings in literature, in engine applications shows the general acceptance of the

method, even though, bending moments are not taken into consideration.

The piston-to-cylinder wall interaction is approximated to a line contact, even though a
conformal contact is prevalent at this conjunction. With the available kinematics and
geometry the film thickness varies along the circumferential direction, whereas the current
model considers this to be uniform within quarter of the circumference at the major and the
minor thrust sides. However, in reality the film thickness varies along the circumferential

direction.

In piston ring-cylinder wall interaction it is assumed that the film thickness is uniform
throughout the circumferential direction, which is not the actual case. The ring stiffness varies
along the circumference presenting less stiffness at ring edges. Such that the in-plane as well
as out-plane ring modes will be excited causing different film thickness along the ring

circumference and in worst cases collapse of film and blow-by to occur.

8.4 Suggestions for Future Work

As already highlighted above, some of the salient features of piston-connecﬁng rod-
crankshaft-flywheel sub-system need further developments. Inclusion of 2-D solution for
piston skirt and the crankshaft bearings, but with fast convergence would be required. Other

improvements of note that may be undertaken can include:

e The big-end and small-end bearings are not included in the current model. There are
only described by holonomic joints. The big-end bearing is subjected to global
motion other than the sliding motion inside the contact. Even the small-end bearing

undergoes global motion and it is subjected to heavy loads, while experiencing

relatively small entraining speed with high frequency reversals in the entraining
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direction. This makes the contact more complicated. Inclusion of such behaviours can

be quite important.

e Piston ring flexibility in terms of its global modal behaviour has not been included in
the current numerical model. Quite complicated mode shapes can be seen in piston
rings particularly due to geometry and material properties. Howefrer inclusion of at
least in-plane mode shapes that would directly influence the lubrication problem

would be quite important.

o Even though thermal effects in some of the contact conjunctions have been
considered, as well as its thermal effects on shear thinning of the lubricant, the global
thermal distortions of solids were ignored. Such an addition would be the most

important addition, particularly in cylinder liner behaviour.

¢ The flexibility of the engine block can easily be introduced in to the model using the
finite element methods and its noise emission to the environment can be subsequently
calculated by employing' the Boundary Element Method from the engine block to the

external environment.
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